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ABSTRACT

The revolutionary changes have taken place in the field of hydrostatic and hybrid journal
bearing from very slow speed radar to very high speed turbo machinery. These find
application in ultra precision machine tools requiring high stiffness to improve accuracy.
The growing demands from industries for higher speed applications and ability of hybrid
journal bearing to support heavy loads have necessitated to study the performance of
bearings in detail under more realistic conditions. However, the high speed operation of
bearings results in higher operating temperature of both lubricant and bearing surface.
Increase in bearing temperature poses a danger to bearing liner as well as to lubricant. It
not only degrade the performance of a bearing but also of machine itself. Also, an
increase in lubricant temperature reduces its viscosity and thereby changes the fluid-film
profile. Thus, analysis based on isothermal assumption predicts inaccurate value of
minimum fluid-film thickness and increase the risk of bearing failure.

The commonly used lubricants for bearing are mineral in nature and additives are added
to enhance bearing performance. Generally used additives are high molecular weight
polymers and used to control viscosity variation. The behavior of polymer added mineral
oil is no longer Newtonian due to non-linear relationship between shear stress and shear
strain rate. The most of the studies concerning analysis and design of hydrostatic/ hybrid
journal bearings have been carried out assuming the behavior of lubricants to be
Newtonian. There is lack of information concerning the non-linear behavior of viscosity
of the lubricant on the performance of non-recessed hybrid journal bearings.

A thorough scan of the available literature concerning the hydrodynamic and hydrostatic/
hybrid journal bearings indicates that the thermal effects together with non-Newtonian
behavior of lubricant due to additives mixed in the lubricants have been ignored in the
analysis to obviate the mathematical complexity. To the best of author’s knowledge, no
study is available which deals with thermohydrostatic performance of non-recessed
hybrid journal bearings operating with non-Newtonian lubricants.

Thus, objective of the proposed work is to investigate the influences of viscosity
variation due to temperature rise and non-Newtonian behavior of the lubricant on
performance characteristics of hole-entry hybrid journal bearing of symmetric and
asymmetric configuration compensated with constant flow valve, capillary and orifice

restrictors and slot-entry hybrid journal bearing. To obtain thermohydrostatic (THS)
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performance characteristics of a non-recessed hybrid journal bearing system operating
with non-Newtonian lubricant, the solution of relevant governing equations, i.e.
Reynold’s equation, Energy and Conduction equations, are required. The generalized
Reynold’s equation is solved by taking the flow of lubricant through restrictor as a
constraint, along with relevant boundary conditions. This equation is used to determine
the pressure distribution in the clearance space between journal and bearing. The non-
Newtonian effect is introduced by modifying the viscosity term using cubic shear stress
law and power law as constitutive equation. The heat generated due to viscous friction
increases the temperature of the lubricant film which changes its viscosity. To predict
temperature field in the film and the bush, 3D energy equation together with 3D
conduction equation is required to be solved simultaneously to establish the equilibrium
of heat flow from lubricant to surrounding through the bearing bush. The conduction
equation is solved using appropriate heat transfer boundary conditions along free surface
of the bush. The temperature of lubricant at supply hole is assumed constant.

The temperature distribution obtained in film and bush changes lubricant viscosity. The
change in the viscosity due to temperature rise and non-Newtonian behavior changes the
fluid film thickness profile and converged coupled solution is obtained by simultaneously
solving Reynold’s, energy and conduction equations.

The finite element method is used to compute the pressure and temperature distributions
for the coupled thermohydrostatic (THS) problem. The system equations for the
discretized solution domains are obtained using relevant governing equations, employing
Galerkin’s method and usual assembly procedure. The lubricant flow field is discretized
in two-dimension for the solution of Reynold’s equation and in three dimensions for the
solution of energy equation. The derived system equation for solution of Reynold’s
equation is modified to maintain continuity of the flow between bearing and restrictor.
The modified system equations are linear in case of capillary and constant flow valve
compensated bearings. For an orifice compensated bearing, modified system equation
becomes nonlinear and to solve these nonlinear equations, Newton-Raphson method is
used. A computer program developed for this study is general and capable of handing
lubrication problems for the rigid journal bearings operating in hybrid mode of operation
and considering the variation of viscosity due to rise in temperature and non-Newtonian
behavior of the lubricant. The developed program can also be used for computing the
performance characteristics of plain hydrodynamic journal bearing by changing the

operating and geometric parameters, which is used for establishing the validity of present
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analysis, solution scheme and the program. The static equilibrium position of the journal
center for a given vertical load is obtained using an iterative loop. To obtain the solution
of thermohydrostatic (THS) problem, nested iterative loops are used.

The performance characteristics of both symmetric and asymmetric non-recessed hole-
entry hybrid journal bearings compensated with constant flow valve, capillary and orifice
restrictor and slot-entry bearings are presented. The variation in the bearing performance
characteristics is studied for a wide range of bearing parameters. The computed results
are discussed in graphical as well as in tabular form to draw conclusions. A comparative
study of non-recessed hybrid journal bearings compensated with different restrictors and
slot-entry hybrid journal bearing is carried out so as to assess the relative changes in

bearing performance.

It is observed that at a constant external load (W,) for a non-recessed hybrid journal

bearing system operates at reduced value of minimum fluid-film thickness (h,,;,) because

of reduction in viscosity of lubricant due to temperature rise and non-Newtonian
behavior. There is an increase in the oil requirement for a hybrid journal bearing with the
specified operating and geometric parameters, when the viscosity of the lubricant
decreases due to the rise in temperature and non-Newtonian behavior of the lubricant. In

case of capillary, orifice compensated bearings and slot-entry journal bearings, the
percentage increase in the value of lubricant flow (Q ) is observed to be of the order of

38.5%, 18.4% and 18.1% respectively for symmetric configuration and of the order of

27.8%, 8.8% and 4.6% respectively for asymmetric configuration operating with non-
Newtonian lubricant with non-linearity factor K =1.0 as compared to Newtonian case

(K =0.0). A comparative assessment of non-recessed hybrid journal bearings is carried
out for the same bearing operating and geometric parameters. In general, a constant flow
valve compensated non-recessed hybrid journal bearing gives superior performance from
the point of view of film thickness and stability parameters.

The study indicates that bearing performance parameters like minimum fluid-film
thickness, stiffness coefficient and stability margin are changed due to variation of
viscosity because of temperature rise and non-Newtonian behavior of the lubricant for the
chosen bearing configurations. Thus, to generate more realistic bearing characteristics
design data, these effects are essential to be considered in the analysis. The results

presented in the thesis are expected to be quite useful to the bearing designer.
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CHAPTER 1

INTRODUCTION AND LITERATURE REVIEW

Bearings have existed since the first skid-supported wheel barrow was used by primitive
man. With the invention of the wheel, efficient and robust bearings became a necessity
since so much force is applied to the small area of the bearing surface. Lubrication of
wood bearings probably started with animal fat grease. After metals were discovered,
they were soon applied to wheel bearings.

It was with the eighteenth century industrial revolution that bearings came to the forefront
of engineering endeavor. Machine speeds increased dramatically and bearings were
central to rotary and linear movement. In addition, accuracy and repeatability of
positioning rose in emphasis. The nineteenth century advent of railroad trains sparked
further development in bearing technology. During World War 11, bearing factories were
an important bombing target because of their pivotal role in keeping the enemies' war
effort rolling. In this world of increasing mechanization, the bearing in its various shapes
and forms is being called upon to shoulder an even greater and more responsible role.
Today, bearing design continues to progress with advanced materials and new geometries
enabled by computer-aided design (CAD). Computer Aided Manufacturing, such as
computer numerical controlled (CNC) machining, has drastically improved the accuracy
of bearings produced on mass scale.

No other element in machines is subjected to severe operating conditions as is the bearing
system. Some bearings are well designed and run for 20 to 25 years with no trouble.
Others, operating under more unfavorable circumstances and/or of poorer design need to
be replaced quite frequently. When properly designed, range of application and
performance of the journal bearing is literally amazing. In general, operating speeds may
vary from zero to tens of thousands of revolution per minute depending upon application.
The load may range from nothing up to 35 MN/m? or actually, in certain extreme cases,
165MN/m? of the projected area. Different types of lubricants are used in journal bearing
system. Bearings run successfully on water, oil, alcohol, acid, molten metal, liquid
refrigerants, gasoline, greases or even air.

The frequent maintenance of machines is not affordable and their reliability must be high.

Therefore, the bearings should be designed on the basis of the more realistic data and



these should operate with consistent performance over a longer period of life even after
the oil is contaminated due to wear and tear or otherwise.

In journal bearing system, surfaces of the loaded member and bearing are separated by a
pressurized film of lubricant. The pressure in the film can be generated through the
relative motion of the surfaces or externally. The first of these is known as hydrodynamic

lubrication and second as hydrostatic lubrication.

1.1 HYDRODYNAMIC JOURNAL BEARINGS

The prime aim in lubrication is to separate the faces completely by a fluid film. This
eliminates wear and considerably reduces the friction losses. The pressure in the lubricant
film in hydrodynamic bearings is generated by wedge-action where the relative
movement of the surface drags the lubricant into decreasing space. The resultant of the
bearing film forces, which act normally to the journal at each point around the bearing,
will be equal and opposite of the externally applied force on the shaft. For given
eccentricity of the journal with in the bearing, the pressure force giving rise to the
hydrodynamic load is primarily dependent upon speed, viscosity and bearing projected
area. The starting and stopping is the chief cause of wear in the hydrodynamic bearing
because there is no pressurized fluid film present to avoid the contact of two bearing

surfaces at zero operating speed.

1.2 HYDROSTATIC JOURNAL BEARINGS

The term hydrostatic is quite common and most generally used word to describe the
externally pressurized bearings with flow control devices. Hydrostatic bearings have
found increasing applications in various machines owing to their large number of
favorable characteristics such as high load carrying capacity, increased minimum fluid-
film thickness, long life and increased support damping and thus make them attractive for
various applications such as high speed turbo-machinery, machine tool spindles, reactor
coolant pumps, liquid rocket engine turbo-pumps and precision grinder spindles. In view
of the many favorable advantages, the hydrostatic bearings are being considered as
alternatives to rolling element bearings and have been employed very successfully for
many years in low speed machines which require high load supports and low friction. The
hydrostatic journal bearing configuration is shown in the Fig. 1.1. Considerable work has
been published on the steady state performance and dynamic performance of the

hydrostatic journal bearing system.
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Fig. 1.1: Hydrostatic journal bearing configuration

1.3 HYBRID JOURNAL BEARINGS

During the last few decades, the industrial trend towards higher speed applications
compelled bearing designers to improve the performance of hydrostatic journal bearings
and to develop the alternative configurations in order to meet these stringent
requirements. Therefore, the hybrid journal bearings have been developed and used
successfully in machines, which operates under high speed and heavy loading conditions.
A hybrid bearing combines the physical mechanisms of both hydrostatic and
hydrodynamic bearings. Hybrid bearings have advantages over purely hydrodynamic
bearings in that wear is avoided on starting and stopping. An advantage of hybrid bearing
over purely hydrostatic bearings is the ability to tolerate substantial loads over and above
the normal design load. Also these bearings have advantages for withstanding heavy
dynamic loadings which vary widely in the direction of rotation. In the plain hybrid
bearings the recesses in the bearing surfaces are avoided in order to maximize the
hydrodynamic effect.

There are basically two types of the plain hybrid bearing depending upon whether the
feed is by hole-entry or slot-entry. In slot-entry type the restrictors are formed by a slotted
shim fabricated into the bearing. The slot-entry bearing need finer filtration to prevent
gradual silting of the slot restrictors. The hole-entry bearing is fed by rings of the holes,
each hole forming a separate restrictor. Hole-entry bearing may be more prone to
complete blockage of a restrictor due to a single particle of debris which was not flushed
out of the system on assembly. Hole-entry and Slot-entry bearings may be designed in
single-row and double row configurations. Fig.1.2 shows a single-row and double row
hole-entry journal bearing configurations. Symmetric and asymmetric configurations are

the most popularly used among the hole-entry and slot-entry journal bearings. The



asymmetric configuration has an advantage of having load carrying capacity even at zero

eccentricity. The symmetric and asymmetric hole-entry and slot-entry configurations

(@) (b)

Fig.1.2: Hole-Entry journal bearing (a) Single row (b) Double row

having 12 holes and 6 holes per row respectively are shown in Figs. 1.3 and 1.4. The
hole-entry bearing has the advantage of ease in manufacture and a further improvement
over the slot-entry bearing at high speeds and at very high eccentricity ratios. The load
carrying capacity at zero speed is reasonably similar to slot entry bearing. A well
designed hole-entry configuration is less disruptive of hydrodynamic pressure than even
slot entry bearing.

In recent times, the non-recessed hybrid journal bearings are being used under severe
conditions of high speed and heavy load. The continual growth of technological advances
and industry’s expanding demands for higher speed applications and the ability of
hydrostatic/hybrid journal bearings to support heavy loads have necessitated to study the
performance of these bearings in detail under more realistic conditions.

The hybrid journal bearings are generally designed using bearing characteristic data with
assumptions that they operate with isoviscous lubricants. However, the high speed
operation of hybrid bearings results in higher operating temperature of both lubricating
film and bearing surface. Further, rise in lubricant temperature will reduce the viscosity
and thereby changes fluid-film thickness. Thus, analysis based on isothermal assumption
predicts inaccurate minimum fluid-film thickness and thereby increasing the risk of
bearing failure. The lubricants used to lubricate the bearings are mineral in nature and

additives are added to them to enhance their performance during lubrication. Generally
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used additives are viscosity improvers or viscosity thickeners, which are high molecular
weight polymers, used in order to control viscosity variation under operating conditions.
The behavior of polymer added mineral oil is no longer Newtonian and there is non-linear
relationship between shear stress and shear strain rate, called non-Newtonian behavior.
The most of the studies concerning analysis and design of hydrostatic/ hybrid journal
bearings have been carried out assuming the behavior of lubricants to be Newtonian.
There is lack of information concerning the non-linear behavior of viscosity of the
lubricant on the performance of non-recessed hybrid journal bearings. A brief review of
the available literature on journal bearing system with a special emphasis on

hydrostatic/hybrid journal bearings is present in the following section.

14 LITERATURE REVIEW

In order to study the influence of viscosity variation on the performance of non-recessed
hydrostatic/hybrid journal bearings, the literature pertaining to these classes of bearings
was scanned. Since, during the last few decades, a very large number of studies
concerning the hydrostatic/hybrid journal bearings have been carried out and reported in
literature. It is rather difficult to present and report all the studies here and thus review of
the available studies in the following sections reveals the development of
hydrostatic/hybrid journal bearings and influence of some of the parameters such as
supply pressure, flow control devices, bearing geometry, fluid compressibility, fluid
inertia, flow regimes, journal misalignment, bearing flexibility, surface roughness, non-
Newtonian lubricants and thermal effects etc. on the performance of the journal bearing

system so as to have a logical conclusion.

1.41 DEVELOPMENT OF HYDROSTATIC/HYBRID JOURNAL BEARINGS

Extensive literature is available on the analysis and design of hydrostatic journal bearing
systems. Raimondi and Boyd (1957) first presented a complete theoretical analysis for
multirecess hydrostatic journal bearing based on one-dimensional flow mode. Ripple
(1963) subsequently presented detailed analysis, design procedure and design data for
various configurations of externally pressurized oil bearings including a multirecess
hydrostatic journal bearing. Kher and Cowley (1967) presented both theoretical
andexperimental results for a four-recess hydrostatic journal bearing. Hunt and Ahmed

(1968) investigated the effect of rotation in six- pocket hydrostatic journal bearing with



capillary compensation. Davies (1969) presented a general theoretical analysis for
multirecess hydrostatic journal bearings, taking into account the effect of shaft rotation.

Ghigliazza et al (1970) proposed a procedure of direct computation characterizing the
externally pressurized journal bearing performances without the iterative methods that are
normally required. Shires and Dee (1967) proposed the idea of slot-entry bearing
originally for a purely hydrostatic bearing application. Slot-entry bearings are originally
developed by Dee and described by Dee and Shires (1971). It has been shown by Stout
and Rowe (1974a, 1974b, 1974c) that the increased land area due to the absence of
recesses is an advantage for hydrodynamic and dynamic performance of a non-recessed
hybrid bearing. Rowe et al (1976) showed that when hole and slot-entry journal bearings
are compared with recessed hydrostatic and hydrodynamic bearings on load basis alone,
the slot-entry journal bearing has a greatly superior performance to the recessed
hydrostatic bearing for a given supply pressure. The advantages of the slot-entry journal
bearing over axial groove hydrodynamic bearings were also demonstrated. From studies
and initial experimental results Rowe and Koshal (1977) found that there are areas of
operation where slot-feed journal bearings have considerable advantages over recessed
bearings. Slot-entry bearings are more suitable for heavily loaded conditions including
high dynamic loading. The new method of optimization of hybrid journal bearings
proposed by Rowe and Koshal (1979) shows that the plain hybrid journal bearing is more
economical in terms of load per unit power when compared with a recessed hydrostatic
bearing. Koshal and Rowe (1981a,1981b) investigated theoretically and experimentally
oil-lubricated plain hybrid bearings to determine the hybrid journal bearing performance.
It has been demonstrated that when two rows of inlet lubricant sources are employed in a
plain hybrid bearing, greater load-carrying capacity is obtained by positioning the entries
near the ends of the bearing. Rowe et al (1982) concluded that hole- entry bearings may
be particularly effective when compared with other bearing configurations for good load
support and low energy consumption, when used in any of the four modes of operation
including: zero-speed hydrostatic mode, high-speed hydrodynamic mode, zero and high-
speed hybrid mode and jacking mode where areas are pressurized for start-up. In case of
asymmetric hole-entry journal bearing configuration hole diameter ratio less than unity is
favorable for pure hydrostatic support, while for high-speed operation at high eccentricity
ratio, a hole diameter ratio of greater than unity is favorable. El-Kayar et al (1983)
presented a two dimensional finite difference solution to predict the performance

characteristics of hole-entry orifice compensated journal bearings. They concluded that



the load carrying capacity, fluid film stiffness, lubricant flow rate and frictional torque
increases with increase in the bearing design parameter, eccentricity ratio and speed
parameter. Rowe and Chong (1986) computed the dynamic coefficients for slot-entry
hybrid journal bearings. Vermeulen (1987) experimentally studied the pressure cut-off
behavior of a slot-entry pivoting pad by measuring shaft torque and gap voltage. Ives and
Rowe (1987) theoretically analyzed the slot-entry bearings of various symmetrical and
asymmetrical inlet port configurations by finite difference method. Ives et al (1988)
compared the performance of conventional jacking type generator bearings with that of
an asymmetric slot-entry bearing with a similar but optimized geometry. Their study
showed that the improved load support could be achieved by adopting an optimized slot-
entry configuration. A comprehensive review regarding the development of hydrostatic
and hybrid journal bearing also presented by Rowe (1989). The studies by Sharma et al
(1990) investigated the performance characteristics of hole-entry journal bearing
compensated by orifice and capillary restrictor for a wide range of deformation
coefficients. These studies indicated that the critical journal mass for the symmetric hole-
entry compensated flexible journal bearing at a given external load reduces with increase
in bearing shell flexibility. Xu (1994) carried out an experimental study for various non-
recessed bearings including slot-entry and hole-entry bearings. Cheng and Rowe (1995)
presented a computerized selection method for externally pressurized journal bearings
including the slot-entry journal bearing with respect to bearing type, configuration, fluid
feeding device, bearing material and production techniques. Braun and Dzodzo (1995a)
studied the effects of pocket depth on the flow patterns and pressure magnitudes in a
hydrostatic pocket. It was found that the deep pockets show a lesser degree of coupling
between pocket flow and clearance flow than shallow pockets. The transversal pressure
distributions under runner are highly dependent on whether the flow is dominated by
rotation of runner or by strength of hydrostatic jet. Also, the effects of pocket shape (not
depth) on the flow patterns and pressure magnitudes in a hydrostatic pocket have been
presented by Braun and Dzodzo (1995b). For studying the effects the flow was modeled
by taking into consideration both geometry of a portion of feedline and lands adjacent to
pocket. Braun and Dzodzo (1997) clearly established that for both Couette dominated
flow and jet dominated flow, the pressure varies significantly in pocket in circumferential
direction while its variation is less pronounced axially. Sharma et al.(1997) studied the
Static and Dynamic performance characteristics of slot-entry journal bearing using finite

element method A recent study by Sharma et al (1999a) demonstrated that a slot-entry



journal bearing configuration may provide enhanced performance compared with other
non-recessed bearing configurations. Owing to the application of non-recessed hybrid
journal bearings in high speed machinery, it has become necessary that their transient
response should be studied in order to ensure the stability of the system at high speed of
operation. Kumar et al (1999) analyzed the effect of rate of acceleration and deceleration
on the journal movement during stating and stopping of hole entry journal bearing. It has
been concluded that journal centre position after acceleration and deceleration depends on
the rate of acceleration and rate of deceleration respectively.

A comparison of the performance characteristics of compensated hole-entry and slot-
entry journal bearing including bearing flexibility presented very recently by Sharma et al
(2000a) for same concentric pressure ratio of 0.5. Braun et. al. (2002) studied flow
patterns and pressure profiles inside of, and on adjoining seals of a hydrostatic pocket.
The flow structure of jet and its interaction with flow in pocket itself was visualized by
using long distance microscopy. Most of the research work pertaining to non-recessed
journal bearing assumes standard symmetric and asymmetric configurations. However,
many more configurations are possible by changing the position of hole which may
improve the performance of the hole-entry journal bearing. Kumar et al (2004a) studied
the performance characteristics of hole-entry journal bearing of different configurations

and identified the best possible configuration.

142 PARAMETERS AFFECTING THE BEARING PERFORMANCE

The review of the available studies in the following sections reveals the influence of
various parameters such as supply pressure, flow control devices, bearing geometry, fluid
compressibility, fluid inertia, flow regimes, journal misalignment, bearing flexibility,
surface roughness, Non-Newtonian lubricant and thermal effects etc. on the performance

of the journal bearing system.

SUPPLY PRESSURE

The supply pressure is found to have pronounced effects on the performance of

hydrostatic journal bearings as it governs the hydrostatic load. Ho and Chen (1979)
experimentally obtained performance characteristics of a six-pocket capillary-
compensated hydrostatic journal bearing with pockets of non-uniform depth. It has been
observed that load capacity increase with speed at low supply pressure i.e 0.689 MN m™
but decreases slightly with speed at high supply pressure (6.89 MN m?). At supply

pressure of 0.689 MN m?, the dimensionless stiffness of the bearing at a given

10



eccentricity generally increases with the shaft speed. As the supply pressure was raised,
there was a gradual reversal of the trend observed at low supply pressures. At 2.756 MN
m the stiffness value can be regarded as practically independent of the shaft speed. At
6.89 MN m™ the stiffness value for a given eccentricity decreases with shaft speed
probably because of the greater influence of the hydrostatic effect for higher supply
pressures. For a supply pressure of 8.957 MN m stiffness values increases with shaft
speed, similar to the behavior observed at low supply pressures. In their extended work
Ho and Chen (1984) investigated the pattern of the pressure distribution in a six-pocket

hydrostatic journal bearing with pockets of non-uniform depth subjected to a range of
static load and speed. Lubricating oil was supplied at pressures up to 6.890 MN m™. Qil
film pressure measurements were made by means of a miniature pressure transducer
embedded in the test shaft. It has been found that the bearing behaved as a hybrid bearing
in which the film pressures were generated by both hydrodynamic and hydrostatic effects.
El-Sherbiny et al (1984a) dealt with the optimum design of multi recess hydrostatic
journal bearings for maximum load carrying capacity. It has been concluded that bearings
with large clearances and pressure ratio of about 0.5 are optimal for the applications
involving high supply pressures. It has been observed that the optimum dimensionless
load capacity decreases with pressure ratio for low supply pressures till a peak is reached
at pressure ratio 0.5 for high supply pressures. Further the author (1984b) has presented
the optimization study to minimize total power loss in hydrostatic journal bearings. It is
found that for minimum power loss, pressure ratio is near to 0.5 is the ideal figure. Also
viscous oils and high supply pressures are not recommended. Area ratio 0.5 gives good
compromise between high load capacity and low power loss. So and Chen (1986) has
described the dynamic response of journal due to pressure variation of externally
pressurized fluid in the recess, acting as an unbalance load on journal. It has been
observed that when the recess pressure is dropped below the hydrodynamic pressure
generated by the fluid film than convergent solution cannot be obtained. So, hydrostatic
pressure is made to drop in several steps. It has been found that the dynamic response of
hybrid journal bearing due to a sudden decrease in hydrostatic pressure not only depends
.on the initial operating conditions, including the rotational speed of the journal and
eccentricity ratio but also on the magnitude of the hydrostatic pressure drop. If both initial
eccentricity and journal speed are high, the journal will quickly find a new equilibrium

position. Mehta and Rattan (1993a, 1993b) found that the dynamic performance

11



characteristics of three-lobe pressure-dams bearing are far superior to that of an ordinary

three-lobe bearing.

FLOW CONTROL DEVICES

In order to carry a load, a multi-recess hydrostatic bearing supplied with a single pressure

source requires compensation devices. These devices are known as restrictors and they
allow the recess pressure to differ from each other. Commonly used restrictors in
externally pressurized bearing systems are capillary, orifice, and constant flow restrictor
or variable flow restrictors as membrane restrictors.

It has been observed by Malanoski and Loeb (1961) and Ling(1962) that the performance
of a hydrostatic bearing system is governed by the restrictors to a very large extent.
Mohsin (1963) showed that the use of a membrane restrictor to compensate hydrostatic
bearing enhances the static and dynamic stiffness of a bearing and reduces the power
requirement. Investigations of Degast (1966) also advocated the use of membrane
restrictors as compensating elements in hydrostatic bearing system to obtain better
performance characteristics. The performance of hydrostatic journal bearing compensated
by membrane type variable restrictor was studied by Cusano (1974) and concluded that
for a given bearing geometry, the load carrying capacity and fluid film stiffness of
bearing are strongly dependent on the membrane compliance, the pressure ratio and
eccentricity ratio. Cusano and Conry (1974) further analyzed the multi-recessed
hydrostatic journal bearings with a design criterion from the point of view of minimum
total power loss. Design charts for capillary and orifice compensated bearings has also
been presented.

Under cold conditions, starting problems can arise due to different temperatures in the
bearing and control system where capillary control is used. When a bearing is to be
operated over a wide variation of viscosity due to temperature changes, the use of orifice
control is restricted by the effect of viscosity on the bearing pressure ratio. O’Donoghue
(1972) found that both of these problems can be solved by use of a parallel feed system.
The capillary will act as a by-pass for the orifice at low viscosity, and vice versa for high
viscosity. Pande and Somasundaram(1979) has analyzed a four-pocket externally
pressurized journal bearing with a position sensing variable restrictor. They emphasized
the superiority of position-sensing variable restrictors over conventional restrictors

Mori et al.(1975) and Qsumi et al.(1985) mentioned that the hydrostatic bearings with a
self controlled restrictor sometimes exhibits a large displacement of the shaft than

hydrostatic bearings with capillary or orifice restrictors under dynamic loads. According
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to those reports, this phenomenon was observed at the conditions when infinite or
negative stiffness was obtained. Yoshimoto et al. (1990) proposed a hydrostatic bearing
with a self controlled restrictor employing a floating disk. Subsequently it was
demonstrated that the proposed bearing could achieve a very high static bearing stiffness
over a wide range of imposed load independent of supply pressure and viscosity of
operating fluid. In his extended work Yoshimoto et al (1999) investigated theoretically
and experimentally the step response characteristics of hydrostatic journal bearings. By
controlling the mass flow rate of the fluid entering the bearing clearance using a floating
disk, bearing can achieve very high static stiffness, which is needed in precision devices.
It has been found that the proposed bearing can achieve very high static bearing stiffness
and shows consistently stable step response irrespective of the step load direction.
Palzewicz (1992) presented theoretical and experimental test results of hydrostatic journal
bearing which do not have pressure chamber between bush and the journal. A multiple
radial throttling system, which consists of capillary and orifice, has been adopted as
compensator. Jain et al.(1992) carried out theoretically a comparative study of the
performance of a multirecess flexible journal bearing using different types of
compensating devices, namely capillary, constant flow valve, orifice and membrane
restrictors, for hydrostatic as well as hybrid modes of operations. It has been observed
that the proper selection of the type of restrictor, in conjunction with the value of
deformation coefficient may provide improved bearing performance.

It has been observed that the flow control devices, when properly selected and tuned, can
deliver excellent bearing performance. However, these devices add to the complexity of
the bearing and they are sensitive to the manufacturing errors. Kotilainen and slocum
(2001) has designed, manufactured and tested a self-compensating hydrostatic bearing.
Self-compensating bearings do not need any external devices to achieve load carrying
capability. Kane et al (2003) developed angular surface self-compensated hydrostatic
rotary bearing. It does not use capillaries or orifices or complex network of passageways
to route fluid, so the cost is low. Sehgal et al (2003) has applied a methodology “fault
tree-a digraph approach” to journal bearing oil supply system in a power plant
application. The analysis of the fault-tree aids the design and practicing engineers in

design and development of reliable, safe and productive tribo-mechanical systems.

BEARING GEOMETRIC PARAMETER
O’Donoghue and Rowe (1968, 1969) developed a design method for externally

pressurized bearings based on pad load and flow coefficients which depend only on
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geometric shape and the proportion of bearings .The authors concluded that the recessed
journal bearing with aspect ratiol.0, land width ratio 0.25 and pressure ratio 0.5 has
optimum geometry . In their extended work O’Donoghue et al (1969) and Rowe et al
(1970) discussed the procedure for the optimization of externally pressurized bearings on
the basis of minimum power consumption and obtained optimum bearing land width ratio
0.25. O’Donoghue (1970) found that the use of pocket length instead of average land
causes some inaccuracy in the hydrodynamic term. Gosh (1973) analyzed the capillary
compensated oil-lubricated externally pressurized journal bearing having four rectangular
recesses. The analysis is based on an exact solution of the pressure distribution over the
bearing land area. It has been established that the maximum value of the load carrying
capacity depends on the circumferential sill length and the restrictor design parameter.
Davies (1976) studied the dynamic behavior of capillary and orifice compensated
hydrostatic journal bearing with short land. The results have been presented using
different numbers of recesses in the bearing. It has been concluded that the whirl
instability condition for the bearing was independent of the number of recesses in a
bearing. Rowe and Koshal (1980) presented a useful design strategy for non-recessed
bearing which maximize the hybrid load carrying capacity for minimum total power
dissipation. It has been shown that if the land width ratio is decreased from 0.25 to 0.1 a
greater load can be carried by the bearing owing to the availability of the bearing area of
the central land. The authors concluded that the bearings having the land width ratio 0.1,
aspect ratio 1.0 and power ratio between 3 to 6 gives maximum load carrying capacity for
minimum total power dissipation, at concentric pressure ratio of 0.5.

Ghosh and Majumadar (1980) presented computer generated design data for capillary and
orifice compensated multi recess hydrostatic journal bearings in terms of load capacity,
oil flow and recess pressure. They concluded that number of recess has very little effect
on either load capacity or oil flow of the bearing. They also observed that oil flow
decreases with increase in aspect ratio. Yoshimoto et al (1988) presented the results of a
theoretical investigation of the effect of variations in the pocket size on the load capacity
of hole-entry hybrid journal bearing employing capillary restrictors. It has been
concluded that at zero speed, increasing the pocket/diameter ratio raises the load capacity
by enhancing the hydrostatic effect. At high speed large pockets provide the leakage path
for hydrodynamic pressures, so in this case, decreasing the pocket/diameter ratio
increases the load support by restricting the size of the leakage path and maximizing the

area available for hydrodynamic load support. It has been observed that decreasing the
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number of inlet capillaries greatly reduces the load capacity at zero speed while
increasing the load capacity at high speed. The hole entry bearing with 12 capillaries per
row and pocket/diameter ratio of 0.1 has a load capacity comparable with the continuous
circular slot entry bearing at zero speed and high speed.

Singh et al (2004) studied the performance of an externally pressurized multirecess
hydrostatic/hybrid flexible journal bearing system by varying the geometric shape of
recess and using the membrane flow valve restrictor as a compensating element. The four
different recess geometries of the bearing studied are square, circular, elliptical and
triangular. It has been concluded that the shape of recess/pocket of a hydrostatic/hybrid
flexible journal bearing system affects the performance of the bearing quite appreciably
and a proper selection of recess shape along with a suitable compensating device is

needed to get an improved performance from the bearing.

FLUID COMPRESSIBILITY

Liquids are usually considered to be incompressible for most bearing performance

calculations. However, at higher pressure, the compressibility of the lubricant become
significant and affects fluid film stiffness and damping of journal bearing system. Many
researchers have studied the effects of recess volume fluid compressibility on dynamic
behavior of hydrostatic journal bearing. It was shown by Opitz et al (1969) that recess
volume fluid compressibility effect can have significant influence on the dynamic
behavior of hydrostatic spindle bearing system. Rhode and Ezzat (1976) showed that
recess volume fluid compressibility effect can significantly alter the dynamic
characteristics of hydrostatic bearings. It has been noted that the stiffness and damping
coefficients depend on the frequency of excitation. It was also observed that for hybrid
mode of operation, there was a decreasing trend of crosscoupling coefficients with
increase in excitation frequency that in turn improves bearing dynamic response and
stability.

Ghosh and Viswanath (1987) studied the plain vibration characteristics of multirecess
hydrostatic journal bearings. Recess volume fluid compressibility results in the frequency
dependent dynamic coefficients have also been taken into account. It has been found that
dynamic coefficients alter drastically within a useful range of frequency parameter and
recess volume parameter. This results in increased direct stiffness and decreased direct
damping coefficients. Journal speed parameter results in substantial magnitude of cross
stiffness and cross damping coefficients which plays an important role in deciding the

stable operation of the bearing. Ghosh et al (1989) investigated the effect of recess
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volume fluid compressibility and found that when this effect is large, the bearing behaves
more likely a liquid spring. They concluded that for a given bearing geometry the
dynamic force response would be dependent on the frequency of vibration, the recess
volume compressibility parameter and the speed parameter. Whirl instability may arise in
the low frequency range where the recess volume compressibility effect is negligible.
Andres (1991) introduced a theoretical model for dynamic performance characteristics of
capillary and orifice compensated hydrostatic journal bearings. The analysis considered
the effect of fluid recess compressibility in detail. It was reported that at high frequency
of excitation beyond break frequency, the bearing hydrostatic stiffness increases sharply
and it is accompanied by a rapid decrease in direct damping. Also, the potential of
pneumatic hammer instability (negative damping) at low frequencies is likely to occur in
hydrostatic bearing applications handling highly compressible fluids. Hydrostatic journal
bearings with a roughened bearing surface could be an appropriate alternative for better
bearing stability and dynamic performance.

Andres (1992b) developed an approximate solution for the pressure field in a symmetric
hydrostatic bearing with it’s journal centered within the bearing clearance. The effect of
recess volume fluid compressibility has been included in the analysis and introduced a
model for a hydrostatic journal bearing with end seals. It has been shown that bearings
have increased damping, better dynamic stability characteristics and low flow rates than
conventional hydrostatic journal bearings. End seals compensate for the effect of fluid
compressibility within the recess volume and prescribed a net reduction in whirl

frequency ratio for hybrid operation.

FLUID INERTIA

The mass of the fluid is generally neglected in the analysis of journal bearing systems.

However, with the use of low viscosity fluids and owing to the fact that the present day
machinery is operated at high speed, the effect of fluid film inertia may be quite
significant. Redecliff and VVohr (1969) introduced a model for turbulence flow hydrostatic
journal bearings. It has been shown that fluid inertia give rise to lower flow rates if
compared to inertia less solution, without affecting the bearing load capacity. They tested
liquid oxygen and liquid hydrogen bearing to be used in rocket turbo-pumps. Heller
(1974) presented a similar numerical solution, which included the local effect of fluid
inertia at recess edges. A six pocket hybrid bearing was tested with water. Experiments
showed that fluid inertia considerably affects flow rates in comparison to the prediction

which based on the analysis excluding this effect. Deguerce and Nicholas (1975)
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presented predictions which compared well with Heller’s measurements although the
analysis neglected fluid inertia edge effects. Artiles et al (1982) presented a well-
documented numerical method for prediction of static and dynamic force performance of
turbulent hydrostatic journal bearing. The analysis includes the local effect of fluid inertia
at recess edges. It has been shown that fluid inertia effects are important for the cryogenic
sample bearing presented. The results also indicate large bearing power losses for high
Reynolds numbers flow. Braun et al (1984) developed a computer algorithm to simulate
the behavior of hydrostatic/hybrid bearings for space shuttle machine engine cryogenic
turbo pumps. Their algorithm included the effects of inertia at recess edges, cavitations,
variable fluid properties and bearing surface roughness.

Guha et al (1989) investigated the effect of fluid inertia over the bearing lands on the
rotordynamic coefficients of multirecess hybrid bearings. It has been shown that only two
direct stiffness coefficients are influenced by the fluid inertia from among the eight rotor-
dynamic coefficients of the bearing while damping coefficient is not influenced by fluid
inertia. Whereas, it reduces the dynamic stiffness coefficients.

High-speed hybrid bearings for cryogenic applications demand large levels of external
pressurization to provide substantial load capacity. These conditions give rise to large
film Reynolds numbers, and thus, cause the fluid flow within the bearing to be highly
turbulent and dominated by fluid inertia effects both at the recess edges and at the thin
film land regions. Andres (1990a, 1990b) considered the fluid inertia effects for the
turbulent hybrid journal bearing performance. The analysis includes model for the
pressure rise within the recess region. It has been concluded that fluid inertia effect at
film land causes a hybrid bearing to operate at higher attitude angles. Direct stiffness
coefficients decreases while direct damping and cross film stiffness coefficient increases
due to fluid inertia .The results shows that the dynamic performance of hybrid bearing
has improved by 27%, if a roughened bearing surface is used. His study highlights the
reduction in the hydrostatic force while increasing hydrodynamic force substantially
because of the fluid inertia effect. In his extended work Andres (1992a) analyzed the
turbulent flow of a barotropic liquid in a hydrostatic bearings. The effects of land and
recess-edge fluid inertia, liquid compressibility and bearing surface roughness were
considered. The analysis improved the incompressible, isoviscous model developed
earlier by the author. The results showed that the incompressible fluid model over
predicts flow rate and force coefficients when compared to barotropic fluid model. The

comparisons suggested that for highly compressible liquids, such as liquid hydrogen, the
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barotropic properties model based on an accurate thermodynamic equation of state is the
one capable of predicting the leakage and force response accurately in a hydrostatic
bearing with a large pressure differential. Franchek et al (1995) carried out a study to
evaluate the accuracy of predictions from the model developed by Andres (1990b). They
concluded that the whirl-frequency ratio was predicted with maximum error of only 19%
and average absolute errors of 4%. Overall, predictions for rotordynamic coefficients
were good, confirming the model. Measurements on water hybrid bearings with angled
orifice injection by Andres and Childs (1997) have demonstrated improved rotordynamic
performance with virtual elimination of cross-coupled stiffness coefficients and null or
negative whirl frequency ratios. It has been revealed that the fluid momentum exchange
at the orifice discharge produces a pressure rise in the hydrostatic recess which retards the
shear flow induced by journal rotation, and thus, reduces cross- coupling forces.

In hybrid bearings the internally developed cross-coupled forces can generate instabilities
responsible for a speed limitation of the machine. To reduce these forces and raise the
onset speed of instability Fayolle and Childs (1999) investigated the use of deliberately-
roughened stators. It has been found that the new design is more stable, allowing a
significant increase of the onset speed of instability. Maru et al (2007) compared the
vibration behavior of roller and ball bearings operating with clean and quartz-
contaminated lubricants. Wear influence on the vibration of both bearing types was also
compared. Deng and Braun (2007a) characterized onset of instability by a discontinuity
in the torque versus JTa curve slope. This discontinuity in the curve slope was due to
velocity gradient at the wall rather than the change in viscosity. The flow patterns became
more complicated with recirculation as eccentricity ratio increased. It has been observed
by Deng and Braun (2007b) that for the Reynolds number in the range of 41.3JR/C <
Re< 2000, there is a transition regime where the velocity and pressure profiles are
fundamentally different either from Couette flow or a fully developed turbulent flow.
With decrease in the clearance size, the critical Taylor numbers decreases while critical

Reynolds numbers increase.

FLOW REGIMES

Hydrostatic journal bearings have been employed in several applications where the

lubricant is a working fluid with low viscosity. Owing the fact that the present day
machinery is operating at high speed, the mode of flow within the fluid film degenerates

from that of pure laminar flow through a transitional or vortex flow regime to fully
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developed turbulent flow. The effect of flow regime (turbulence) may be quite
significant. Kocur and Allaire (1985) presented the FEM analysis of turbulent lubricated
hydrostatic journal bearings. Turbulent flow due to the low viscosity lubricant used has
been analyzed by considering three major pressure drops i.e pressure drop across the
orifice restrictor, pressure drop over the pocket edge and pressure drop across the bearing
lands. The analysis of the low and high speed bearings with axial grooves pointed out that
cross-coupling terms are usually 5-20% of the principal terms and the hydrostatic bearing
produces about 10% of the damping that the comparable hydrodynamic bearing produces.
Ives and Rowe (1992) analyzed the performance of slot entry hybrid bearings in the super
laminar flow regimes, and determined the effect of super laminar flow on the
optimization of these bearings as compared with the optimization results arising out of
application of laminar flow analysis. It has been observed that the maximum efficiency
was achieved by maintaining laminar flow. When transitional or turbulent flow occurred,
the most important factor was to reduce the magnitude of the Reynolds number as the
effect of increasing the Reynolds number was to increase the attitude angle, load capacity
and coefficient of friction but flow rate get reduced as a result of which effective
viscosity increases. It was possible to use laminar analysis methods for optimization
studies of hybrid bearings operating in super laminar regimes. A new model for
predicting the flow behavior in long journal bearing films in the transition regime i.e
Taylor and Wavy vortex regimes) has been proposed and justified by Deng and Braun
(2008). This model indicates that the velocity profiles are sinusoidal and depend on the
local Reynolds number and the position in the axial direction. For correctly predicting the

flow behavior in long bearings , use of laminar Reynolds equation is recommended when
Re< 41.3 R/ C (before the onset of Tayler vortices), turbulent Reynolds equation is
recommended when Re>2000(fully developed turbulent flow) and transition Reynolds

equation for the transition regimes i.e after the onset of Tayler vortices(\/ﬁ>41.3) and

before the full development of turbulence(Re<2000)

JOURNAL MISALIGNMENT

The journal misalignment is a common problem, which exists, in actual working

condition of journal bearings. The misalignment of a bearing can result from non-central
loading, elastic deflection of shaft under load, thermal distortion of the shaft, the
deformation in bearing housing supports, manufacturing errors and assembly errors etc.

The effect of journal misalignment is to alter the fluid film profile and hence the
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performance of journal bearings. Fluid film bearings often operate in misaligned
conditions that can alter subsequently the bearing force performance. Sato and
Ogiso(1983) investigated the effects of journal misalignment on the capillary
compensated hydrostatic journal bearing. They demonstrated that misalignment reduces
the stiffness as well as the load capacity and that the amounts of reduction are substantial
when the value of slope misalignment parameter is greater than 0.2. These results are
applicable to the bearings with any number of recesses. Vijayaraghvan and Keith(1989),
Choy et al(1991a,1991b) have presented analyses for the prediction of bearing
performance in misaligned laminar flow journal bearings. In general, it appears that
journal axis misalignment in line with the eccentricity vector produces a larger load
capacity without affecting the bearing flow rate than aligned bearings. Baskharone and
Hensel (1991) studied the dynamic force and moment response for turbulent flow annular
pressure seals. The analysis considered small amplitude angulations of the shaft axis and
showed that static misalignment is of importance for long seals.

Bou-Said and Nicolas (1992) presented the influence of misalignment of geometrical
parameter on static and dynamic characteristics of hybrid bearings in laminar and
turbulent flow regimes. It has been found that the misalignment increases the recess flow
and reduces the recess pressure. In non-laminar regime, the existence of turbulent flow
associated with inertia effects at the recess outlet reduces the misalignment influence. The
misalignment essentially modifies the stiffness and damping in the direction of
misalignment plane. Andres(1993) discussed the effects of large static misalignment
angles for a water lubricated, five recess hydrostatic journal bearing. It has been shown
that journal axis misalignment causes a reduction in load capacity due to loss in film
thickness. Misalignment increases slightly the flow rate and produces significant
restoring moments for large angular displacements. Forty-eight rotordynamic force and
moment coefficients due to small amplitude journal center displacements and journal axis
angulations about an equilibrium position have been calculated. Jain et al (1997) studied
the effect of misalignment on the performance of symmetric and asymmetric hole-entry
journal bearings. The results were presented for both hydrostatic and hybrid mode of
operation of the bearing considering different values of restrictor design parameters. They
found the effect of journal misalignment is greater when the bearing is operating in
hydrostatic mode compared with hybrid mode. Thus, for a hole-entry journal bearing
required to operate hydrostatically, the consideration of misalignment in the analysis is

more important. The maximum change that occurs in the direct stiffness coefficients is of
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the order of 35%. It has been concluded that the type of bearing configuration and
restrictor design parameter must be judiciously selected to get an optimum bearing

performance.

BEARING FLEXIBILITY

For heavily loaded journal bearings, the elastic deformation of the bearing shell due to

fluid-film pressures is of the order of magnitude of fluid film thickness. The deformation
alters the fluid film profile and consequently the performance of a journal bearing
systems. Sinhasan and Chadrawat (1989) examined the elastic deformation of a two-axial
groove journal bearing system with a flexible shell placed in a rigid housing. Khonsari
and Wang (1991) studied the effect of thermoelastic deformation of shaft and bush on the
bearing performance. The results obtained from their TEHD model were found to be in
good agreement with experimental measurements. In practice journal bearings are made
of soft material (babbit) on the surface and harder material (steel) for the backing. These
bearings can be modeled as double layered bearing. Sinhasan et al (1989a, 1989b, 1991)
analytically studied the effect of bearing shell flexibility on the performance
characteristics of hydrostatic journal bearing using capillary (1989a), constant flow valve
(1989b) and orifice (1991) flow restrictors. They concluded that at a constant load pocket
pressures, minimum film thickness, stiffness coefficients and damping coefficients all
decreases as bearing flexibility increases. The maximum change in the stiffness
coefficients due to flexibility of the bearing is of the order of 38% with capillary as
restrictor, 42% with orifice as restrictor and 61% with constant flow valve as restrictor.
Their study suggested that, to establish an optimum design of compensated hydrostatic
journal bearing to support a particular external load, a judicious selection of restrictor
design parameter, bearing shell deformation coefficient and bearing geometry is essential.
In further work Sharma et al (1992) have studied the performance characteristics of
flexible hydrostatic/hybrid multirecess journal bearing system using membrane type
variable-flow restrictor as compensating element. It has been concluded that a careful
selection of flexibility of bearing shell is required to obtain the improved stability margin
of the hydrostatic journal bearing system.

Sharma et al (1993) studied the performance characteristics of externally pressurized
symmetric and asymmetric hole-entry flexible journal bearings with capillary
compensation. It has been concluded that for the same values of bearing operating and
geometric parameters, asymmetric flexible bearing configuration appears to be more

promising from the point of view of minimum film thickness and stability. Also
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asymmetric bearing configuration with capillary compensation is less expensive and less
complicated due to smaller number of supply holes. The analytical study of the influence
of the elastic effects on the performance of slot-entry journal bearings by Sharma et al
(1999Db) indicates that for given operating conditions, to get an optimum performance of a
bearing, proper selection of bearing flexibility parameter, concentric design pressure ratio
and the type of bearing configuration are essential. Elastic effects significantly affect the
static and dynamic performance characteristics of bearing. The percentage change in the
static and dynamic performance characteristics of flexible slot-entry journal bearings with
those of corresponding to similar rigid bearings has also been compared. The maximum
percentage change in the value of minimum fluid film thickness has found to be of the
order of 22.56% for the case of symmetric bearing while for the asymmetric bearing
configuration it is of the order of 17.11%. The vertical stiffness coefficient may reduce by
28.94% and 22.95% for symmetric and asymmetric configurations respectively for the
bearings operation in hydrostatic mode. Larsson Roland et al (2001) determined
experimentally the base parameters for elastohydrodynamic lubrication (EHL) and
friction analyses. They found that rapeseed oil and synthetic esters have good lubricating

properties and are, in most cases, better than mineral oils.

SURFACE ROUGHNESS

For an accurate prediction of journal bearing performance -characteristics, the

consideration of the surface roughness in the analyses is imperative. Good bearing
properties in any part are obtained when the surface has large number of hills and valleys,
as the hills in an irregular surface reduce the metal-to-metal contact and the valleys help
to retain the film of lubricating oil. Christensen and Tonder (1973) has given three
different types of the roughness models namely one-dimensional longitudinal, transverse
roughness and two dimensional isotropic roughness model. In one dimensional
longitudinal roughness model, the roughness is assumed to have the form of long narrow
ridges and valleys running in the direction of the sliding, while in case of one dimensional
transverse roughness model, the roughness is assumed to have the form of long narrow
ridges and valleys running in the direction perpendicular to sliding. In isotropic roughness
model, the roughness is assumed to be uniformly distributed over the bearing surface with
no preferred direction._Patir and Cheng proposed an average flow model for determining
effects of three-dimensional roughness. Patir and Cheng (1978) introduced a new
approach for deriving Reynolds type equations applicable to any general roughness

structure. In their extended work Patir and Cheng (1979) included sliding contacts by
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deriving the shear flow factor for various roughness configurations. This model has been
used by a number of researchers. Khalil and EI-Shorbagy (1985) found that surface
roughness has pronounced effect on the operating characteristics of bearings, especially at
lower values of the lubricant film thickness and higher values of the wave number. The
surface roughness always increases frictional power and decreases lubricant flow rate.
Andres (1990b) studied the pocketed hybrid journal bearing by considering the effect of
surface roughness along with fluid inertia effect. The surface roughness in his analysis
has been modeled by an effective roughness depth varying from 0.1 to 10% of radial
clearance and showed an improvement of 27% in the dynamic performance of the
bearing. However, the work reported by San Andres did not take into account the height
distribution of the surface irregularities and the surface pattern, which are the inherent
properties of any finished surfaces. Nagaraju et al (2002) studied the effects of surface
roughness on the performance of capillary compensated hole-entry hybrid journal bearing
of symmetric and asymmetric configurations. It has been observed that the surface
roughness heights are typically of same order as that of fluid film thickness of the journal
bearing. So the performance of journal bearing system gets altered. For a hole-entry
journal bearing system operating in the hydrostatic mode of operation, the transversely
oriented roughness pattern provides a higher load carrying capacity as compared to a
corresponding similar bearing with a smooth surface, whereas the longitudinally oriented
roughness pattern provides a lesser load capacity. Inclusion of surface roughness effects
in the analysis affects the bearing dynamic coefficients. In the hybrid mode of operation,
the asymmetric hole-entry journal-bearing configuration shows around 94% enhancement
in the value of the direct stiffness coefficient with a longitudinal roughness pattern. For
both symmetric and asymmetric hole-entry journal bearing configurations, the increase in
the value of the direct fluid film damping coefficient is observed to be of the order of
42% during the hydrostatic mode of operation for the longitudinal roughness pattern.
Further, the maximum enhancement in the stability threshold speed margin is found to be
of the order of 41%, 85% and 131% for transverse, isotropic and longitudinal roughness
pattern, respectively for an asymmetric hole-entry journal-bearing configuration. Sharma
et al (2002b) described the static and dynamic performance of an orifice compensated
hole-entry hybrid journal bearing system considering the combined influence of surface
roughness and journal misalignment. Recent studies by Nagaraju et al (2003) indicated
considerable changes in the static and dynamic performance of a hole-entry hybrid

journal bearing system operating with non-Newtonian lubricant due surface roughness
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effects. It has been concluded that the stationary roughness and transverse roughness
pattern combination provides the largest value of the load carrying capacity, moving
roughness and transverse roughness pattern combination provides the largest stability
threshold speed margin. It provides an improvement of around17.6% in the value of load
carrying capacity and around 28% in the value of stability threshold speed margin as
compared to corresponding similar smooth bearing.

NON-NEWTONIAN LUBRICANTS

Generally the lubricants used to lubricate the bearings are mineral in nature and additives

are mixed with them to enhance their performance during lubrication. Most modern
automotive lubricants are multi grade oils, containing polymeric additives at treat rates of
up to 20% and making lubrications mildly viscous-elastic and slightly shear thinning.
The behavior of polymer added oil is no longer Newtonians rather it is non-Newtonian.
For an accurate prediction of the journal bearing performance characteristics, the
consideration of non-Newtonian behavior in the analysis is imperative.

Hsu and Saibel (1965) have obtained perturbation solution using cubic shear stress law
for the analysis of infinite width slider bearings. Their results shows the decrease in load
capacity and friction force and increase in the side leakage. Hsu (1967) extended the
analysis to infinitely long journal bearings using cubic shear stress law for non-
Newtonian character. Perturbation solution was obtained for the pressure distribution and
studied the static performance characteristics.

Wada and Hayashi (1971a) have solved modified form of Reynolds equation for non-
Newtonian fluids using cubic shear stress law model. They also conducted experimental
studies (1971b) on pseudoplastic fluids which were obtained by adding polyisobutylene
to the spindle oils. They verified their theoretical results with the experimental results and
showed that cubic shear stress law adequately represents the flow behavior of polymer
thickened non-Newtonian lubricants. Hayashi and Wada (1974) have derived more
general modified Reynolds equation for finite bearing using a correlation between
velocity gradients in circumferential and axial directions. Hayashi and Wada (1977) have
further investigated the composite flow characteristics for non-Newtonian lubricants
containing high molecular weight polymers. They observed that at low shear strain rate,
the lubricant behaved as pseudoplastic whereas at high shear strain rate a composite flow
characteristics involving both the dialatant and pseudoplastic behavior were observed.
Shukla and Isa (1974) investigated the effects of stepped film thickness on the various

characteristics of squeeze films, conical bearings and hydrostatic step seals using a power
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law. It was observed that the load capacity of the squeeze film bearings decreased and
those of conical bearings and step seals increased with the increase in the step height. It
was found that with a hydrostatic step seal, the load capacity increased as the flow
behaviour index of the power law fluid increased. Swami et al (1975) have computed the
stiffness and damping coefficients of finite cylindrical journal bearings with non-
Newtonian lubricants. The solution was obtained by solving the modified Reynolds
equation by finite difference method and using cubic shear stress law for non-Newtonian
character of the lubricant. The stability limits of a simple rigid rotor were obtained.
Swami et al (1977) extended their study to various values of width to diameter ratio and
observed strong influence of width to diameter ratio on the load capacity of journal
bearings. They verified their analytical results for load capacity and stability limits with
the experimental results.

Rajalingham et al (1979a) have used Rener Philippoff shear stress shear stain rate relation
for deriving modified Reynolds equation for non-Newtonian lubricants. The solution has
been obtained by finite difference method. Rajalingham et al (1979b) extended their work
and derived the modified Reynolds equation considering the effect of correlation for
pseudo-plastic lubricants. The solution was obtained by finite difference method with
successive over relaxation adopting the solution of linear equations as a first
approximation to obtain the pressure distribution for a finite cylindrical journal bearing
incorporating Reynolds boundary condition. The static performance characteristics are
presented for various values of L/D ratio. They have used cubic shear stress law model
for the non-Newtonian lubricating oils. Gorla (1980) studied the behavior of an externally
pressurized circular porous thrust bearing using a non-Newtonian fluid lubricant. The
effects of cross-viscosity and viscoelastic coefficients on the characteristics of the bearing
were determined. In his extended work Gorla (1981) determined the effects of cross-
viscosity coefficients on the flow and heat transfer characteristics of the bearing.

Tayal et al (1982a) have solved momentum and continuity equations using Galerkin's
technique. They obtained static and dynamic performance characteristics of finite width
journal bearing. The cubic shear stress law was used for non-Newtonian constitutive
equation. Tayal et al(1982b) extended their work for a hydrodynamic journal bearing
with skewed axes. Dynamic performance characteristics were obtained for hydrodynamic
journal bearings using, both Newtonian and non-Newtonian lubricants. Dien and Elrod
(1983) have developed a general theory for constant property non-Newtonian fluids for

which stress depends on the instantaneous strains rate. Modified Reynold’s equation
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using power law model has been derived. Results are presented for infinitely width slider
bearings, journal bearings and finite width journal bearings. The solution has been
obtained by finite difference method. Malik et al (1983) have used a different approach to
get the solution of the modified Reynolds equation by integral averaging of the shear
strain rate across the film, an average viscosity which is only a function of the coordinates
along the film has been defined. The steady state pressure distribution is obtained by
iterative process. Buckholz (1985) has theoretically investigated the short journal bearing
performance characteristics for non-Newtonian power law lubricants. A modified form of
the Reynold’s equation for hydrodynamic lubrication is studied in asymptotic limit of
small slenderness ratio. They have found that the power law lubricants exhibit reduced
load capacity relative to the Newtonian lubricants. Bourgin and Gay (1984) have solved
the generalized equation by finite element method using a gradient technique. The
influence of the non-Newtonian parameter on the pressure field and on the bearing load
capacity is predicted. Cubic shear stress law is used and the modified Reynolds equation
is solved. Bourgin and Gay (1985) have shown that the one dimensional slider bearing
which carries the maximum load for minimum film thickness is a modified Reyleigh
bearing. Using two criteria, maximum load capacity for given minimum film thickness
and minimum friction force for a specified load, a numerical program was developed to
determine the optimal step bearing having non-Newtonian lubricant. The results show
significant gains in comparison with the results obtained for the Newtonian Reyleigh
bearing. Bourgin et al (1985) further extended their work for square slider bearing
lubricated by the Rabinowitsch fluid. They have given the pressure and velocity field and
compared with the corresponding results obtained for the Newtonian fluids. Hutton et al
(1986) have carried out experiments on a simple journal bearing rig to confirm that extra
load carrying capacity is generated by the elasticity of the viscoelastic lubricants. The
viscoelastic lubricants were the solutions of high molecular weight polyisobutene in low
molecular weight polyisobutene. They concluded that a journal bearing rig with an elastic
lubricant carries more load than does an equiviscous inelastic lubricant. Bourgin and
Francois (1987) have computed the characteristics of a finite width slider bearing
lubricated by a non-Newtonian lubricant. They have proposed an empirical formula to
compute the loading capacity of a linear slider bearing lubricated by a non-Newtonian
fluid. Their analysis is based on the concept of an equivalent Newtonian viscosity.
Hemilton and Bottomley (1987) have described a high pressure viscometer for the use

with oils containing polymers. It is shown that the degree of viscosity loss for a particular
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polymer/base oil combination is independent of temperature and pressure. Williums and
Symmons(1987a) have solved the Navier-Stokes equations for the study of three
dimensional flow of a non-Newtonian fluid within a finite width slider thrust bearing. The
method of solution uses finite differences approach together with a technique known as
SIMPLE (Semi Implicit Method for Pressure Linked Equations). The results presented
are for a wide range of nonlinearity factor. Cubic shear stress model is used to represent
non-Newtonian behaviour. Williums and Symmons (1987b) extended their work to finite
width hydrodynamic journal bearing. Results are presented in terms of pressure
distribution, attitude angle, end leakage, shear force and load capacity. Kacou et al (1987)
have discussed the flow of a homogeneous incompressible non-Newtonian fluid of the
differential type between infinite eccentric rotating cylinders within the context of the
lubrication approximation. The study is made by perturbation technique and the effects of
the non-Newtonian parameters are delineated. It was found that the load carrying capacity
altered significantly by the non-Newtonian character of the fluid. Francos (1988) has
proposed an empirical formula to compute the friction coefficient of a slider bearing
lubricated by a non- Newtonian lubricant (Rabinowitsch model). His analysis is based on
the concepts of an equivalent viscosity depending on the fluid rheological parameters and
on geometrical and kinematical characteristics of the flow. The equivalent viscosity is
defined related to the bearing characteristics. Gecim (1990) has predicted the non-
Newtonian effects of multigrade oils on journal bearing performance. The governing
differential equations are derived using a general apparent viscosity function as the
constitutive equation in order to be able to accommodate different rheology equations.
The solution has been obtained by finite difference method. Pop and Gorla (1990) studied
the second-order effects on the velocity and skin friction for a continuously moving semi-
infinite flat plate through a stagnant incompressible non-Newtonian fluid. Further Gorla
and Hassanien (1990) analyzed the boundary layer flow of a micropolar fluid in the
vicinity of an axisymmetric stagnation flow on a moving cylinder.

Zhenming and Dareing (1994) studied theoretically and experimentally the non-
Newtonian effects of powder lubricant slurries in hydrostatic and squeeze-film bearings.
The powder lubricant slurry contains one part of graphite powder and eight parts of
ethylene glycol. It has been observed that the relation between input pressure and flow
rate is not linear for powder lubricant slurry, which is the main difference between the
behavior of Newtonian and non-Newtonian fluids. Pressure and flow rate behavior of

powder lubricant slurries in hydrostatic and squeeze film bearing are fairly predictable
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using the power law model for describing fluid rheology. The hydrostatic bearing test
showed that slurry mixture has a load carrying ability of about twice that of pure ethylene
glycol, however pumping requirements are also raised. Squeeze film bearing tests showed
that the addition of graphite to ethylene glycol increased the damping capabilities but it
was not a strong effect. Sinhasan and Sah (1996) studied the effect of non-Newtonian
lubricants on the performance characteristics of orifice compensated hydrostatic journal
bearing. It has been found that the effect of non-linearity factor on the maximum
pressure, minimum film thickness, bearing flow and attitude angle under constant load
are only marginal. The non-Newtonian characteristic of the lubricant is not beneficial
from the damping viewpoint. The Critical journal mass and threshold speed also have
low values for the non-Newtonian lubricants than for the corresponding bearing with
Newtonian lubricants. The maximum percentage reduction of critical mass and threshold
speed are of the order of 44.19% and 22.48% respectively. It has been studied by Sharma
et al (2000b) that the combined effect of non-linear behavior of lubricant and bearing
flexibility alters the bearing performance characteristics of a slot entry hybrid journal
bearing. The value of minimum film thickness is reduced appreciably due to the
combined effect. The maximum decrease in minimum film thickness is found to be of the
order of 51.41% with respect to the rigid bearing operating with Newtonian lubricant.
Sharma et al (2001) studied the combined effect of non- Newtonian lubricant behavior
and bearing shell flexibility on the performance of an orifice compensated multirecess
hydrostatic/hybrid journal bearing system. The computed results demonstrate that loss in
bearing performance due to the pseudo-plastic effect of the non-Newtonian lubricant can
be mitigated by a proper selection of parameter such as the deformation coefficient and
non linearity factor or power law index. These parameters enhance the flow in an orifice
compensated hybrid journal bearing system. So there is an opportunity to reduce

temperature rise in a lubricant fluid film during operation.

THERMAL EFFECTS

When the fluid-film bearings operate under high speed, heat is generated within the oil

film due to shearing of the lubricant which increases the temperature of the lubricant
fluid-film and the bearing surface. This in turn causes significant reduction of the
viscosity of the lubricant, and the bearing operates at a lower value of minimum fluid-
film thickness. Thus, the flow field of the lubricant becomes distorted and bearing

performance is affected.
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Boncompain and Frene (1979) analyzed the static and dynamic characteristics of a finite
bearing under laminar conditions using finite difference method. They observed that the
thermal effects significantly alter the stiffness and damping coefficients. Ferron et al
(1983) performed both the theoretical as well as the experimental studies concerning the
thermal effects in finite length journal bearing. In their theoretical work, they
simultaneously solved the governing Reynold’s equation in lubrication, 3D energy
equation in the fluid film and 3D heat conduction equation in the bush. Heat transfer to
bush and shaft was also considered. They found good agreement with measured results
for pressure and temperature. However, a large discrepancy was observed between the
computed and measured eccentricity ratio that was attributed to dilation of the journal and
the bush.

Lund et al (1984a, 1984b) developed an approximate, one dimensional energy equation in
which the axial temperature variation was neglected. Across the fluid-film thickness, the
temperature profile was expressed by a fourth order polynomial but the viscosity was
assumed constant. The heat conduction in the bush and the effect of heat exchange in the
supply groove was considered.

Boncompain et al (1986)used an approach similar to the one employed by Ferron et al
(1983) however they included the reverse flow condition in their analysis, which
generally occurs in the maximum fluid film thickness region at large eccentricity ratios.
They concluded that most of the heat generated is evacuated by the fluid flow and that the
temperature gradients across and along fluid film are important. Khonsari and Beaman
(1986) also investigate the effects in a journal bearing operating under steady state
loading condition. They formulated an analytical model for the finite journal bearing that
considered the mixing in the supply groove. They reported good agreement between the
computed result and the published experimental data.

So and Chang (1986) studied the thermal effects on the performance characteristics of
hybrid journal bearing with one recess by coupling the Reynold’s and energy equations.
Finite difference method with a successive under relaxation was adopted to solve the
coupled governing equations. They observed that the load capacity for the adiabatic
condition is lower than that for the isothermal condition. A decrease in side flow with an
increase in eccentricity is also indicated in the study. There were some limitations in the
study undertaken by the So and Chang(1986). They assumed that the heat generated by
shearing is carried away only by the fluid flow and there is no heat transfer to or from the

solid surfaces. Further, the effect of velocity component in radial direction was also
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ignored and only 2D energy equation is used in the analysis. Further they considered the
bearing to be rigidly fixed in the housing.

Braun et al (1987) presented a thermohydrostatic model to investigate the performance of
multirecess hydrostatic journal bearings. The Reynold’s equation was coupled with 2D
energy and 3D conduction equations to obtain the coupled solution. The effects of shaft
eccentricity, angular velocity and inertia pressure drops at the pocket edge on the load
carrying capacity, mass flow, pressure and temperature were included in their model.
They reported that the minimum fluid film thickness is reduced when thermal effects
were considered. It was further observed that the direct dynamic stiffness is lowered with
inclusion of the inertia effects and that the negative cross-coupled stiffness contributes to
stability of the rotor. Further, Braun and Dougherty (1989a) have introduced a new
hybrid model for the solution of the compliant wall bearing problem. In this model FDM
and FEM algorithms have been combined successfully to yield the compliant liner
deformation and two-dimensional bearing pressure map. In the second part, Braun and
Dougherty (1989b) found that wall compliance greatly influences the shape and size of
clearance between the rotating shaft and stationary housing and provides a strong
feedback for changes in pressure distribution map, magnitude of maximum pressure and
inception of cavitation point. The effect of misalignment is almost stunning in its
consequences upon the magnitude of maximum pressure and axial change of its location.
Khonsari (1987a,1987b) have reviewed exhaustively the literature of the thermal effect in
slider (1987a) and journal bearings (1987b). Rajalingham and Prabhu (1987) assumed the
temperature to remain constant in the axial direction and solved 2D energy equation. On
the basis of the comparison of their results with experimental results of Ferron et al
(1983), they concluded that the assumption of constant temperature in axial direction
considerably simplifies the analysis and computations and does not significantly impair
the accuracy. The effect of viscosity and the clearance on the performance of
hydrodynamic journal bearing was studied by Har Prashad (1988) for different oil. He
concluded that optimum value of clearance ratio is much less for less viscous oil as
compared to more viscous oils for identical operating conditions.

Knight and Barrett (1988) developed a solution algorithm for aligned bearing including
cross-film heat conduction. The journal surface temperature was assumed to be equal to
average of the film temperature. The dynamic characteristics are found to vary
significantly with the change in the inlet temperature. Fitzgerald and Neal (1992)

presented the test results for a 76mm diameter bearing. They reported bush temperature
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distribution, journal surface temperature and oil flow rate for a range of load and speed.
The consequences of neglecting the effect of bush heat transfer in the prediction of
operating temperature are also discussed.

Parkins and Horner (1993) for tilting pad journal bearing carried out an experimental and
analytical study. The measured values of pad temperature, eccentricity, attitude angle and
stiffness coefficients are given. The influence of thermal conduction across the
lubricating film on the performance of journal bearings was investigated by Rajalingham
et al (1994). It was found that increase in thermal conduction across the film improves the
bearing performance by increasing load carrying capacity of the film and decreases the
operating temperature. Further studies by Khonsari et al (1996) reported a simple and fast
method of using THD design chart to predict the maximum operating temperatures of
both the pad surface and the journal surface. The values predicted by this method were
compared with rigorous THD solution and experimental data available in the previous
literatures. An efficient THD numerical procedure was developed by Vijayaraghavan
(1996) to analyze journal bearing performance. The conduction through the bearing and
journal has been considered to accurately predict the temperature and pressure
distribution.

Yang et al (1996) presented a study of thermal effects in liquid oxygen multirecess
hydrostatic journal bearing. Numerical results for four-pocket hydrostatic journal bearing
have been presented for adiabatic THD and isothermal models. They found that
performance characteristics are almost identical for both the models. Further, it has been
noted in their study that the thermal effects become more prominent with reduction in
radial clearance. The need of TEHD model has been emphasized for accurate prediction
of the bearing design data.

A recent study by Monmousseau et al (1997) presented a transient thermal effect on the
performance of tilting pad journal bearing. They concluded that the bearing clearance and
minimum film thickness decrease with time from start up because of the thermal
expansion of the journal expansion of the journal and the pads, which may lead to bearing
seizure.The study of Branagan and Barrett (1998) presented a simplified approach for 3D
THD analysis. They obtained the bearing performance with a single value of viscosity
based on the average cross film temperature variation expressed in quadratic form. They
compared the results of fixed viscosity and variable cross-film viscosity and found good
agreement between them. Lubricants of the same grade with same viscosity at a particular

temperature and ambient pressure can have different viscosity values at other temperature
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and pressures. Vijayaraghavan and Brew (1998) studied the effect of viscosity variation
rate with respect to temperature and pressure on the performance of journal bearing. They
found that, the flatter the viscosity-temperature relationship, the higher is the load
capacity, power loss and temperature.

Kumar et al (2000,2001) theoretically investigated the static performance of hole-entry
hybrid journal bearing system by considering thermal effects in the analysis. It has been
observed that the bearing flow gets enhanced. Inclusion of thermal effects in the analysis
reduces the value of minimum fluid film thickness for symmetric and asymmetric hole-
entry configurations. However, the value of minimum fluid film thickness for the case of
asymmetric configuration is more than that of symmetric configuration. Kumar et al
(2002) also described the static and dynamic performance of hole-entry hybrid journal
bearing operating with different flow control devices by considering the variation of
viscosity due to temperature rise of the lubricant. It has been concluded that in general, a
constant flow valve compensated hole-entry hybrid journal bearing gives superior
performance from the point of view of minimum fluid film thickness and threshold speed.
Sharma et al (2002a) developed a theoretical model to take into account the influence of
thermal effects in slot-entry hybrid journal bearing by considering the variation of
viscosity due to temperature rise of the lubricant. It has been found out that the
consideration of thermal effects lowers the value of minimum fluid film thickness for
both symmetric as well as asymmetric configurations while the lubricant supply
requirement of a slot-entry hybrid journal bearing system is found to increase. At a
constant value of the external load, the enhancement in the bearing flow is found to be of
the order of 11% and 4% for symmetric and asymmetric bearing configurations
respectively.  Sharma et al (2003) developed a theoretical model to study the
thermoelastohydrostatic performance of an orifice compensated symmetric and
asymmetric hole-entry hybrid journal bearing configurations. It has been found that the
maximum reduction in the value of minimum fluid film thickness is of the order of 17%
for TEHS case for symmetric hole-entry journal bearing having bearing deformation
coefficient 5.0 for all values of restrictor design parameter. However, the reduction in
minimum fluid film thickness can be regained by choosing a proper value of restrictor
design parameter. Kumar et al (2003) studied the effect of variation of viscosity due to
temperature on the bearing stability margin of hole-entry journal bearings. The authors
found that the temperature-viscosity dependence of the lubricant reduces the bearing

stability. The effect of viscosity variation on the stability of the bearing system can be
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minimized if the value of bearing flow through holes is judiciously selected for constant
flow valve compensated bearing. Kumar et al (2004b) investigated that the temperature
rise of lubricant fluid film and/or bearing flexibility deteriorates the stability of a constant
flow valve compensated non-recessed hole-entry journal bearing system. The loss in
stability margin can be regained by selecting proper value of restrictor design parameter.
15 GAPSIN PREVIOUS WORK

A thorough scan of the available literature concerning the hybrid/hydrodynamic journal
bearings indicates that the thermal effects together with non-Newtonian behavior of
lubricant due to additives mixed in the lubricants have been ignored in the analysis so as
to obviate the mathematical complexity. To the best of author’s knowledge, no study is
available which deals with thermohydrostatic performance of non-recessed journal
bearings operating with non-Newtonian lubricants.

1.6 SCOPE OF PRESENT WORK

OBJECTIVES:

e To investigate the influences of the viscosity variation due to temperature rise and
non-Newtonian behavior of the lubricant on the performance characteristics of
non-recessed hole-entry/slot-entry hybrid journal bearing for generating the
design data to be used by bearing designer.

The design data will be developed for the following configurations of non-recessed
journal bearing

e Symmetric hole-entry and slot-entry configurations

e Asymmetric hole-entry and slot-entry configurations

These configurations are compensated with the following flow controlling devices.

e constant flow valve restrictor

e capillary restrictor

e orifice restrictor

METHODOLOGY:

The generalized Reynold’s equation governing laminar flow of an incompressible
lubricant with variable viscosity will be used to determine the pressure distribution in the
clearance space between journal and bearing. It will be solved by taking the flow of
lubricant through restrictor as a constraint, along with relevant boundary conditions. The
non-Newtonian effect will be introduced by modifying the viscosity term using cubic

shear stress law and power law as constitutive equations. Lubricant flow field will be
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discretized using 4-noded quadrilateral isoparametric elements for the finite element
formulation of Reynold’s equation.

When bearing will operate in hybrid mode, heat generated due to viscous friction will
increase temperature of the lubricant film. To predict temperature field in the fluid-film
and the bush, 3D energy equation together with 3D conduction equation will be solved
simultaneously to establish the equilibrium of heat flow from lubricant to surrounding
through the bearing bush. The conduction equation will be solved using appropriate heat
transfer boundary conditions along free surface of the bush. The entire lubricant flow
field and bush will be discretized using 8-noded hexahedral isoparametric elements for
the finite element formulation of 3D energy equation and 3D heat conduction equations
respectively.

The temperature of lubricant at supply hole will be assumed constant. The change in the
viscosity due to temperature rise and non-Newtonian behavior will change the fluid film
thickness profile. The converged coupled solution will be obtained by solving Reynold’s,
energy and conduction equations simultaneously.

The finite element method will be used to compute the pressure and temperature
distributions for the coupled thermohydrostatic (THS) problem. The system equations for
the discretized solution domains will be obtained using relevant governing equations,
employing Galerkin’s method and usual assembly procedure.

The derived system equation for solution of Reynold’s equation will be modified to
maintain continuity of the flow between bearing and restrictor. The modified system
equations will be linear in case of capillary and constant flow valve compensated
bearings. For an orifice compensated bearing, modified system equation will become
nonlinear and to solve these nonlinear equations, Newton-Raphson method will be used.
EXPECTED ACHIEVEMENTS:

A computer program will be developed for this study. The developed program will be
general and capable of handing lubrication problems for the rigid journal bearings
operating in hybrid mode of operation and considering the variation of viscosity due to
rise in temperature and non-Newtonian behavior of the lubricant.

The performance characteristics of both symmetric and asymmetric non-recessed hole-
entry hybrid journal bearings compensated with constant flow valve, capillary and orifice
restrictors and slot-entry bearings will be presented. The variation in the bearing

performance characteristics will be studied for a wide range of bearing parameters. The
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computed results will be presented in graphical as well as in tabular form which will be
helpful for the bearing designer.

A comparative study of non-recessed hybrid journal bearings compensated with different
restrictors and slot-entry hybrid journal bearing will be carried out so as to assess the
relative changes in bearing performance. This study will help the designer to select a
particular bearing configuration in conjunction with a suitable compensating device to
obtain the improved performance.

The effect of plugging of holes on the performance of symmetric hole-entry hybrid
journal bearing system (compensated with constant flow valve restrictor and operating
with non-Newtonian lubricant) will be investigated.

1.7 OUTLINE OF THESIS

The work done in this thesis has been presented in ten chapters as discussed in the
following text.

The study begins with the introduction and literature review in Chapter-1, which
includes background, objectives and research approach.

Chapter 2 deals with the mathematical modeling of THS problem along with relevant
governing equations and detailed analysis.

Chapter 3 describes the iterative scheme, convergence criterion, solution algorithms and
flow charts used in the present study. To establish the validity of the analysis, solution
algorithm and the computer programs developed, the computed results from the present
work are compared with already published results.

Chapter 4 presents the effect of variation of viscosity due to non-Newtonian behavior of
the lubricants on the performance characteristics of a constant flow valve compensated
hole-entry hybrid journal bearing.

Chapter 5 includes the performance characteristics of a constant flow valve
compensated symmetric hole-entry damaged hybrid journal bearing system operating
with non-Newtonian lubricant.

Chapter 6 , 7 and 8 present the influence of variation of viscosity due to rise in
temperature and non-Newtonian behavior of the lubricants on the performance
characteristics of a constant flow valve, capillary and orifice restrictor compensated hole-
entry hybrid journal bearing system respectively.

Chapter 9 consists of two parts. In Part A, the effects of variation of viscosity due to rise
in temperature and non-Newtonian behavior of the lubricants on the performance

characteristics of slot-entry hybrid journal bearing system for symmetric and asymmetric
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configurations are described. In Part B, the comparative assessment of performance of
non-recessed hole-entry journal bearing system compensated with constant flow valve,
capillary and orifice restrictors along with slot-entry journal bearing has been presented
keeping bearing operating and geometric parameters identical.

Chapter 10 includes the conclusions and the future scope of the work.

In order to study the thermal effects in non-recessed hybrid journal bearings, the

representative values of inverse Peclet number (56*=0.0855) and dissipation

(D, =0.13023) number are computed from lubricant properties, bearing geometric and

operating parameters as presented in Appendix 1. The lubricant properties and bearing
parameters are selected from the published literature Rowe et al (1982), Ferron et al
(1983), Sinhasan et al (1989) Sharma et al (1993) and Khonsari et al (1991). The bearing
performance characteristics include the minimum fluid film thickness, bearing flow,
attitude angle, eccentricity ratio, direct and cross-coupled stiffness, damping coefficients,
critical mass and threshold speed.

The variation in the bearing performance characteristics are presented for the typically
used representative values of bearings operating and geometric parameters. The ranges of
these representative values of bearings operating and geometric parameters are shown in
the Table 1.1.

Table 1.1: Operating and Geometric Parameter Hybrid Journal Bearing.

OPERATING PARAMETER GEOMETRIC PARAMETER
PARAMETER RANGE PARAMETER RANGE
External Load (W,) 0.25-1.25 |  Aspect Ratio (A1) 0.90 -1.30
Speed Parameter (Q) 0.25-1.25 | Land Width Ratio (a,) | 0.10—0.40
Restrictor Design Parameter (C_Zsz) 0.04 -0.25 Clearance Ratio (C) 0.001
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CHAPTER 2

ANALYSIS

This chapter deals with the generalized formulation of thermohydrostatic (THS) problem
concerning non-recessed hybrid journal bearings operating with non-Newtonian
lubricant. Mathematically, THS studies involve simultaneous solutions of Reynold’s,
energy and heat conduction equations. The generalized Reynold’s equation governing
flow of an incompressible lubricant with variable viscosity is used to determine the
pressure distribution in the clearance space between journal and bearing. Temperature of
the fluid-film rises when bearing operates in hybrid mode. To evaluate this rise in the
temperature, 3D heat energy equation based on the heat balance between heat generated
due to viscous friction and heat transported due to temperature gradient is used. The
temperature of the bearing bush rises due to heat transfer from lubricant to bush. 3D heat
conduction equation is used for the computation of this temperature rise in the bush.

For a journal bearing system, the journal rotating with uniform speed at equilibrium

position, is termed as the steady state at which the static performance characteristics i.e.

minimum fluid-film thickness(h_ ), bearing flow rate((j), attitude angle(¢) and

min
eccentricity ratio( &) etc are obtained. The dynamic performance characteristics include
fluid-film stiffness and damping coefficients and the computation of these coefficients
requires pressure derivatives with respect to displacement and velocity components of the
journal. The expressions for the bearing stability parameters i.e. critical mass and
threshold speed are also derived in this chapter using the linearized equations of the
journal center and Routh’s criteria.
The analysis for the computation of performance characteristics of non-recessed hybrid
journal bearings is carried out for the following cases:
I. Isothermal hydrostatic (IHS) analysis of non-recessed hybrid journal bearings
operating with non-Newtonian Lubricant.
ii. Thermohydrostatic (THS) analysis of non-recessed hybrid journal bearings
operating with non-Newtonian Lubricant.
In the following sections, the representative mathematical models for the lubricant
flow field and the heat transfer models for the lubricant (energy equation) and bush-

housing assembly (heat conduction equation) with boundary conditions are presented.
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2.1 FLOW FIELD EQUATION

The geometry of the non-recessed hole-entry and slot-entry journal bearing is shown in
Fig. 1.3 and 1.4 respectively. The Co-ordinates X, Y, and Z are taken as reference co-
ordinates system as shown in Fig. 2.1. The journal rotates with angular velocity of @; in

a direction shown in figure.

Bearing

Op X

Journal

Fig. 2.1: Geometric detail and coordinate system

The generalized Reynold’s equation governing the laminar flow of incompressible
lubricant between the clearance space of journal and bearing considering variable
viscosity and usual assumptions is written as [Dowson (1962), Fowles (1970) and
Kucinschi et. al. (2000)]

F h
i(hSFZ@j—Fi hSFZ@ :a)JRJ i -t h +a— 2.1
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The above equation in the dimensionless form becomes as below:

i{ﬁ%@}i e, P g 21 Rgl|, o 2.
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Where F,, F;, and F, are the cross film viscosity integrals and given by the following
relations:
_ 1
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2.1.1 BOUNDARY CONDITIONS

The boundary conditions used for the lubricant flow field are described as:

1. Nodes situated on the external boundary of the bearing have zero relative pressure
with respect to atmospheric pressure.

Plp-510=0.0 ..2.3a

2. The nodal flows are zero at internal nodes except those situated on holes/slots and
external boundaries.

3. Flow of lubricant through the restrictor is equal to the bearing input flow at hole/slot.

4. At the trailing edge of the positive region

P - P =0.0 according to Swift-Stieber cavitation condition. ...2.3b

oo

2.1.2 FLUID-FILM THICKNESS

The journal bearing operating under load is required to maintain an appropriate minimum
fluid-film thickness to minimize the chances of metal to metal contact. For a rigid journal
bearing system, operating under static conditions, the fluid film thickness expression is
given as Sharma et al (2000b)

h=1-X,cosa—-Z,sina .24
Where, h is the fluid-film thickness, when the journal center is in static equilibrium

position.

2.1.3 RESTRICTOR FLOW EQUATIONS

Generally, the externally pressurized non-recessed journal bearings are used in
conjunction with flow control devices. Commonly used flow control devices are
capillary, orifice, constant flow valve and slot entry restrictors. The flow of lubricant

through these restrictors in non-dimensional form is given by Sharma et al
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(1990,1993,1999):

Qr =C, (1~ 70 (Capillary) 252
Qr =C.y1- o) 2 (Orifice) 2.5
Qr =Q, (Constant flow valve) ..25¢
Q: =Cw(1-P,) (Slot) ...2.5d

Where Pc is the non-dimensional pressure at bearing hole/slot.

2.1.4 TEMPERATURE-VISCOSITY RELATION

The viscosity z is assumed to be dependent on temperature and is defined by the relation
given below [Ferron et. al. (1983), Banwait and Chandrawat (1998)]:

g=2 =K, -KT, +K,T? ..2.6
H,
Where, K,,K, andK, are non-dimensional coefficients having values 3.287, 3.064 and

0.777 respectively.

For isothermal (IHS) case, the viscosity does not vary due to temperature rise.

2.1.5 NON-NEWTONIAN MODEL

Most of the non-Newtonian oils follow the behavior, which is represented by cubic shear
law and power law model. Many researchers have used the cubic shear law model and
power law model for the analysis of non-Newtonian behavior of the lubricants in their
studies e.g. LI Wang-Long et. al. (1996), Wang et. al. (2001), Sinhasan et.
al.(1996),Sharma et. al. (2000b, 2001) etc.

The constitutive equation for cubic shear law is described in non-dimensional form as:
— __3 —

r+Kr =y ..2.7a

Here, K is known as non-linearity factor. The viscosity of non-Newtonian lubricant is

described by the apparent viscosity (z,) and is defined as the function of shear strain
(7)-

g, =tly .2.7b
The constitutive equation for power law is described in non-dimensional form as:

=my 2 ..2.7¢c

Here, m is known as pseudo plastic viscosity constant and n is power law index.
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Where j = (#V—RJJ
cp,

n-1
2
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In the non-dimensional form, the shear strain rate (;_?) at a point in the fluid—film is

function of velocity gradients 2—8 and% , and is expressed as:
z z

(1T

p=2P;N;
j=1
aﬁ_nf N _
aa_jzz;@a P
0 _§aN,
op Fop '

Where, N; is element shape function and ny is number of nodes per element of two-

dimensional flow field discretized solution domain.
For the non-Newtonian fluids, the relationships between shear stress and shear strain rate
are mostly empirical. The following represents some of the other alternative empirical

models in the non-dimensional form Hughes and Brighton (1967).

1. Prandtl Model

7=Cysin" (7 /Cy)
2. Eyring Model
T=y1C,+C,sin(r/C,)
3. Power- Eyring Model
7=C,7 +C,sinh*(C,7)
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4, Williamson Model

— Cl — -~
T = + *
N

5. Reiner-Philippoff Model
- #l+cr?)
"T1icc,
C,,C, and C, are the constants in the above equations and z,_ is the viscosity at infinite

shear strain rate.

2.1.6 FINITE ELEMENT FORMULATION
Lubricant flow field is discretized by using 4-noded quadrilateral isoparametric elements.
The figure for discretization is given in Appendix-3. The pressure variation is assumed to

vary linearly over an element and is expressed as

H M—Dm

p= ﬁ ..2.8
Where N; is elemental shape function and n’ is number of nodes per element of 2D

flow field discretized solution domain.
Using Galerkin’s orthogonality conditions and following the usual assembly procedure,
global system equation is obtained as below [Huebner (1975), Zienkiewicz et. al. (2005)]:

[FIPl=Q}+ R+ X, R+Z; R} .29
Where,
[ ] = assembled Fluidity Matrix,
{ } = nodal pressure Vector,
{ } = nodal Flow Vector,
{R., } =column Vectors due to hydrodynamic terms and
R

R }{ } global right hand side vector due to journal center velocities.

For e™element these are given by:

_ N, _ N, oN,
Fe=|h [Fz N i g, N ’}dge ..2.10a
A oa oa |’ op op
_ j{[ﬁe‘fz?— ( -%jﬁ]m[ﬁefz %)Iz}Nidfe ...2.10b
re a 0
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RS = | [1—@]5%«29 ...2.10c

Qe FO aa

R, ® = [N;cosadQ° ...2.10d
Qe

R, = [N;sina dQ° ...2.10e
Qe

Where I, and I, are directions cosines and i, j=1,2 ... n/ ( number of nodes per

element). The derivation for the above equations is given in Appendix-4.
2.2 ENERGY EQUATION

The energy equation in fluid film lubrication problem is generally obtained by
incorporating the usual thin film approximation into generalized energy equation. This
equation in the conventional form is, however, valid only in the positive pressure region
of the fluid-film. In asymmetric configurations of non-recessed hybrid journal bearing,
there is possibility that the film may rupture and cavitation may occur. In the cavitation
region, the film remains incomplete since it splits into a large number of streamers that
are separated by the air/gas/vapour pockets. In the present analysis, it is assumed that the
lubricant and gas streamers are distributed in such a manner that, within each element in
the discretized flow field, the lubricant flow may again be treated as continuous. The
three-dimensional energy equation is therefore used in the entire fluid flow domain, with
the following assumptions:
» Conduction along axial as well as circumferential directions has been neglected as
compared to radial conduction heat transfer.
» Heat dissipation due to compression has also been neglected compared to viscous
dissipation.
The 3-D energy equation is expressed in non-dimensional form as given below [Ferron et.
al. (1983), Sinhasan and Chandrawat (1989), Banwait and Chandrawat (1998)].

_ | ety oty w oty | _.[o'T¢ ) _ 7)Y (ov)?
h2lg v W o 4D,z (a—L_’] +(@_j 211
da op h' oz oz° oz oz
An operator aa* is introduced to convert shape of fluid film profile into rectangular
o

field and is expressed as
0 0 _ ztohad 212
The substitution from Egn. 2.12 into Eqn. 2.11 yields Sinhasan et al (1989)
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_ [ eT, o, 1 hooT, | _.[(o°T, ) _ oY (ov)
h? U—f+v—f+:(W—ZUa—)—f =P, " 14+D,1 (a_uj +[@j
da 9B h da T oz7? oz oz

..2.13

Where U,vandw are the non-dimensional fluid film velocity components in

a, fand Z directions respectively are given by:
- 27 Fzl Qlz1
a=h? P [ ezt 2z || 2 | [~ dz ..2.14a
oa\ou Foou Fo)ou
_ I3 E Z
v:hzﬁtjédz—ijédz] ..2.14b
op\ok Foon
wozg - ijﬁﬁdﬂijﬁwz ..2.14¢
oa oa 0 8ﬂ 0
P, and D, are inverse Peclet and dissipation numbers respectively and are defined as:
pr=| K ”;RJ R—g ..2.14d
PiCpt C'ps)C
Y H c’ps | Ry
D= r S > ..2.14e
pPiCpt J\ 4Ry ) 7T,

2.2.1 BOUNDARY CONDITIONS
To solve the energy equation following boundary conditions have been used Sinhasan et
al (1989).

1. T; =T, at z=1.0 i.e., fluid-film journal interface ...2.15a

2. T,=T, at Z=0.0 i.e., fluid-film bush interface ...2.15b

Boundary conditions are modified after each iteration according to the bush

temperature distribution obtained from heat conduction equation.

2.2.2 FINITE ELEMENT FORMULATION

The entire fluid domain is discretized using 8-noded hexahedral linear isoparametric
elements. The figure for discretization is given in Appendix-3 .The three dimensional
finite element grid for the thermal analysis contains two elements along film thickness,
I.e. in the radial direction while it is made compatible with the two dimensional grid used

in the analysis along the remaining two directions (i.e. circumferential and axial). The
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relations represent the distributions of temperatures and velocity components over the

e element are:

-rfe = _ij' ...2.16a

RATED (AN ...2.16b

Where N; is the interpolation function for the j™node of the 8-noded hexahedral

isoparametric element and n; is the number of nodes per element for 3D flow field

discretization.
Using Galerkin’s method Eqgn. 2.13 is reduced to the following system equation
[Huebner (1975), Zienkiewicz et. al. (2005):

(A T §= {Br 1+ Cr } ..2.17
Where [KT] is the system thermal stiffness matrix of fluid domain, {Tf } the nodal

temperature vector, is the system unknown, {§T} is the nodal vector representing

dissipation term and {C_:T} is the vector representing the interaction with the bush and

journal.

The system Eqn. 2.17 is obtained by assembling the contribution of all elements in the

entire discretized fluid domain, where for an e element:

JON AN w AN L oNg N,

Ar, _j N,h? R B B +P, a’{'—j do® ...2.18a
aa o h oz 0z oz

Bt=D, |z %aNi—ez faNj 2 N,dQ® 2.18b

= —.U; + —V. vl

T eQe/Jf j= 62 ! j= 62 J

T,

Cri= PR fENidr ...2.18c

2.3 HEAT CONDUCTION EQUATION

The three dimensional Fourier heat conduction equation is used to determine the
temperature distribution in the bush. The heat conduction equation in cylindrical co-

ordinates is given below [Ferron et al(1983), Banwait and Chandrawat (1998)]
19 kbr% ENUE Ky —2 Mo |, Ky —2 M |_g ..2.19
ror or r? oa o 8y oy
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By introducing the following parameters

r

ks T R R
r J J

Eqgn. 2.19 is reduced to following non-dimensional form
10(-_0aT,) 1 o (- aT, o[- oT,
——[kbr—b]+——( b—bj+r— y—= (=0 ...2.20
ror o ) f?oa\ oa B\ op
2.3.1 BOUNDARY CONDITIONS
The conduction equation is solved for temperature T, satisfying the following boundary
conditions is given below [Sinhasan et al (1989), Banwait and Chandrawat (1998)]:
1. On the fluid-bush interface (Z =0,7 = R,)

T k, (0T,
DR LIS [ LU ..221a
or )’ th| oz

2. On the outer part of the bush (T = R, ), the free convection is assumed

hR - _
|rory = =2 (o) rr, — Ta) ..2.21b

Gl h,R
kb

or

3. On the lateral faces of the bearing (S =+1)

oT, h,R — —

ﬁ‘ﬁ:ﬂ :_K(Tb‘ﬂziﬂ _Ta) ..2.21c
4. Atthe inlet edge of the hole

Ty =T, ..2.21d

2.3.2 FINITE ELEMENT FORMULATION

The bush is discretized using 8-noded hexahedral isoparametric elements for the thermal
analysis. The figure for discretization is given in Appendix-3. The grid is made
compatible with the one used for lubrication and thermal analysis of fluid domain. The
temperature T, , in an element is approximated by the relation:

_ o
Ty = 2N Ty, .2.22
j=L
Where N is shape function and ng is the number of nodes per element for 3D structure

solution domain ().
Using Galerkin’s technique, the following system equation in assembled form is obtained

for the solution domain as expressed by Huebner (1975), Zienkiewicz et. al. (2005):
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[[R}]+[Kh]]ﬁ1}:{ﬁ}} ..2.23

Where for e element:

_ _ CON ON CON
[KT]e = [|kp %GN' ! +8N' d +a|\1, L rdoe ...2.24a
o r2 da da Of OB  oF oF

Ky [ = [h,N;Ndr® ..2.24b
re

{H; [ = [gNdre ..2.24¢
l-e

2.3.3 JOURNAL TEMPERATURE

Based on the experimental investigation of Dowson et al (1966), the temperature in the
journal is assumed to be uniform in the circumferential direction, due to its rotation. The
journal temperature is obtained by considering the journal in thermal equilibrium, which
requires that the total heat flows to and from the journal are equal as expressed by
Sinhasan and Chandrawat (1989). The amount of heat received by the journal is given by

the heat flux continuity at fluid-journal interface and is expressed as

q, < [ XRuf T, | 1odedp 2.24d
= —| — || 5 odp. L
qu 2o (_:h az z=1.0

The free convective hypothesis at the two ends of the journal gives the amount of heat
flowing out of the journal. Assuming journal to be one dimensional heat flow element,
the heat rejected through the two ends of the journal is given by

__2h;A,
qu - RJ

(T, -T.) ..2.24¢

Where # is the heat flow area which is assumed to be equal to the cross-sectional area
of the journal. For the thermal equilibrium of the journal, the heat received by the journal
is equal to the heat rejected by the journal (i.e. Ty :C_'JO), then the journal temperature
('ITJ.) is obtained by equating the equations (1) and (2).

24 PERFORMANCE CHARACTERISTICS

The bearing performance characteristics are generally classified into two categories i.e.
static and dynamic performance characteristics. The static performance characteristics
include load carrying capacity, minimum film thickness, lubricant flow, attitude angle
and eccentricity ratio. The dynamic performance characteristics comprise of stiffness and

damping coefficients, critical mass and threshold speed.
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2.4.1 STATIC PERFORMANCE CHARACTERISTICS

The static performance characteristics are computed for the static condition (i.e
)?J = ZJ =0) of loading. For the computation of performance characteristics it is first of
all essential to establish the journal center equilibrium position for a given vertical load as
described in the following subsection.

JOURNAL CENTER EQUILIBRIUM POSITION

Under a given bearing geometric parameters and for a given external vertical load,

journal center position (X ,,Z) is unique. For a given external load, tentative values of
journal center coordinates are fed as input. The corrections (AX;,AZ ) on the assumed
journal center coordinates (X,,Z,) are computed using the following algorithm. The

fluid film reaction components F,,F, are expressed by Taylor’s series about i™ journal

center position. Assuming that the alteration in the journal center position are quite small

and retaining terms only up to first order in the Taylor’s series expansion, the corrections

(AX |i AZ, |j) on the coordinates are obtained as Sinhasan et al(1989):

_ = F,
AX, | __ L S P ...2.25a
' D,|az,| oz, |, ||F.| - W,
_ L oE = F
AZ,| __ 1| Ol 1] _ i ..2.25b
D, oX,| X, |, ||F.| - W,
Where,
D, = oF | oF | _oF | oF ..2.26
0AX,| 0AZ,| 0AZ,| 24X, |

The new journal center position co-ordinate [)T 3 |i+1, Z, |i+1J are expressed as:

J|i+1=iJ|i+A>7J|i ..2.27a

Z,|.,,=Z,| +AZ ), ..2.27b

The final journal equilibrium position is established using an iterative scheme. The
convergence criterion for the termination of the iterative loop is described in  Chapter 3.

Using the computed journal center coordinates (X, andZ;)minimum fluid film

thickness and eccentricity ratio are computed from the expressions given below:
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hmin =minof (h(Eqn2.4)) , n=123.... n, ..2.28
Where, n, is the number of nodes in the lubrication flow field solution domain for

solving Reynold’s equation.
&= (|XJ|2+|Z_J|Z) ..2.29

LOAD CARRYING CAPACITY

Fluid film reaction components are given as Sinhasan et al(1989).

_ A 2z

F,=—] [pcosadadp ...2.30a
2 0

_ A 27

F,=—[ [psinadadp ...2.30b
40

The resulting fluid film reaction is expressed as

F=[F2 +F%]" 231

ATTITUDE ANGLE

The attitude angle is defined as the angle between the line of action of external load, W,

and line of center. If the line of action of load (i.e. vertical load line) is taken as a
reference for computing attitude angle, then for different positions of journal center, the
expressions to the attitude angle is given as:

case (i)

X;>00;2,>00

¢ = % + tan‘l[é—ﬂ ..2.32a
case (ii)

X,<00;Z,>00

¢=;z+tan*1ﬁ ...2.32b
J

case (iii)

X;<00;2Z;<00
Z

¢:3—7[+tan’1 =% ...2.32¢

case (iv)
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X;>00;2Z;<00

X
=z +tan =L
¢ z

J

...2.32d

242 DYNAMIC PERFORMANCE CHARACTERISTICS

The bearing dynamic coefficients i.e. stiffness and damping coefficient of fluid-film fall
in this category. For two degree of freedom system, there exist four stiffness and four
damping coefficients, which can be used to study the stability of the system. The figure

for dynamic modeling is given in Appendix-3. These coefficients are defined as below:

FLUID FILM STIFENESS COEFFICIENTS

The fluid-film stiffness coefficients are defined as:

S; =—aa—|;‘(i =X,1) ...2.33a

Where “i’ represents the direction of force and g represents direction of displacement of
journal center coordinate (X, or Z;).

Stiffness coefficient matrix will be

oF, OF,
PXX S_XZ}:— Xy 0L ..2.33b
Szx Szz aEZ aEZ

oX, 0Z,

FLUID FILM DAMPING COEFFICIENTS

The fluid film damping coefficients are defined as

Cjj =—?(i =X,2) ...2.34a
q

g represents the velocity component of journal center ( )?J or ZJ )

Damping coefficients matrix is given by:

oF, oF,
CEXX CZXZ = aX—J az.—J ...2.34b
sz sz aEZ aEZ

X, 0Z,
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DETERMINATION OF PRESSURE DEREVATIVES
The quantities appearing in RHS matrices of Egn. 2.33b and 2.34b are determined as

under:

Writing the Eqn 2.9 in expanded from, we get

I IEll IElZ IE1Lj t IEln | 51 (jl ﬁH 1 ﬁ><1 ﬁz1
I?il IEIZ _u _in ﬁ (j| ﬁH i _ ﬁ><i _ ﬁzi

: : = bHQL P XY P b2 ..2.35
Fjl F12 ii in ﬁJ' Qj ﬁHJ RXJ RZJ
L IEnl IEn 2 lfnj IEnn i ﬁn 6n ﬁHn ﬁxn ﬁz"

The values of F;,Q ,R,; R, and R, are calculated from the expressions givens by Eqn.

2.10a to 2.10e respectively.
The total pressure at any point in the lubricant flow field is expressed as

P, =Py + P, +7,, ..2.36
Where

P, ; = Steady state nodal pressures when X, = Z ;=00

P, , P,= Nodal pressures due to journal centre velocities ()?J ,Z J) respectively.

Let j" node is the hole/slot node. The flow through hole/slot is given by the Eqn. 2.5a to

2.5d and can be written in general form as:

Q, =C,,[1- Py — Px, — Py, ) for capillary ...2.37a
1

Q, =Cq,(1- Py = Py, — Pz, )? for orifice ...2.37b

Q, =Q. for constant flow valve ...2.37¢

Q, =Cq, (1— By — Px, — Py, ) for slot ...2.37d

Substituting for Q, from above equation to Eqn.2.35, we get

F. Fo R Fo| [P Q R Ry, R,
IEll 'flz 'EIJ IEin Ei (j| §Hi _ ﬁx o ﬁz

: Db= +O T+ X, +Z,
Fjl FJZ FJJ FJ” p; 652(1_ Poj — ﬁXJj - ﬁZJj ) ﬁHJ RXJ RZJ
L 'Enl I?nz Ifnj 'Enn i ﬁn (jn ﬁHn §><" §z"
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...2.38

Fll |f12 lflj lfln ﬁl Q1 RHl Rxl Rzl
I?I IE| 'El IEIn ﬁi 6| ﬁ i ﬁ><i ﬁZi
S ' S A 0 R I R O X
: : P = +0 +X,9 1 p+Z,
Fjl FJ2 (Fjj + CSZ) an ﬁj 6sz §H, RxJ RzJ
L Ifnl IEnZ 'Enj IEnn i ﬁn an ﬁ|—|n 7xn §zn
For steady state equilibrium conditions
)?J =Z =0.0and py, =p,, =0.0
The Eqgn. 2.38 reduces to
lEll IE12 IE1j IE1n ﬁol 61 ﬁH1
I?il |?|2 'Eu IEin ﬁoi 6| ﬁHi
: : : : : R L 2 ..2.40
Fio Fppo oo (Fjj +Csz) o Fi || Py Cs, ﬁHj
_lfnl lfnz e Ifnj e IEnn i ﬁon 6;1 ﬁHn

The solution of above equation after modification for the boundary conditions gives the

nodal pressure(p). For the computation of stiffness coefficients (S_XX,S_XZEZX,S_ZZ) as
given by EQgn.2.33b, the nodal pressure derivatives at steady state conditions

op..; op..;
E” and &
X, oz,

J are to be calculated by differentiating system equation with respect

to X, and Z, for static equilibrium conditions.

Differentiating Eqn. 2.40 with respect to X,

®) (0q) [Ru| [F B R R,
R R R RS (e[| |06 A A,
P i S @l oo | |Ra| |0R. R, R R ||
E FE. .. E ... E ~~ i = - = = = Poi
.|1 .|2 ) .IJ ) .Iﬂ aXJ axJ Q GXJ 6X 3 6X 3 6X J . 6XJ
: : : : : : L=y ot A el B L : :7 : L .
Fo Fo o (Fro) - Byl |Bo) | R | | Fu Fp By F g
S : coo | |9X , X, | |oX, X, X, X, ||
_Fnl F, - F an_ aijn a(gn aﬁ.Hn al-fnl aﬁnz : alfnj : aﬁm E
Xy ) LK, X, ) |axX, X, X, oX, | Por
..2.41
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Where ¢ is the derivative of restrictor flow ((3J = CSR) with respect to X, and Z,, it is

given by

5=C,, For capillary restrictor
=C,, /21— [ For orifice restrictor
=0 For constant flow valve restrictor
=Cq For slot-entry journal bearing

The individual element of matrix/vector of the above equation is computed using the
following expressions:

F° _ _ON. ON.  _ N,
= [[3h?(-cosa) F, N, L+ F, N, L da dp ..2.42a
) da oa 0B op
R —ﬂ( J( cosa) i dar dp 2,420
F0 oo

Similarly differentiating the system equation with respect to Z, gives the equation as

given by Eqn. 2.41only by replacing X, in each term by Z, so,

oF;° _ _ oN. N, _ oN. ON;
— = [[3h?(-sina) F, oN; 7, +F, oN; o, a dp ...2.42c
0Z, oa Oa op op
GR”' H(l——}( sina)%da dg ..2.42d
F, oa
. “ . aﬁoj aﬁoj
Using the values of pressure derivatives | —— and

— J obtained from the solution of
J J

Eqgn. 2.41, the components of the RHS matrix of Eqn. 2.33b may be computed as below:

E 222

B 1T-P cosadads .2.43a
oX; 200X,

F 42z

F 1T singdads ..2.43b
OXy; 00X,

FE 22
@ I P cosadadp ...2.43c
0L, Zi0 0L,
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A2
F 1P sinadadp ...2.43d
0Z, 100,
- - aﬁo‘ aﬁo' - -
The nodal pressure derivatives —and —~ | required for the computation of
oX 07,

damping coefficients are obtained by differentiating global system equation with respect
to X , and 7 ; respectively.

Differentiating Eqn. 2.39 with respect to )?J ,we get

B [og) [Ra
LT A S I R S
G S | o | | PR
F, Fo - F; S ™ oX, y oX,
: S : :l Pob=yTd ...2.44a
_ _ — .. : R
Fjl FjZ (Fjj + D) ’ Fin &)J 0 aIiXJ
: X, : oX,
_Ifnl lfnz Ifnj Ifnn_ aﬁ‘on agn aRLm
X, %) %,
Differentiating Eqn. 2.39 with respect to ZJ yields
Pa| (0Q,) |PRa
- S R o
F. Fo - F; - Ry 0Z, @? 0Z,
: . . N . : E = :‘] + i 244b
_ _ — op.. :
Fo Fo o (Fp+D) o B [Pa) | o | [P
: a;J : 0Z
_Enl IEnz Enj 'Enn_ a_:on 5@ R
oz, 92, |47,

The solution of Eqn. 2.44a and 2.44b after modifications for boundary conditions yields
the required nodal pressure derivatives 6ﬁ/ 6)?J and dp / o7 ; respectively. These values

are used to compute the components of the RHS matrix of Eqn. 2.34b as below:
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FE 42

B 1 T-P cosadadp ..2.45a
X, 40X,

F 42z
. _ [ ] 6_ﬁ sinadadp ...2.45b
oX, 20X,

FE 4
a— | ijcos(xdadﬂ ...2.45¢C
0z, “»0 oL,

E A 2r
F 7P singdads ...2.450
oz, 404z,

STABILITY PARAMETERS

For a very small disturbance from the equilibrium position, the hydrodynamic forces in
the journal can be regarded as linear functions of the displacements and the velocity
vectors. The equation of disturbed motion of the journal can be written by equating the
inertia force to the stiffness and the damping forces. The linearized equation of motion of

the journal in the non-dimensional form is given by:

[MJ]{)._(J }“'[C_:]{)?J }+[S_]{)TJ}:O ..2.46a

We can write equation of motion in matrix form

WJ EHiHé CEHYHS SH?HO} 246
0 MJ ZJ sz sz ZJ Szx Szz ZJ 0

The characteristics polynomial equation for the two-degree of freedom system is a

quadric equation of the following form

as’+a,s®+a,;s®+a,s+a, =0 s = complex variable 247
a.l Zl > 0
1 — —
ap :,\W_J[Cxx'i'czz >0
1 — — _ _
a3 - [ xszz +MJ[SXX+SZZ] szczx] >0
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1 1~ — - _
ds :——Z[Sxxszz _szSzx] >0
MJ

Using the characteristic Eqn. 2.47 and Rouths’ criteria, the stability margin of the journal

bearing system, in terms of critical mass M, is obtained. The system is stable when

M, < M. The non-dimensional critical mass M of the journal is expressed as

M, == G1_ ..2.48
Gy -Gs

C_;l = [C_:XX622 - 6zx6xz
C_;‘z _ [éxx §zz _§zx é><z] [C_:xx +C—\72]
[éxx C_:Zz + §zz c_:xx _éxz c_:'zx _ézx (_:xz]
~ [gxxc_:xx + §xz(_:xz + S_zxc_:zx + S_zzc_:zz]
G. =
[C_:xx + C_:zz

3 =

Threshold speed that is the speed of journal at the threshold of instability can be obtained

using the relation given below:

Wy {M/gj% ...2.49

Where, If0 is resultant fluid film force or reaction [% = OJ

The governing system equations presented in this chapter are solved to compute the
bearing performance characteristics. The solution procedure, adopted to find the matched
solution of the governing system equations and subsequently to compute their

performance characteristics, is described in the next chapter.
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CHAPTER 3

SOLUTION PROCEDURE

The performance characteristics of non-recessed hybrid journal bearings system are
computed by developing a computer program based on the analysis described in the
previous chapter. In a journal bearing system, the distribution of fluid film pressure
depends on the clearance space geometry and the variation of viscosity of the lubricant
due to temperature rise and non-Newtonian behavior of the lubricant for given geometric
and operating parameters. In case of rigid isothermal bearings, the Reynold’s equation
required for lubricant flow-field is linear in pressure and can be solved easily to give the
fluid-film pressures. But when the variation of viscosity of the lubricant due to
temperature rise and non-Newtonian behavior of the lubricant is considered, the
Reynold’s equation becomes nonlinear in pressure whose solution is not straightforward.
In this case, simultaneous solution of all the governing equations using a suitable iterative
procedure is needed to establish the fluid-film pressure profile. The bearing performance
characteristics are computed once the pressure distribution in the lubricant flow-field is
established.

The software developed for this study is general and capable of handing lubrication
problems for the rigid journal bearings operating in hybrid mode of operation and
considering the variation of viscosity due to rise in temperature and non-Newtonian
behavior of the lubricant. The developed program can also be used for computing the
performance characteristics of plain hydrodynamic journal bearing by changing the
operating and geometric parameters, which is later used for establishing the validity of
present analysis, solution scheme and the program.

The strategies adopted to obtain the coupled solution of the Reynold’s, heat energy and
heat conduction equations are presented in this chapter. The overall solution scheme is
divided into four different modules. Table 3.1 lists the modules which are used to solve
concerned governing equations and the corresponding output.

In each of the first three modules, a concerned governing equation is solved to give the
required output. The last module couples the various modules. After the execution of a
concerned module, the output (s) are stored in intermediate data file(s) such that they can

be used either as input parameters or as required boundary conditions by the other
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TABLE 3.1: Different Modules

Module | Module Title Gover_mng Output
Equation
| NNWTN- Revnold’s Pressure field and static and dynamic
LUBRA y performance characteristics.
Il ENRGY Heat Energy | Temperature distribution in the fluid film.
i CNDUC Heat . Temperature distribution in the bush.
Conduction

v COUPLE | All above Solution of the coupled problem.

module (s) for the solution coupled problem. The scheme adopted to couple the different
modules, which are used to solve the governing equations i.e. Reynold’s, heat energy and
heat conduction equations is shown in the Fig. 3.1. The solution of the coupled problem
is achieved by adopting nested iterative scheme coupling the different modules and
matched solution of the governing equations. The Figure is made self-explanatory by
using the different styles of connecting lines. The overall solution scheme comprises of
three different modules namely Module NNWTN-LUBRA, Module ENRGY, and
Module-CNDUC. In module NNWTN-LUBRA, the generalized Reynold’s equation
governing the flow of the non-Newtonian lubricant is solved along with restrictor flow
equation so as to obtain fluid-film pressures. This solution is used as input for the
Module-ENRGY for solution of energy equation. The journal temperature is then
computed using the fluid-film temperatures obtained from the solution of energy
equation. Energy equation is repeatedly solved after modifying for the boundary
conditions at fluid-film journal interface. The iterations are terminated when index ITJR
attains a value equal to unity. Module-CNDUC is used to compute the temperature in the
bush. To establish the converged solution for the fluid bush interface and bush surface
temperature, energy and conduction equations are solved simultaneously using the
boundary conditions. When the value of index ITFB becomes unity it indicates the
convergence of the fluid-bush interface and bush surface temperature. Since the
temperature distribution alters the fluid-film viscosity field, a new fluid-film pressure
field is obtained using Module NNWTN-LUBRA. The iterative procedure is repeated till
the converged solution for the fluid film pressure field (ITPR=1) is obtained. The
execution of coupled modules is terminated by satisfying the predefined convergence
criterion, explained later in section 3.4. The indices used to indicate the convergence

criterion and used in various flow charts are shown in Table 3.2. The developed software,
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Initialization

T, = T_b =p; =10
- - -~ Updating for next iteration
— . = Passing interdependent parameters
Output of individual Module Converged
Solution of coupled module
MODULE
Pressure <— NNWTN-LUBRA
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( Thermohydrostatic Rheological Solution )

Fig 3.1: Module: COUPLE

which is capable of providing the solution for thermohydrostatic rheological journal
bearing problem, can execute the different modules separately as desired by the user. To
specify the type of solution to be obtained from the software, an index ‘Option’ is used.
The problem index *Option’ can have values from 0 to 2 to define the type of problem as
shown in Table 3.3 Further, the present study includes the different restrictors as the
compensating elements for hybrid journal bearing systems. The index ‘IR’ is used to
indicate the type of restrictor used for the solution. Various restrictors that are employed
in the study are mentioned in Table 3.3 and are chosen by selecting a value of index ‘IR’

In the following sections, the different modules along with their algorithm are described.
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TABLE 3.2: Indices used in Flowcharts (Fig. 3.1 to Fig. 3.5)
Indices for Iteration Termination
IECH=1 | Journal center equilibrium achieved
ITFEB=1 | fluid bush interface temperature established
ITIR=1 | journal temperature established
ITPR=1 | pressure convergence achieved
Indices for Iteration Counter
IEQT Iteration counter for journal center equilibrium
IFBC Iteration counter for fluid bush temperature
IJRC Iteration counter for journal temperature
IPRC Iteration counter for pressure convergence
Iteration counter for pressure convergence for non-Newtonian
KNNT -
Lubricant
Indices for Maximum Number of Iterations
IFBM | Maximum number of iteration for fluid bush temperature
IJRM Maximum number iteration for journal temperature
IPRM | Maximum number of iteration for pressure convergence.
INERX | Maximum number of iteration for journal center equilibrium
Maximum number of iteration for pressure convergence for non-
ITMXN . .
Newtonian Lubricant
TABLE 3.3: Problem and Restrictor Indices
Problem Indices
‘Option’ Solution Obtained
0 Isothermal Hydrostatic Solution (IHS)
1 Isothermal Hydrostatic(IHS) Rheological Solution
2 Thermohydrostatic(THS) Rheological Solution
Restrictor Indices
‘IR’ Restrictor Type
0 Capillary
1 Orifice
2 Constant Flow Valve
3 Slot-Entry

3.1 MODULE ‘NNWTN-LUBRA’

In this module, the Reynold’s equation with restrictor equation is solved after satisfying
appropriate boundary conditions to yield the pressure distribution in flow-field. The index
‘IR’ decides upon the choice of restrictor to be used. In this work, capillary, orifice and
constant flow valve restrictors are used as flow control devices. Further, this module also
handles slot-entry journal bearing problem. The flowchart of module NNWTN-LUBRA

is shown in the Fig. 3.2.
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The solution for the Newtonian lubricant is obtained as the initial trial solution to be used
for the non-Newtonian case. The element fluidity matrix and right hand side vector of the
Eqgn. 2.9 are generated and assembled using the usual assembly procedure in the

subroutine FLUID wusing Egns. 2.10. In this subroutine the cross viscosity

integrals F,, F,,F, (Eqn.2.2b) and fluid-film viscosity can be computed for both

Newtonian and non-Newtonian lubricants. The values of cross viscosity integrals Fo, F1
and F. are obtained at each gauss point using Numerical integration (Simpson’s

rule).The shear strain rate 7_/ is computed using equation (2.7c), and the corresponding

equivalent shear stress z is obtained from equation (2.7a) using Newton-Rapson’s

method. The apparent viscosity z, is computed at each gauss point, using equation

(2.7b).The temperature viscosity relationship as expressed by Eqn. 2.6 is used to compute
the viscosity. For the continuity of the flow between restrictor and bearing, the system
equation is modified accordingly. The restrictor flow equation is linear for capillary,
constant flow valve and slot thus maintaining modified system equation as linear whereas
it is nonlinear for an orifice restrictor. The subroutine BOUNDRY modifies the system
equation for specified boundary conditions. The modified system equation is solved for
the nodal pressure in subroutine SOLVER using the Gaussian elimination technique. The
modifications for the continuity of flow for orifice restrictor make the system equation
nonlinear and therefore solved using Newton Rephson iterative method in subroutine
RAPSON.

In BLOCK NON_NWTN the iterative procedure is terminated when the difference in
nodal pressures at each nod in the successive iteration becomes less than the predefined
tolerance of ZO <0.001for non-Newtonian solution. The pressure field for the
lubrication flow field for Newtonian and non-Newtonian lubricants can be obtained as
shown by BLOCK PRES. The journal center equilibrium is established by an iterative
method as explained in section 2.4.1 and shown by BLOCK EQM in Fig 3.2.

The nodal pressure thus obtained after achieving journal center equilibrium position
subsequently used as the input variable by the other modules. The static and dynamic
performance characteristics are computed. The stability parameters (critical mass and
threshold speed) are computed in subroutine ROUTH using Routh’s criterion of the
stability.
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Fig. 3.3: Module: ENRGY
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3.2 MODULE-‘ENRGY’
In this module the 3D energy equation is solved (Eqn. 2.13) along with appropriate

boundary conditions as described in the section 2.2.1 to get the temperature distribution
in fluid-film. In order to obtain the temperature distribution over the solution domain,

velocity components (U,V,w) are needed and the output of module NNWTN-LABRA
i.e. nodal pressures are used to compute the fluid velocity components. Further, fluid film
temperature (T,) obtained from the iterative solution of the energy equation is used to
establish Journal temperature. The flowchart of the solution scheme to find temperature

distribution in the lubricant flow field is shown in Fig. 3.3. The velocity components are

computed in the subroutine VCOMP using the pressure distribution in the flow field as
defined by Eqns 2.14. At the same time cross viscosity integrals, F,,F,,F, (Eqn. 2.2b) are
computed using the flow field temperature distribution obtained from the previous
iteration. Subroutine ESTIF generates left hand side matrix of the system equation (Eqgn.

2.17) i.e. the element stiffness matrix [KT] using Eqgn. 2.18a and assembled following

the usual assembly procedure. The right hand side vector {§T} is formed and assembled

in subroutine DISIP using Eqgn. 2.18b. The system equations are then modified for the
boundary conditions and are solved using Gauss elimination method EBNDR and
ESLVG respectively. The solution of the heat energy equation gives the fluid-film

temperature distribution. Using the known temperature distribution in the clearance space

journal temperature T_J is evaluated in subroutine JRTMP. The boundary condition given
in Egn. 2.15 a is modified(T; =T, at z=1.0 ) to get the fluid-film temperature

distribution for the next iteration. This iterative procedure is terminated when converged
solution for journal temperature is satisfied and the value of index ‘ITJR’ attains a value
equal to unity. The fluid-film temperature so obtained is used as boundary conditions for

solving the conduction equation.

3.3 MODULE-‘CNDUC’

This module solves the 3D heat conduction equation to get the temperature distributions
is the bush as shown in the Fig. 3.4. The thermal stiffness matrix [ K, ]given by Eqn.
2.24a and the stiffness matrix [Kh]due to convection heat transfer boundary condition

given by Egn. 2.24b are formed and assembled in the subroutine TSTIF and HSTIF

respectively.

64



Read 3D mesh data for conduction equation
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______________________________________
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{Tb } in out put file (Egn. 2.15b) and execute
MODULE ENRGY

Fig. 3.4: Module: CNDUC

Thermal load vector is generated in the subroutine TLOAD as defined by the Eqgn. 2.24c.
After the assembly, thermal stiffness matrix and load vectors are modified for the
boundary conditions prescribed by Eqgns. 2.21 in the section 2.3.1. The prescribed
temperature boundary conditions are to be read from the data file generated from the
solution of energy equation. A check for the convergence on the fluid bush interface

temperature is employed as described in section 3.4. If the convergence is not achieved,

the boundary condition for the energy equation is modifiedT, =T, at Z=0.0 and
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solved to give new fluid film temperature field. The temperature distribution obtained in
the bush is used to establish the fluid bush interface temperature. The fluid-film
temperatures are used to modify the viscosity of the fluid-film to compute the pressure

field for the next iteration

3.4 CONVERGENCE CRITERION
The nodal pressure computed in the current iteration(say m™) by solving the concerned
system equations of the discretized flow field is compared to those of previous (i.e. (m-
1)™) iteration. The iterations are terminated when the pressure at all the nodes of the flow
field satisfies the following criterion.
|{ﬁm} _{ﬁ(m—l)}
)

When the criterion by Eqn 3.1a is satisfied, the index for convergence ‘ITPR’ attains a

*100<0.01 ..3.1a

. L A ..
value equal to unity. A convergence criterion (_p] of 0.01 percent tolerance limit for the

pressure is adopted after comparing the solution for different trial values of tolerance
limit. Use of more severe convergence criterion than adopted for the present study
provides no significant improvement in the final results (minimum fluid-film thickness,
temperature and pressure distribution ).

The criterion for temperature convergence can be obtained by replacing p by T in Egn.

3.1a. Therefore the convergence criteria for journal temperature (Egn 3.1b) and fluid bush

interface temperature (Eqn 3.1c) may be written as:
=T
T

T~ {T_"’(mil)}|*1oo <001 ..3.1c
T}

*100<0.01 ..3.1b

3.5 SOLUTION SCHEME FOR THS RHEOLOGICAL SOLUTION
OF HYBRID JOURNAL BEARING

The algorithm adopted for the computation of performance characteristics for the journal

bearing with variable viscosity due to rise in temperature and non-Newtonian behavior of
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the lubricants is shown in Fig 3.5. The different steps involved in the over all scheme are

described as follows:

1.

The solution for the Newtonian lubricant is obtained as the initial trial solution to be

used for the non-Newtonian case. The values of functionFo., F: and F. are

obtained at each gauss point using Numerical integration (Simpson’s rule).

The shear strain rate ;_/ is computed using equation (2.7c), and the corresponding

equivalent shear stress 7 is obtained from equation (2.7a) using Newton-Rapson’s
method. The apparent viscosity gz, is computed at each gauss point, using equation
(2.7b).

The iterative procedure is terminated when the difference in nodal pressures at each
nod in the successive iteration becomes less than the predefined tolerance of
Z0 < 0.001for non-Newtonian solution.

Compute the corrections on the journal center coordinates for i journal center

position( 4X |i , AZ, |i using Eqns 2.25a and 2.25b respectively.

Check for the convergence criterion as given below on the correction of the journal

center coordinates.

1

[AY]Z +A2j2F
[sz +Zj2F

if the above criterion is satisfied(IEQT=1), it is assumed that the journal center

%100 < 0.001

equilibrium position is established and iterations are terminated, otherwise the
procedure is repeated starting from step 4.
After establishing the journal center equilibrium position compute the pressure field
using BLOCK PRES.

For a rigid bearing, once the pressure convergence is achieved, compute pressure

derivatives with respect to circumferential and axial coordinates(g—p,g—;) and
[24

calculate velocity componentsu, vV, w using Eqn. 2.14.

Using the velocity components of step 8, execute the module ENRGY as shown in
Fig. 3.3. The solution of the energy equation gives the fluid-film temperature.

Calculate journal temperature, using fluid-film temperature.

67



Read mesh data for different Modu

les

Read geometric and operating parameters

)

Initialization
-Ff Z-Fb =p; =10

Y
BLOCK PRES (Fig 3.2)
BLOCK EQM (Fig 3.2)

0
@ Dynamic Characteristics

YES

NO ~Iprc<IPRM

IPRC=IPRC+1

*l, 2

IHS Solution Static and

| BLOCK NON-NWTN (Fig 3.2)

v
BLOCK EQM (Fig 3.2)

|

Modify viscosity

| Modify fluid film thickness (Eqn 2.4) |

!
L <{TPR>

! IH
@tion !
2

S Rheological Solution
Static and Dynamic
Characteristics

Modify boundary conditions
Tf|Z:1.0 = TJ

ITIR=0; JRC=1

THS Rheological Solution

Static and Dynamic
Characteristics

[BLOCK FILMT (Fig 3.3)]

ITFB=0; IFBC=1

{

| BLOCKBNGT (Fig3.4) |

Modify boundary
conditions

Tf\Z:O.O =Ty

YES I

IFBC= IFBC+1 IFBC<IFBM
IPRC=IPRC+1 NO
IPRC<IPRM
YES

Fig. 3.5: Overall solution scheme

68



9. Check the convergence criterion on journal temperature according to the criterion
explained in section 3.4 and shown in fig 3.3 by BLOCK JOULCVN. If the
convergence criterion is satisfied, the index ITJR attains a unity value and the
iterations are terminated. Otherwise the boundary condition at fluid journal interface
is modified and repeat step 9 till the convergence criterion is satisfied or the
maximum iteration condition is violated.

10. With the converged fluid-film and journal temperature, execute BLOCK BNGT
shown in Fig 3.4 of module CNDUC using the explanation given in section 3.3 to
obtain bush temperature distribution.

11. Check the convergence of temperature at fluid bush interface (BLOCK BNGCVN).
If the specified convergence criterion is not achieved the boundary condition at fluid
bush interface is modified for solving the energy equation i. e. step 9 to step 12 is
repeated till ITFB=1 or the number of iterations exceed the maximum number of
iterations.

12. Repeat steps 2 to step 4 to compute pressure field for the rigid bearing for the new
temperature field obtained in step 12.

13. Again check the convergence of pressure field as described in section 3.5. If the
convergence criterion is satisfied, then iterations are terminated. Otherwise step 2 to
stepl4 is repeated till the matched THS Rheological solution is obtained or the

maximum iteration condition is achieved.

3.6 VALIDATIONS

To establish the validity of the analysis, solution algorithm and the computer programs
developed, the computed results from the present work are compared with already
published results. The following section presents a comparison of computed results from
the developed program with the available results from the literature.

The analysis and solution algorithms as discussed in the previous sections are used for
computing the performance characteristics of non-recessed journal bearing operating with
non-Newtonian lubricant considering the influence of thermal effects. In the present
work, performance characteristics of non-recessed hole-entry bearing compensated with
capillary, constant flow valve and orifice restrictors along with slot-entry journal bearing
configurations are computed and validated from the available literature. To the best of
author’s knowledge, no study is available which deals with thermohydrostatic (THS)

performance of non-recessed journal bearings operating with non-Newtonian lubricants.
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The computer program developed comprises of different modules as already explained in
previous sections. The computed results from the respective modules are compared
separately with the already published results Rowe et al (1982), Ferron et al (1983),
Sinhasan et al (1989), Sharma et al (1990),Sharma et al (1993) and Khonsari et al (1991).
After validating these modules, the overall coupling is carried out, The results obtained
from module NNWTN-LUBRA are compared with the results of Rowe et al (1982) for

symmetric hole-entry and slot-entry journal bearing configurations. The load carrying

capacity (F,) for capillary compensated symmetric hole-entry journal bearing

(disregarding thermal and non-Newtonian behavior of the lubricant) is computed for

hydrostatic mode of operation (Q =0) at different eccentricity ratios (&). The concentric

pressure ratio (8" ) is taken as 0.5 for the comparison of the results as presented by Rowe

et al (1982). These results are shown in Fig. 3.6 for capillary compensated hole-entry
journal bearings. They compare well for a wide range of eccentricity ratios as maximum
deviation of nearly 3% is noted at higher eccentricity ratios for capillary compensated
hole-entry journal bearing. The minor difference between the computed and available
results may be attributed to the use of different computational schemes. The results for a
two-row slot-entry non-recessed journal bearing (disregarding thermal and non-
Newtonian behavior of the lubricant) with 12 slots per row are compared with the
available results of Rowe et al (1982). The computed results of load carrying capacity
corresponding to different eccentricity ratios shows a good agreement with maximum
percentage deviation of about 2% is noticed as shown in Fig. 3.7.

To validate the thermal modules, the load carrying capacity corresponding to different
eccentricity ratios for plain hydrodynamic journal bearings are computed after coupling
module NNWTN-LUBRA, module ENRGY and module CNDUC and is compared with
the available experimental and theoretical results of Ferron et al (1983) and Khonsari et al
(1991). The operating conditions in the present results are chosen identical to that of
Ferron et al (1983) in their theoretical work. The results computed from the present study
shows a good agreement between theoretical and experimental results of Ferron et al
(1983) as depicted in Fig.3.8. The results from the present work are found to be quite
close (nearly 2 %) to analytical results of Ferron et al (1983) at lower load and the results
of the study at higher load are almost average of the experimental and analytical results of
Ferron et al (1983). Table 3.4 shows the comparison of mid film temperature around the
bearing. The mid film temperature reported by Khonsari et al (1991) indicates the

maximum temperature of about 50°C which is about 2% more than experimental results
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of Ferron et al (1983). The present analysis gives quite good results as compared to
Khonsari et al (1991) and Ferron et al (1983).The maximum deviations of about 3.91%
and 3.24% is noticed for the mid film from you a way and then one one day temperature

values of Khonsari et al (1991) and Ferron et al (1983) respectively.

Table 3.4: Comparison of mid film temperature

) ) Mid-film Mid-film Mid-film
C"T;g;fir:r?“al Temperature | Temperature | Deviation Temperature Deviation
o (deg) (Ty) (T, )Khonsari (%) (T, ) Ferronetal (%)
Present Work | et al (1991) (1983) Exp.

0 40.10 40.20 -0.25 40.50 -0.99
30 41.50 43.00 -3.49 40.95 1.34
60 42.50 44.00 -3.41 41.65 2.04
90 42.50 4415 -3.74 41.80 1.67
120 43.05 44.25 -2.71 41.70 3.24
150 44.20 45.05 -1.89 43.15 2.43
180 45.20 46.20 -2.16 44.85 0.78
210 47.35 49.20 -3.76 48.15 -1.66
240 47.95 49.90 -3.91 48.95 -2.04
270 46.95 47.90 -1.98 48.00 -2.19
300 46.00 46.90 -1.92 47.00 -2.13
330 44.15 45.05 -2.00 44.20 -0.11

Table 3.5: Comparison of static and dynamic performance characteristics of rigid Circular
journal bearings operating with non-Newtonian lubricants

A1=10,6=0.6,K=0.1,1.0
Cubic Shear Law Model
Performance K =10 K=0.1
Characteristics i i
Present Ha¥a?h' Deviation | Present Ha;t/aslhl Deviation

work cta (%) work cta (%)

(1974) (1974)
W, 3.20 3.40 -5.88 4.33 4.20 3.10
¢ 53.90 52.00 3.65 53.00 50.00 6.00
Q 0.84 0.79 6.33 0.80 0.82 -2.44

The tested modules as mentioned in preceding paragraphs are coupled together to
compute the results based on the present analysis. The comparison of the results of the
static and dynamic performance characteristics are presented in the Table 3.5 for the non-
Newtonian lubricants (cubic shear law). The results compare well. The change in
computed and available results again may be because of different solution schemes

adopted.

72



CHAPTER 4

PERFORMANCE OF HOLE-ENTRY BEARING WITH
NON-NEWTONIAN LUBRICANT

The effect of variation of viscosity due to non-Newtonian behavior of the lubricants on
the performance characteristics of a constant flow valve compensated hole-entry hybrid
journal bearing system (Fig. 1.3a) is presented in this chapter. The performance

characteristics for the constant flow valve compensated bearing are obtained for the

values of restrictor flow parameter (60) in the range of 0.04-0.08 and for the bearing

geometric and operating parameters as given in Table 1.1. The conditions of runs are
mentioned at the top of every figure while in case of tables they are given in the
paragraph preceding the concerned table.

The performance characteristics of journal bearing system changes with alteration in
fluid-film pressure profile around the bearing. The variation of the fluid-film pressure is
presented in the following section in circumferential direction for the various values non-

linearity factor.

FLUID-FILM PRESSURE (p) DISTRIBUTIONS

Fig. 4.1 shows the fluid-film pressure distribution along circumferential (£ =0.0)
direction for symmetric bearing configurations. It is observed that pressure is maximum
nearly at about a=270° i.e. in the direction of external load for both Newtonian and non-
Newtonian lubricants. At any circumferential location, the pressure for bearing operating
with the Newtonian lubricants (R=0.0) is more as compared to non-Newtonian case. The
maximum reduction in the pressure of the order of 50.9 % is observed for K=1.0 as
compared with Newtonian case (K =0.0) at a particular location i.e. o=60°. This is in
consistence with the earlier results of Boncompain and Frene 1979), Boncompain et al
(1986) obtained for plain hydrodynamic bearing. The 2-D pressure profile of symmetric
bearing configuration for Newtonian lubricant (K =0.0.) and non-Newtonian lubricant
(K =1.0) is shown in the Figs. 4.2a and 4.2b respectively.

In the preceding paragraphs it has been observed that the fluid-film pressure distribution
is affected due to the viscosity variation because of non-Newtonian behavior of lubricant.

It is, therefore obvious that the performance characteristics of the bearing will also be
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Fig. 4.5: Variation of & with Q, for symmetric configuration
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altered. The influence of variation of viscosity on performance characteristics of hole-

entry journal bearing is presented in the following sub-sections.

41 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH RESTRICTOR FLOW (Q,)

The variation of bearing performance characteristics against different values of restrictor

flow ((jc) are shown in Figs. 4.3 through 4.14. The results are presented for bearing

operating and geometric parameters as given in Table 1.1.

MINIMUM FLUID-FILM THICKNESS (h. . )

Fig. 4.3 depicts that the minimum fluid-film thickness reduces when K increases for a

fixed value of the restrictor flow (QC ). For given range of the restrictor flow, the bearing

with Newtonian lubricant operates at higher value of h_. as compared with the bearing

with non-Newtonian lubricants. The percentage reduction in the value of minimum fluid-
film thickness is around 9% for the bearing operating with non-Newtonian lubricant with

K =1.0 as compared with K =0.0.

ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

The value of the attitude angle (¢ ) decreases with increase in the restrictor flow (Q,).
The effect of the variation of the non-linearity factor K on attitude angle is negligible for
given value of restrictor flow ((jc) as shown in Fig. 4.4. The value of eccentricity ratio
(&) decreases with increase in the restrictor flow (Q, ).For a fixed value of restrictor flow,

the eccentricity ratio (&) increases with increase in non-linearity factor K of the

lubricant as illustrated in Fig. 4.5.

STIFENESS COEFFICIENTS (S, Sy75S5,S5)

The fluid-film stiffness coefficient (S, ) increases with increase in Q; as depicted from

Fig. 4.6. It is also observed that the effect of non- Newtonian behavior of lubricants

reduces the bearing fluid-film stiffness coefficient (S, ) for a fixed value of restrictor
flow (jc. It may be noted from Figs. 4.7 and 4.8 that for constant restrictor flow, the

stiffness coefficient (S, ) decreases with increase in the non-linearity factor K of the
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Fig. 4.9: Variation of S,, with Q, for symmetric configuration
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Fig. 4.10: Variation of C,, with Q, for symmetric configuration
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Fig. 4.11: Variation of C,, & C, with Q, for symmetric configuration
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Fig. 4.12: Variation of C,, with Q, for symmetric configuration
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W, =1.0,Q=1.0,8, =0.251=1.0
6.25
K =0.75
K =1.00
5.50 -
@,
4.75 1
K =0.00
K =025
K =0.50
4.00 T T T T T
0.03 0.04 0.05 0.06 0.07 0.08 0.09

Fig. 4.14: Variation of @,, with Q, for symmetric configuration
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lubricant. An opposite trend is observed for cross-coupled coefficient S, . The magnitude
of the stiffness coefficient (S,y) is negative over the entire range of the restrictor.
flow Q.. The direct stiffness coefficient (S,,) as shown in Fig. 4.9, shows a similar

behavior as observed for the case of S, .

DAMPING COEFFICIENTS (C,,,C,,,C,,,C,,)

Fig. 4.10 depicts that the value of direct fluid-film damping coefficient (C,, ) decreases

with increase in the non-linearity factor of the lubricant for a given value of restrictor

flow. The value of cross-coupled damping coefficients (C_ZXZ and C_ZZX) are found to
increase with restrictor flow (60 >0.05) as depicted from Fig. 4.11. Further for a constant
value of restrictor flow, the values of cross-coupled damping coefficientsC,, and C,,

decreases with increase in the non-linearity factor (K ). It may be observed that the value

of cross-coupled damping coefficients (C,, andC,, ) are nearly equal and are very small
and generally remain negative. The direct damping coefficient C,, as shown in Fig. 4.12,

shows a similar behavior as observed for the case of C,, .

STABILITY PARAMETERS (M and @y, )

It may be observed from the Figs. 4.13 and Fig. 4.14 that the value of critical mass ( I\WC)
and threshold speed (@y,) gets reduced for the given value of restrictor flow with

increase in the non-linearity factor (K) of the lubricant. So the bearing will be more

stable while operating with the Newtonian lubricant at the higher value of restrictor flow

(Q)-

42 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH LAND WIDTH RATIO (g,)

The variation of bearing performance characteristics against different values of land

width ratiod, are shown in Figs.4.15 through 4.26. The results presented in this section

deals with symmetric hole-entry journal bearing configurations and are computed for the

bearing geometric and operating parameters as given in Table 1.1.
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Fig. 4.15: Variation of h_;, with &, for symmetric configuration
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Fig. 4.16: Variation of ¢ with &, for symmetric configuration
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Fig. 4.17: Variation of ¢ with @, for symmetric configuration
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Fig. 4.19: Variation of S,, with @, for symmetric configuration
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Fig. 4.20: Variation of S,, with &, for symmetric configuration
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MINIMUM FLUID-FILM THICKNESS (h.. )

Fig. 4.15 depicts that for the constant land width ratio (&, ), h . reduces with increase in

the non-linearity factor K . The maximum reduction of the order of 12.2% (at @,=0.10) is

observed when the bearing is operating with non-Newtonian lubricant with K=1.0 as

compared to K =0.0.

ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

The value of attitude angle (¢ ) decreases with increase in land width ratio (&,) as

observed from Fig. 4.16. The effect of the non-linear behavior of the lubricant on the

attitude angle is negligible for a given value of land width ratio (&,). It is clear from the

Fig. 4.17 that the eccentricity ratio (&) get enhanced with increase in the non-linearity

factor at constant value of at land width ratio (@,) while it reduces with increase in the

land width ratio (&, ).

STIFFNESS COEFFICIENTS (Syy.SysS,4S5)

The fluid-film stiffness coefficient S, increases with increase in &, as depicted from Fig.

4.18. It is also observed that the effect of increase of non-linearity factor of the lubricant

is to reduce the bearing fluid-film stiffness coefficient (S,,) for a fixed value of land
width ratio (@,). It may be noted form the Fig. 4.19 that for constant land width ratio
(a,), the stiffness coefficient (§XZ ) decreases with increase in the non-linearity factor K
of the lubricant. There is decrease in the value of S,, with increase in the land width
ratio when @, >0.20. An opposite trend is observed for S, .The magnitude of the

stiffness coefficient (S, ) is negative over the entire range of the land width ratio. From
the Fig. 4.21, it is observed that for constant land width ratio, the value of direct stiffness

coefficient S, reduces with increase of the non-linearity factor of the lubricant.

DAMPING COEFFICIENTS (C,y,C,,,C,.C,)

The value of direct damping coefficient (C,, ) at constant land width ratio is observed to

decrease with an increase in K as shown in Fig 4.22.
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Fig. 4.21: Variation of S,, with @, for symmetric configuration
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Fig. 4.22: Variation of C,, with @, for symmetric configuration
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Fig. 4.23: Variation of C,, C,, with &, for symmetric configuration
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Fig. 4.26: Variation of @,, with &, for symmetric configuration
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The value of direct fluid-film damping coefficient (C,, ) for Newtonian lubricant is

higher than the non-Newtonian lubricant for given range of land width ratio. From the

Fig. 4.23 it has been observed that the value of cross-coupled coefficients C,, and C

decreases with increase in the non-linearity factor for a constant land width ratio. It may

be noted that cross-coupled damping coefficients (C_IXZ and C_ZZX) are nearly equal and are

very small and generally remain negative. A similar behavior is observed for the case of

C,, as observed forC,, . A maximum of reduction of around 33.6% in the value of C,,
is found at @ =0.4 when the bearing is operating with non-Newtonian lubricant with

K =1.0 as compared to K =0.0.

STABILITY PARAMETERS (M and @y, )

It is clear from the plots 4.25 and 4.26 that the value of M and @y, increases with
increase in land width ratio (@,). The effect of the increase of the non-linearity factor is to

reduce the value of M and @y, for the constant land width ratio (&, ).The bearing will

be more stable while operating with the Newtonian lubricant at the higher value of land

width ratio (3,).

43 VARIATION OF PERFORMANCE CHARACTERISTICS WITH
ASPECT RATIO (1)

In this section the variation of bearing performance characteristics against different
values of aspect ratio (A ) are shown in Figs.4.27 through 4.38. The results are presented

for bearing operating and geometric parameters as given in Table 1.1.

MINIMUM FLUID-FILM THICKNESS (h.. )

The minimum fluid-film thickness reduces when K increases for given value of aspect

ratio as shown in Fig. 4.27. The percentage reduction ofh  due to non-Newtonian

behavior of lubricant at lower value of aspect ratio is more. The maximum decrease in

h . is found to be of the order of 11 % at 4=0.9, K =1.0 with respect to the Newtonian

min

lubricant.

86



0.97

W, =1.0,Q=1.0,Q, =0.0647.a, =0.25
K =0.00
K =025
0.91 K =0.50
K =0.75
_ K =1.00
0.85 4 /
0.79 T T T T T
0.80 0.90 1.00 1.10 1.20 1.30 1.40
A
Fig. 4.27: Variation of h,;, with A for symmetric configuration
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Fig. 4. 28: Variation of ¢ with A for symmetric configuration
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Fig. 4.29: Variation of ¢ with A for symmetric configuration
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Fig. 4.30: Variation of S,, with A for symmetric configuration
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Fig. 4.31: Variation of S,, with A for symmetric configuration
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Fig. 4.32: Variation of S,, with 4 for symmetric configuration

88



ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

It may be noted from the Fig. 4.28 that the value of the attitude angle (¢ ) increases with
increase in the aspect ratio (A). The non-Newtonian behavior of the lubricant do not
effect the value of attitude angle (¢ ) for a given value of aspect ratio (1). Fig.4.29
depicts that the effect of increase of aspect ratio is to reduce the eccentricity ratio (&)
while for a fixed value of the of 1, the eccentricity ratio (¢ ) is enhanced due to the non-

linear behavior of the lubricant.

STIFFNESS COEFFICIENTS (Syy,SysS,4S,)

The fluid-film direct stiffness coefficient (S,, ) increases with increase in A as depicted

from Fig. 4.30. It is also observed that the effect of increase of non- linear behavior of

lubricants is to reduce the bearing fluid-film stiffness coefficient (S,,) for a fixed value
of aspect ratioA. From Fig. 4.31 it can be observed that the cross coupled coefficient
(S «z Jincreases with aspect ratio. Further, it may be noted that for constant aspect ratio the
stiffness coefficient (S,, ) decreases with increase in the non-linearity factor K of the
lubricant. An opposite trend is observed for S, as shown in Fig. 4.32. The magnitude of
the stiffness coefficient (S,,) is negative over the entire range of the aspect ratio.
The increase in the non-linearity factor reduces the value of the direct stiffness coefficient

(S ., ) for the constant aspect ratio, while it’s value is found to increase with aspect ratio as

noted from the Fig. 4.33.

DAMPING COEFFICIENTS (C,,,Cy,,C»,Cy)

The magnitude of the direct fluid-film damping coefficients (C, and C,,) increases with
increase in aspect ratio as shown in Figs. 4.34 and 4.36. The value of direct fluid-film
damping coefficients (C,, andC,, ) for Newtonian lubricant is higher than the non-
Newtonian lubricant for given range of aspect ratio.

The value of cross-coupled damping coefficients (C,, and C,,) are found to increase

with increase of aspect ratio A as depicted from Fig. 4.35. Further, for a constant value
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Fig. 4.34: Variation of C,, with A for symmetric configuration
W, =1.0,Q=1.0,Q, =0.0647,a, =0.25 _
-0.10 A K =0.00
K =025
K =0.50
K =0.75
-0.20 A
« K =1.00
[8)
[
o
-0.30 A
-0.40 T T T T T
0.80 0.90 1.00 1.10 1.20 1.30 1.40
A

Fig. 4.35: Variation of C,, C,, with A for symmetric configuration
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Fig. 4.38: Variation of @, with 4 for symmetric configuration
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of aspect ratio, the values of cross-coupled damping coefficientsC,, and C,, decreases

with increase in the non-linearity factor K. It may be observed that the value of cross-

coupled damping coefficients (C_IXZ andC_lzx) are nearly equal and are very small and

generally remain negative.

STABILITY PARAMETERS (M, and @y, )

It may be observed from Figs. 4.37 and 4.38 that the value of critical mass (M) and
threshold speed (@y,) gets reduced for the given value of aspect ratio when the non-

linearity factor of the lubricant increases. The bearing will be more stable while operating

with the Newtonian lubricant at the higher value of aspect ratio (4).

44 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH EXTERNAL LOAD (W,)

In this section the static and dynamic performance characteristics of symmetric hole-entry

journal bearing configuration for different values of external load (W, ) are computed and

tabulated in Table 4.1 and 4.2 and discussed. In this section, the results are presented for

speed parameter (£2=1.0), restrictor flow ((jc =0.0647), land width ratio (a,=0.25) and

aspect ratio (A=1.0).

Table 4.1: Static performance characteristics at different values of external load (VVO) for

Symmetric Bearing Configuration.

Static K W,
Characteristics 0.25 0.50 0.75 1.00 1.25

_ 0.00 0.97792 | 0.95598 | 0.93420 | 0.91265 | 0.89140
i 0.50 0.96351 | 0.92732 | 0.89153 | 0.85648 | 0.82231
1.00 0.95590 | 0.91229 | 0.86950 | 0.82790 | 0.78766

0.00 48.89600 | 48.45700 | 48.26650 | 48.12210 | 47.98380

¢ 0.50 49.15390 | 48.79940 | 48.60310 | 48.41820 | 48.21620
1.00 49.03270 | 48.69910 | 48.48690 | 48.26790 | 48.01950

0.00 0.02249 | 0.04490 | 0.06716 | 0.08920 | 0.11096

& 0.50 0.03714 | 0.07404 | 0.11058 | 0.14640 | 0.18139
1.00 0.04490 | 0.08939 | 0.13309 | 0.17565| 0.21692
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STATIC PERFORMANCE CHARACTERISTICS

It is clear from the Table 4.1 that the value of minimum fluid film thickness decreases
with an increase in load. For a constant value of load, the h_, reduces with increase in
the non-linearity factor of the lubricant. The maximum reduction of the order of 11.6%

(at VV0 =1.25) is observed, when the bearing is operating with non-Newtonian lubricant

with K =1.0 as compared to K =0.0.

The value of attitude angle (¢ ) decreases slightly with increase in the external load. It is
observed that with an increase in load(W,) the journal center moves down thereby

increasing the eccentricity ratio (&). The values of the eccentricity ratio get enhanced

with increase in the non-linear behavior of the lubricant for a given load.

DYNAMIC PERFORMANCE CHARACTERISTICS

It can be noted from Table 4.2 that at a fixed value of load (W,), the value of direct
fluid-film stiffness coefficient (S, ) reduces with increase in non-linearity
factor K .There is marginal increase in the value of S, with increase in the load. The

increase in non-linearity factor K of the lubricant reduces the value of S,, for a given

value of the external load, while a reverse trend is noticed for the cross-coupled

coefficient S,,.The direct stiffness coefficient (S,, ) increases marginally with increase
in load. Further, the values of direct stiffness coefficient S, at a constant load decreases
with increase in the non-linearity factor K The value of direct damping coefficient
(C,. ) at constant external load is observed to decrease with an increase in K. The
maximum reduction of the order of 34.9% is found (at VVO =0.25) for the non-linearity

factor K =1.0 as compared to K =0.0. The effect of increase of the load is to enhance the

C,, marginally. The coupled effect of the increase of both VVO and K reduces the
cross-coupled damping coefficients (C_IXZ and C. . )- Further, it may be observed that the

value of cross-coupled damping coefficients (C,, and C. - ) are nearly equal and are very

small in magnitude and generally remain negative.
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Table 4.2: Dynamic performance characteristics at different values of external load (VVO)

for Symmetric Bearing Configuration.

Dynamic K W,

Characteristics 0.25 0.50 0.75 1.00 1.25
_ 0.00 7.42587 7.45275 7.49768 7.56042 7.64068
XX 0.50 4.46103 4.49050 4.53293 4.60196 4.69088
1.00 3.69219 3.72574 3.78214 3.82889 3.96042
_ 0.00 8.27110 8.27186 8.27296 8.27425 8.27550
Xz 0.50 5.04804 5.04973 5.04570 5.04800 5.04964
1.00 4.17039 4.17426 4.17982 4.21948 4.18743
_ 0.00 -8.28150 -8.31882 -8.38099 -8.46777 -8.57885
x 0.50 -5.06215 -5.10460 -5.16712 -5.26576 -5.39268
1.00 -4.18616 -4.23823 -4.32507 -3.97679 -4.59710
_ 0.00 7.43593 7.47812 7.54869 7.64754 7.77459
17 0.50 4.47162 4.51841 4.58804 4.69809 4.84073
1.00 3.70293 3.75898 3.85313 3.95867 4.15280
o 0.00 16.92750 16.98070 17.06940 17.19290 17.35030
XX 0.50 12.56890 12.65730 12.80130 13.00450 13.26160
1.00 11.01760 11.12830 11.31090 11.56210 11.87550
- - 0.00 -0.01010 -0.04088 -0.09222 -0.16394 -0.25580
x sz 0.50 -0.01693 -0.06825 -0.15395 -0.27357 -0.42683
1.00 -0.02092 -0.08417 -0.18944 -0.33622 -0.52427
_ 0.00 16.94270 16.98940 17.06750 17.17660 17.31650
sz 0.50 12.57530 12.64420 12.75640 12.91770 13.12480
1.00 11.02040 11.10590 11.24850 11.44770 11.70110
o 0.00 31.11300 31.29810 31.60870 32.04430 32.60430
M c 0.50 27.62520 27.96540 28.55670 29.36290 30.40360
1.00 25.71610 26.14080 26.85450 28.79700 29.17820
0.00 11.15580 7.91178 6.49192 5.66077 5.10720
@, 0.50 10.51190 7.47869 6.17054 5.41875 4.93183
1.00 10.14220 7.23060 5.98382 5.36629 4.83142

At a constant external load the value of direct damping coefficient (C,, ) is reduced with

increase in the non-Newtonian characteristics of the lubricant. It is observed that the

maximum reduction of the order of around 34.9% is found (at W,=0.25) for the non-

linearity factor K =1.0 as compared to K =0.0.

It is clear from the table that the value of threshold speed decreases with an increase in

external load. For a constant value of load, the value of M, and @y, get reduced with

increase in the non-linearity factor for symmetric bearing configuration.
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45 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH SPEED PARAMETER (Q)

Tables 4.3 and 4.4 show the variation in performance characteristics of hole-entry journal

bearing with different values of speed parameter (Q). The results are presented for the

values of constant external load (VV0=1.O), restrictor flow ((jC =0.0647), land width

ratio (&,=0.25) and aspect ratio (4=1.0) and these parameters remain fixed.

STATIC PERFORMANCE CHARACTERISTICS

Table 4.3 depicts that for a given value of speed parameter, the minimum fluid film

thickness reduces with an increase in the non-linearity factor. The maximum percentage

reduction of about 9.9% (at Q=1.25) is observed when the bearing is operating with non-
Newtonian lubricant (K =1.0) as compared to Newtonian lubricant. The value of attitude
angle (¢ ) increases with increase in speed parameter. It is clear from the table that the
eccentricity ratio (&) get enhanced with increase in the non-linearity factor at constant

value of speed parameter.

Table 4.3:  Static performance characteristics at different values of operating speed (£2)
for Symmetric Bearing Configuration.

Static K Q
Characteristics 0.25 0.50 0.75 1.00 1.25
_ 0.00 0.87722 0.88445 0.89949 0.91265 0.92225
h 0.50 0.85477 0.84761 0.85068 0.85648 0.86047

min

1.00 0.83936 0.82511 0.82347 0.82790 0.83076
0.00 15.57080 | 29.06840 | 39.85950 | 48.12210 | 54.40010

¢ 0.50 13.84710 | 27.23680 | 39.03290 | 48.41820 | 55.52550
1.00 13.13190 | 26.52890 | 38.63680 | 48.26790 | 55.50920
0.00 0.12667 0.11556 0.10207 0.08920 0.07810
& 0.50 0.14969 0.15254 0.15128 0.14640 0.13992
1.00 0.16507 0.17518 0.17864 0.17565 0.16972

DYNAMIC PERFORMANCE CHARACTERISTICS

From the Table 4.4 it is clear that the value of direct stiffness coefficient (S,, ) reduces

with increase in the speed parameter. Further, at a constant value of speed parameter ()

reduction in the value of S, is noticed with increase in the non-linearity factor. The

cross-coupled coefficient (S,, ) decreases with an increase in the non-linearity factor for
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Table 4.4: Dynamic performance characteristics at different values of operating speed ( £2)
for Symmetric Bearing Configuration.

Dynamic K L0
Characteristics 0.25 0.50 0.75 1.00 1.25
0.00 7.61827 7.60972 7.58807 7.56042 7.53405
_XX 0.50 6.49797 5.86881 5.19625 4.60196 4.11686
1.00 5.91289 5.14513 4.43189 3.82889 3.41210
0.00 2.04470 4.11069 6.19198 8.27425 10.35210
S, 0.50 153208 | 291649 | 4.08777 | 504800 | 5.84454
1.00 1.30996 2.46737 3.41956 4.21948 4.80506
0.00 -2.19522 -4.33137 -6.41271 -8.46777 -10.51530
_ZX 0.50 -1.67398 -3.13567 -4.32249 -5.26576 -6.03803
1.00 -1.45814 -2.70387 -3.68657 -3.97679 -5.04112
0.00 7.98206 7.85821 7.73772 7.64754 7.58567
_Zz 0.50 6.87656 6.13704 5.36400 4.69809 4.16924
1.00 6.32549 5.45303 4.63681 3.55867 3.48004
0.00 17.16360 17.21150 17.21990 17.19290 17.15290
_XX 0.50 15.44900 14.76030 13.90120 13.00450 12.15460
1.00 14.45330 13.52530 12.52470 11.56210 10.68390
0.00 -0.17367 -0.23698 -0.21331 -0.16394 -0.11927
C, =C, 0.50 -0.20200 | -0.32156 | -0.32857 | -0.27357 | -0.20953
1.00 -0.22326 -0.37572 -0.39764 -0.33622 -0.25980
0.00 17.75990 17.52600 17.31690 17.17660 17.09100
C_:ZZ 0.50 16.16480 15.17750 14.01010 12.91770 11.97820
1.00 15.25590 14.01580 12.65200 11.44770 10.45660
0.00 533.3350 131.0730 57.5344 32.0443 20.3573
MC 0.50 659.7610 147.1690 57.1562 29.3629 17.0816
1.00 721.5130 150.8260 56.9273 28.7970 15.8729
0.00 23.09400 11.44870 7.58514 5.66077 4.51190
_[h 0.50 25.68580 12.13130 7.56017 5.41875 4.13299
1.00 26.86100 12.28110 7.54502 5.36629 3.98408

given value of the speed parameter. The value of S,, get enhanced significantly with rise

in the speed parameter. The opposite trend is observed for cross-coupled coefficient

(S, )-The direct stiffness coefficient in vertical direction S,, gets reduced with increase

in speed parameter, moreover the value of S,, get further reduced with increase in the

non-linearity factor for a given value of speed parameter.

The value of direct damping coefficient (C,, ) at constant speed parameter is observed to

decrease with an increase in K The reduction in the value of C,, is found to be more
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pronounced at higher speed parameter. It is noticed that the value of cross-coupled

coefficients (C,, and C,,) decreases with increase in the non-linearity factor for a
constant speed parameter. A similar behavior is observed for the case of C,, as observed
forC,, . A maximum of reduction of around 38.8% in the value of C,, is observed at
Q=1.25, K =1.0 as compared to K =0.0.From the variation of threshold speed (@y,)

and critical mass (M ) against speed parameter (Q), it is clear that the value of threshold

speed and critical mass decreases with an increase in speed parameter. For a given value
of the speed parameter Q <0.75, the values of stability margin and critical mass increases

with increase in the non-linearity factor while for Q> 0.75 opposite trend is observed.

46 CLOSURE

The study of non-recessed hole-entry hybrid journal bearing system compensated with
constant flow valve restrictors has been carried out considering the effect of viscosity
variation due to non-Newtonian behavior of the lubricants. The computed results indicate
that the influence of viscosity variation affects quite significantly the static and dynamic
performance characteristics of non-recessed hybrid journal bearing system. For an
accurate prediction of the journal bearing performance characteristics, the consideration
of non-Newtonian behavior in the analysis is imperative. The results presented in chapter
deals with the symmetric bearing configurations. The study is expected to be quite useful
from bearing design point of view so as to accurately predict the performance of these

classes of bearings.
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CHAPTER 5

PERFORMANCE OF DAMAGED HOLE-ENTRY BEARING
WITH NON-NEWTONIAN LUBRICANT

Hole-entry bearing are more prone to complete blockage, even the single particle of
debris may block the hole. Sometimes during the operation the holes of the bearing may
get blocked due to which performance of the bearing will be affected. When the pressure
at the entry holes exceeds the supply pressure there is a back pressure due to which
supply of the lubricant will be stopped. Under such conditions we can say that particular
hole has been plugged. It has been observed that an increase in the external load induces
negative pressure or the backpressure at the supply holes subsequently those holes are
plugged.

The effect of plugging of holes on the performance characteristics of a constant flow
valve compensated hole-entry hybrid journal bearing system operating with Newtonian
and non-Newtonian lubricant is presented in this chapter. The performance characteristics

are obtained with and without plugging of holes for the values of restrictor flow

parameter  (Q.=0.0647), aspect ratio (4=0.50-1.25), land width ratio
(@, =0.10-0.25), external load (W, =1.0) and speed parameter (Q =1.0).The viscosity

of the non-Newtonian lubricant is assumed to follow the power law (zz =my "™®'?).The

performance characteristics are computed for the two values of power law index (n=1.0

and 0.566). When n=1.0, the lubricant behaves as the Newtonian lubricant.

51 SOLUTION PROCEDURE
The algorithm adopted for studying the effect of plugging of holes on the performance

characteristics of a constant flow valve compensated hole-entry hybrid journal bearing
system operating with Newtonian and non-Newtonian lubricant is shown in Fig. 5.1.
The different steps involved in the overall solution scheme are described as follows:
1. The pressure field can be computed after establishing the journal center
equilibrium position as discussed in the section 3.1 of chapter 3.
2. The pressure field is checked whether at any of the hole entries negative pressure

is encountered, if yes that particular hole is plugged.
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Fig. 5.1: Solution Scheme for Plugged Hole Bearing
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3. After plugging the hole the input data is modified and procedure is repeated.
4. Once equilibrium is established with no backpressure at any of the hole entries,

compute the performance characteristics.

5.2 PERFORMANCE OF BEARINGS OPERATING WITH
NEWTONIAN LUBRICANTS

The maximum load carrying capacity with unplugged and plugged holes for the bearing

operating with Newtonian lubricant is shown in the Table 5.2. Maximum numbers of

plugged holes are shown in the brackets.

Table 5.1: Maximum load carrying capacity of plugged and unplugged holes bearing
configurations

Maximum Load Carrying Capacity
Bearing with unplugged holes Bearing with plugged holes

a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
2.1 5.8 11.7 18.9
0.10 1.1 1.9 2.8 3.7 ®) (8) (8) (10)
4.3 7.2 12.3 17.4
0.15 1.1 1.7 2.4 2.7 ®) (8) (10) (10)
3.7 75 12.5 20.3
0.20 1.0 1.5 1.7 15 ®) (10) (10) (10)
7.1 9.4 14.7 20.2
0.25 0.9 1.2 1.0 0.4 (10) (10) (10) 12)

From Table 5.1, it is observed that plugging of the holes in the bearing have a whooping
effect over load carrying capacity of the bearing. For example, for aspect ratio = 1.25 and
land width ratio = 0.2 with 14 holes remaining the load carrying capacity increases from
1.5(without hole plugged) to 20.3(with hole plugged) as shown in the Fig. 5.2 given

below. Journal

OO OO0OO0OO0C e 6 6 6 0 O

A

7D

Fig. 5.2: Bearing configuration with 4 =1.25, ap = 0.2 and 10 holes plugged
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The performance characteristics corresponding to the maximum load carrying capacity of
the bearings with and without plugging of holes, operating with Newtonian lubricant have
been calculated. These characteristics are tabulated as under in the Table 5.2 through
Table 5.7 and discussed.

Table 5.2: Minimum fluid film thickness of plugged and unplugged holes bearing
configurations.

Minimum Fluid Film Thickness (h,,)

Bearing with unplugged holes Bearing with plugged holes

a, A A

0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25

0.10 | 0.54136 | 0.62523 | 0.67778 | 0.72714 | 0.2275 | 0.2119 | 0.1863 0.1662

0.15 | 0.60197 | 0.70910 | 0.76389 | 0.83027 | 0.1098 | 0.1749 | 0.1764 0.1916

0.20 | 0.66344 | 0.76382 | 0.84330 | 0.90957 | 0.1390 | 0.1629 | 0.1752 0.1566

0.25 | 0.71384 | 0.81816 | 0.91265 | 0.97683 | 0.02536 | 0.1183 | 0.1389 0.1530

It is clear from the Table 5.2 that minimum fluid film of a particular configuration of the
bearing with holes plugged is less as compared with the same configuration without hole
plugged. This reduction in the value of the minimum fluid-film thickness is due to the

increase in load carrying capacity.

Table 5.3:  Flow rate of plugged and unplugged holes bearing configurations.

Bearing Flow(Q)

Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
0.10 | 1.5528 | 1.5528 | 1.5528 | 1.5528 | 1.0352 | 1.0352 | 1.0352 | 0.9058
0.15 | 15528 | 1.5528 | 1.5528 | 1.5528 | 1.0352 | 1.0352 | 0.9058 | 0.9058
0.20 | 15528 | 1.5528 | 1.5528 | 1.5528 | 1.0352 | 0.9058 | 0.9058 | 0.9058
0.25 | 15528 | 1.5528 | 1.5528 | 1.5528 | 0.9058 | 0.9058 | 0.9058 | 0.7764

The bearing geometric parameters do not effect the bearing flow rate (Q) because of the

constant flow valve restrictor. However, bearing flow rate (6) decreases due to the
plugging of holes as depicted in the Table 5.3.

The bearing with plugged holes has the higher value of the eccentricity ratio as compared
with unplugged holes as depicted by the Table 5.4. This is because of the increase of the
load carrying capacity due to plugged holes.
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Table 5.4: Eccentricity Ratio of plugged and unplugged holes bearing configurations.

Eccentricity Ratio (&)
Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
0.10 | 0.46139 | 0.38332 | 0.32286 | 0.27325 | 0.7777 0.7955 0.8206 0.8396
0.15 | 0.39889 | 0.29870 | 0.23669 | 0.16988 | 0.8907 0.8293 0.8293 0.8185
0.20 | 0.33657 | 0.24229 | 0.15827 | 0.09048 | 0.8623 0.8402 0.8308 0.8490
0.25 | 0.28641 | 0.18432 | 0.08921 | 0.02326 | 0.97466 | 0.8828 | 0.8640 | 0.8520
Table 5.5: Stiffness coefficient (S_XX) of plugged and unplugged holes bearing configurations.
Direct Stiffness Coefficient(S )
Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
0.10 | 2.5007 | 4.5478 | 6.5128 | 8.3635 | 6.4145 | 16.124 | 33.749 57.887
0.15 | 2.6467 | 4.6244 | 6.8692 | 7.6793 | 24.222 | 23.687 | 37.256 | 45.419
0.20 2.7204 4.7794 6.8339 8.8950 | 16.6948 | 26.392 37.74 64.294
0.25 2.8858 5.1693 7.5604 | 10.0632 | 117.407 | 44.389 55.207 65.160
Table 5.6: Stiffness coefficient (S_ZZ) of plugged and unplugged holes bearing configurations.
Direct Stiffness Coefficient(S )
Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
0.10 3.65786 | 4.6376 | 5.63541 | 6.48437 | 9.7243 | 25.969 | 52.229 84.324
0.15 3.7618 | 4.65705 | 5.73661 | 7.77648 | 19.183 33.904 55.272 74.495
0.20 3.76181 | 5.35311 | 7.0375 | 8.94644 | 18.4110 | 35.068 56.327 91.954
0.25 3.71739 | 5.56685 | 7.64754 | 10.0736 | 62.9275 | 41.965 | 67.698 90.630

It is clear from the Table 5.5 and 5.6 that the bearing with plugged hole has the higher

value of the direct stiffness coefficient as compared to the bearing with unplugged hole.

This is due to the increase in the load carrying capacity with plugging of holes. The

eccentric journal operation (loaded condition) causes a rapid increase in stiffness

coefficients (S, andS,,) for plugged holes bearing.

There is a noticeable decrease in the whirl frequency ratio for a bearing configuration

with plugged hole as compared with the same configuration with unplugged hole as

shown in Table 5.7.
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Table 5.7: Whirl Frequency (V') of plugged and unplugged holes bearing configurations.

Whirl Frequency(v')

Bearing with unplugged holes Bearing with plugged holes
A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
0.10 | 0.3359 | 0.3600 | 0.3445 | 0.3376 | 0.2379 | 0.1114 | 0.0685 | 0.0741
0.15 | 0.3490 | 0.4321 | 0.4302 | 0.4818 | 0.3235 | 0.2062 | 0.1239 | 0.00153
0.20 | 0.4402 | 0.4765 | 0.4834 | 0.4868 | 0.3106 | 0.2614 | 0.1004 | 0.0144
0.25 | 0.456 | 0.4820 | 0.4871 | 0.4887 | 0.39502 | 0.4046 | 0.2424 | 0.0949

D

5.3 PERFORMANCE OF BEARINGS OPERATING WITH NON-
NEWTONIAN LUBRICANTS

For the bearing operating with non-Newtonian lubricant with power law index n=0.566,
the maximum load carrying capacity with unplugged holes and plugged holes for the
various configuration is shown in the Table 5.8. Maximum numbers of holes plugged are

shown in the brackets.

Table 5.8: Maximum Load Carrying Capacity of plugged and unplugged holes bearing
configuration

Maximum Load Carrying Capacity
Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
2.0 5.3 9.6 15.9
0.10 1.1 1.9 2.8 3.6
(6) (8) (8) (8)
1.9 5 9.2 15.3
0.15 1.1 1.7 2.3 2.8 ®) ®) ®) (10)
3.2 6.8 11.8 18.1
2 1. 1. 1. 1.7
020 | 19 > ° ®) ® | @ | (o
2.8 7.3 13.0 19.2
2 . 1.2 1.1 :
025 | 99 > | @ | @ | @ | o

From Table 5.8, it is observed that the effect of plugging of the holes in the bearing is to
increase the load carrying capacity of the bearing. For example, for aspect ratio = 1.25
and land width ratio = 0.25 with 14 holes remaining, the load carrying capacity increases
from 0.5(without hole plugged) to 19.2(with hole plugged).

The performance characteristics corresponding to the maximum load carrying capacity of
the bearings with and without plugging of holes, operating with non-Newtonian lubricant
have been calculated. These characteristics are tabulated as under in the Table 5.9
through Table 5.14 and discussed.
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Table 5.9: Minimum Fluid-Film thickness of plugged and unplugged holes bearing
configurations.

Minimum Fluid Film Thickness (h,,,)

Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
0.10 | 0.50153 | 0.58590 | 0.63753 | 0.69609 | 0.21828 | 0.1917 | 0.1881 | 0.1655
0.15 | 0.56350 | 0.67385 | 0.74105 | 0.79735 | 0.22114 | 0.2129 | 0.2063 | 0.1765
0.20 | 0.62875 | 0.73492 | 0.81025 | 0.88073 | 0.1293 | 0.1513 | 0.1460 | 0.1388
0.25 | 0.68242 | 0.79412 | 0.88908 | 0.96601 | 0.1550 | 0.1308 | 0.1250 | 0.1247

It is clear from the Table 5.9 that minimum fluid film of a particular configuration of the
bearing with holes plugged is less as compared with the same configuration without hole
plugged. This reduction in the value of the minimum fluid-film thickness is due to the

increase in load carrying capacity

From the Table 5.2 and 5.9 it is clear that the value of minimum fluid-film thickness of a
particular configuration of bearing operating with the non-Newtonian lubricant is less as

compared with the same configuration operating with the Newtonian lubricant.

Table 5.10: Bearing Flow Rate of plugged and unplugged holes bearing configurations.

Bearing Flow(Q)

Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
0.10 | 1.5528 | 1.5528 | 1.5528 | 1.5528 | 1.1646 | 1.0352 | 1.0352 | 1.0352
0.15 | 1.5528 | 1.5528 | 1.5528 | 1.5528 | 1.0352 | 1.0352 | 1.0352 | 0.9058
0.20 | 1.5528 | 1.5528 | 1.5528 | 1.5528 | 1.0352 | 1.0352 | 0.9058 | 0.9058
0.25 | 1.5528 | 1.5528 | 1.5528 | 1.5528 | 1.0352 | 0.9058 | 0.9058 | 0.9058

From table 5.10 it can be observed that the effect of plugging the holes is to reduce flow
rate (Q).The non-Newtonian behavior of the lubricant does not affect the bearing flow
rate (Q).

The bearing with plugged holes has the higher value of the eccentricity ratio as compared

with bearing with unplugged holes as shown in table 5.11. This is because of the higher

load carrying capacity of the bearing with plugged holes.
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Table 5.11: Eccentricity Ratio of plugged and unplugged holes bearing configurations

Eccentricity Ratio (&)
Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25

0.10 | 0.50171 | 0.42352 | 0.36325 | 0.30436 | 0.79000 | 0.8161 | 0.8224 | 0.8439
0.15 | 0.43747 | 0.33449 | 0.25943 | 0.20293 | 0.78681 | 0.7992 | 0.8091 | 0.8350
0.20 | 0.37128 | 0.27253 | 0.19144 | 0.11930 | 0.8724 | 0.8531 | 0.8591 | 0.8672
0.25 | 0.31781 | 0.20890 | 0.11315 | 0.03410 | 0.8484 | 0.8718 | 0.8784 | 0.8799

It may be noted from the Table 5.4 and 5.11 that the bearing operating with the non-
Newtonian lubricant has the higher eccentricity ratio as compared with Newtonian

lubricant.

Table 5.12: Stiffness coefficient ( S_XX) of plugged and unplugged holes bearing configurations

Direct Stiffness Coefficient(S,,)
Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25

0.10 | 2.3482 | 4.2336 | 6.1363 | 7.3992 | 5.5423 | 14.381 | 24.470 | 42.982
0.15 | 2.4591 | 4.1989 | 6.0272 | 6.6032 | 5.4007 | 12.368 | 21.404 | 38.744
0.20 | 2.4756 | 4.2439 | 59615 | 7.5812 | 13.3070 | 22.185 | 36.944 | 56.129
0.25 | 2.6069 | 4.5543 | 6.5315 | 8.5267 | 10.0805 | 26.821 | 45.949 | 64.6791

Table 5.13: Stiffness coefficient (S_ZZ) of plugged and unplugged holes bearing configurations.

Direct Stiffness Coefficient(S )
Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25

0.10 | 3.4755 | 4.3362 | 4.9797 | 5.7615 | 9.0571 | 24.083 | 42.189 | 71.6916
0.15 | 3.5551 | 4.2420 | 4.9575 | 6.6967 | 8.6390 | 21.804 | 38.710 | 67.035
0.20 | 3.4994 | 4.8020 | 6.1865 | 7.6502 | 16.6418 | 33.454 | 56.157 | 85.767
0.25 | 3.4333 | 4.9515 | 6.6399 | 8.5494 | 14.5405 | 36.133 | 63.235 | 89.7895

There is noticeable effect of plugging of holes on the direct stiffness coefficients (S,

andS,) as shown in the Tables 5.12 and 5.13. The value of the direct stiffness

coefficients is more for the plugged hole bearing as compared with the unplugged hole

bearing. This is due to the increase in the load carrying capacity.
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It may be noted from the Tables 5.5, 5.6 and 5.12, 5.13 that bearing operating with non-
Newtonian lubricant has the lower value of the direct stiffness coefficient as compared to

that of operating with Newtonian lubricants.

Table 5.14: Whirl Frequency (V) of plugged and unplugged holes bearing configurations

Whirl Frequency(v')

Bearing with unplugged holes Bearing with plugged holes
a, A A
0.50 0.75 1.00 1.25 0.50 0.75 1.00 1.25
0.10 | 0.3107 | 0.3284 | 0.3170 | 0.2980 | 0.1383 | 0.00027 | 0.0002 | 0.000156
0.15 | 0.3179 | 0.3937 | 0.3848 | 0.4241 | 0.1645 | 0.00028 | 0.0002 | 0.000157
0.20 | 0.4039 | 0.4338 | 0.4314 | 0.4267 | 0.3458 | 0.1419 | 0.048 | 0.000146
0.25 | 0.4171 | 0.4370 | 0.4332 | 0.4277 | 0.2316 | 0.2499 | 0.1603 | 0.000142

The bearing with plugged holes has the higher value of the whirl frequency ratio as
compared with the bearing with unplugged holes as shown in Table 5.14. This is because
of the higher load carrying capacity of the bearing with plugged holes. It may be noted
from the Table 5.8 and 5.14 that the bearing operating with the non-Newtonian lubricant

has the higher whirl frequency ratio as compared with Newtonian lubricant.

54 CLOSURE

The effect of plugging of holes on the performance characteristics of a constant flow
valve compensated hole-entry hybrid journal bearing system operating with Newtonian
and non-Newtonian lubricant has been carried out. The computed results indicate that the
blockage of holes during operation will not be the likely causes for the imminent failure
of a well designed non-recessed hole-entry hybrid journal bearing. The bearing
configuration with plugged holes provides sufficient fluid film thickness and low power
requirement as less lubricant is required to be pumped in the bearing. The increase in the
direct stiffness coefficients and decrease in the whirl frequency ratio make the bearing
system more stable. Moreover, the load carrying capacity of the bearing can be increased
by plugging the holes on which backpressure is obtained for same bearing configuration.
However, the plugging of holes is not recommended because wear is enhanced on starting
and stopping. To overcome this problem ,a feedback control with hybrid bearing system
can be designed which will sustain the sudden increase of load by shutting off the supply
of the lubricant through supply hole where negative pressure is encountered during

operation.
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CHAPTER 6

PERFORMANCE OF HOLE-ENTRY BEARING WITH
VARIABLE VISCOSITY LUBRICANT: CONSTANT FLOW
VALVE RESTRICTOR

The effect of variation of viscosity due to rise in temperature and non-Newtonian
behavior of the lubricants on the performance characteristics of a constant flow valve
compensated hole-entry hybrid journal bearing system (Fig.1.3) is presented in this

chapter. The performance characteristics for the constant flow valve compensated bearing

are obtained for the values of restrictor flow parameter (60) in the range of 0.04-0.08 and

for inverse Peclet number (Ee* =0.0855), dissipation number (5e =0.13023).The

conditions of runs are mentioned at the top of every figure while in case of tables they are
given in the paragraph preceding the concerned table.

The pressure profile alters when the non-Newtonian lubricant with different values of
non-linearity factor is considered. It also depends on the temperature distributions. The
variation of the fluid-film pressure and temperature is presented in the following section

in circumferential direction for the various values non-linearity factor.

FLUID-FILM PRESSURE (p) DISTRIBUTIONS

Figs. 6.1 and 6.2 show the fluid-film pressure distribution along circumferential

(f =0.0) direction for symmetric and asymmetric bearing configurations respectively. It

can be observed from Fig. 6.1 that pressure is maximum nearly at about a=270° i.e. in
the direction of external load for both Newtonian and non-Newtonian lubricants. The
maximum reduction in the pressure of the order of 23.4% is observed for K=1.0 as
compared with Newtonian case ( K =0.0) at «=270°. This is in consistent with the earlier
results of Boncompain and Frene 1979), Boncompain et al (1986) obtained for plain
hydrodynamic bearing. For asymmetric configuration, negative pressures are obtained
between a=30° to 90° which is an indication of film rupture and reformation at limits
of. To handle the negative pressure and to establish the extent of fluid-film, Reynold’s
boundary conditions are employed as given by Eqn. 2.3b.The magnitude of the fluid-film
pressure is less as compared to the pressure for symmetric bearing configuration. The

effect of the variation in viscosity on circumferentially pressure distribution due to the
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Fig. 6.1: Circumferential pressure distribution for symmetric configuration.
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Fig. 6.2: Circumferential pressure distribution for asymmetric configuration.
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Fig. 6.3: Variation of mid-film temperature with o for symmetric configuration.
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non-Newtonian behavior of the lubricants is marginal in case of asymmetric bearing

configuration.

FLUID-FILM TEMPERATURE (T ) DISTRIBUTIONS

Plots of fluid-film temperature distribution along circumference at axial mid plane
($=0.0) and across mid film (Z=0.5) for symmetric and asymmetric bearing
configurations are shown in Fig. 6.3 and 6.4. It is found that the temperature rise is more
for higher value of non-linearity factor K . A total of about 5.8 % change in temperature is
observed along circumference at K =1.0 for symmetric bearing configuration. The cyclic
variation in temperature at axial mid plane is determined about 10.4% at K=1.0 for
asymmetric bearing configurations. A temperature rise as high as up to 1.632 and 1.913 is
noted for symmetric and asymmetric bearing configurations respectively operating with
non-Newtonian lubricant with K =1.0. For a designer it becomes imperative to consider
the thermal effects and non-Newtonian behavior of the lubricants to predict the accurate
performance of the bearing system. The 2-D temperature profile of symmetric and
asymmetric bearing configuration with Newtonian lubricant (K =0.0.) and non-

Newtonian lubricant ( K =1.0) is shown in the figs.6.5a through 6.6b.

1.95 — —
W =1.0,Q=1.0,Q, =0.0647a, =0.251=1.0
1.85
T
1.75
1.65 . . : . .
0 60 120 180 240 300 360

o (degree)
Fig. 6.4: Variation of mid-film temperature with « for asymmetric configuration.
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Fig.6.5a: 2-D Temperature profile for symmetric bearing configuration ( K=0.0 )
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Fig.6.5b: 2-D Temperature profile for symmetric bearing configuration ( K= 1.0)
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Fig.6.6a: 2-D Temperature profile for asymmetric bearing configuration (K =0.0)
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Fig.6.6b: 2-D Temperature profile for asymmetric bearing configuration (K =1.0)

In the preceding paragraphs it has been observed that the fluid-film pressure distribution
is affected due to the viscosity variation because of non-Newtonian behavior of the
lubricant and consideration of thermal effects. It is, therefore obvious that the
performance characteristics of the bearing will also be altered. Hence, the influence of
variation of viscosity due to rise in temperature and non-Newtonian behavior of the
lubricant on performance characteristics of hole-entry journal bearing is presented in the

following sub-sections.

6.1 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH RESTRICTOR FLOW (Q,)

The variation of bearing performance characteristics against different values of restrictor
flow( (jc ) are shown in Figs. 6.7 through 6.30. The results are presented for inverse Peclet
number (F_’(;k =0.0855), dissipation number (D, =0.13023), bearing operating and

geometric parameters as given in Table 1.1.

MINIMUM ELUID-FILM THICKNESS (h . )

Fig.6.7 and 6.8 depicts that for a fixed value of restrictor flow (Q, ), the minimum fluid-

film thickness reduces with increase of K for both symmetric and asymmetric

configurations. For given range of the restrictor flow the bearing operating with

Newtonian lubricant has higher value of ﬁmin as compared to the bearing operating with

non-Newtonian lubricants. It is also noted from Fig. 6.8 that along line ‘AD’, the

restrictor flow for the Newtonian lubricant is given by the abscissa of point ‘B’ for
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hyiy =0.75. In the case of non-Newtonian lubricant with K =0.25 the flow requirement
increases by value ‘BC’ to maintain the same minimum fluid-film thickness. Therefore,
to maintain a desired value of . lubricant requirement becomes more for the bearing

operating with the non-Newtonian lubricants.

0.90 —
W, =1.0,Q=1.0,8, =0.252=10
—//— K =0.00
0.80
// K =025
0.70 - K =050
hmin // K =075
// K =1.00
0.60 /,/
0.50 T T T T T
0.03 0.04 0.05 0.06 0.07 0.08 0.09
_ _ Q
Fig. 6.7: Variation of h,;, with Q. for symmetric configuration
0.95 W, =1.0,Q=1.0,a, =0.25,4=1.0
K =0.00
0.80 K =025
A B c D
K =050
h . 65 1 K =075
min
K =1.00
0.50 -
0.35 T T T T T
0.03 0.04 0.05 0.06 0.07 0.08 0.09

Q
Fig. 6.8: Variation of h;, with Q, for asymmetric configuration

ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

Figs. 6.9 through 6.12 show the variation of attitude angle (¢ ) and eccentricity ratio (&)
with restrictor flow (6(:) for symmetric and asymmetric journal bearing configurations.
For the symmetric bearing configuration the value of the attitude angle (¢ ) decreases

with increase in the restrictor flow (Q,). In case of the asymmetric configuration for a
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given value of restrictor flow (Q,), attitude angle (¢4 ) reduces with increase in the non-

linearity factor. The value of eccentricity ratio (&) decreases with increase in the

restrictor flow (Q,) for both the configurations. For the constant restrictor flow, the

eccentricity ratio (&) increases with increase of the non-linearity (K) factor of the

lubricant.
K =050 W, =1.0,Q=1.0,a, =0.252=1.0
K =
69.00
64.00
59.00
54.00 T T T T T
0.03 0.04 0.05 0.06 0.07 0.08 0.09
Q

Fig. 6.9: Variation of ¢ with Q, for symmetric configuration

W, =1.0,Q=1.0,a, =0.252=1.0
70.00 4 ° °

/\/ 0B
66.00 -

K =075
62.00 -

K =1.00

58.00 T T T T T
0.03 0.04 0.05 0.06 0.07 0.08 0.09

Q
Fig. 6.10: Variation of ¢ with Q, for asymmetric configuration

STIFFNESS COEFFICIENTS (S,4,5,,.5,.5,)

XZ> > ZX>

The fluid-film stiffness coefficient (S,, ) increases with increase in Q. as depicted from

Fig. 6.13 for symmetric journal bearing configuration. It is also observed that for a fixed
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Fig. 6.11: Variation of ¢ with Q, for symmetric configuration
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0.07 . . . . Ko
0.03 0.04 0.05 0.06 0.07 0.08 0.09
Q
Fig. 6.12: Variation of & with Q, for asymmetric configuration

value of restrictor flow Q. ,the bearing fluid-film stiffness coefficient (S,, ) reduces with

increase in the non-linearity factor. In case of the asymmetric configuration the pattern of

variations of S, depends on Q; and K and also the interaction among them, however a

definite pattern has not been observed. The wvariation of cross-coupled stiffness

coefficients (S. «z and S ;) are presented in Figs. 6.15 through Figs. 6.18. The cross-
coupled coefficient (S. «z ) changes marginally with restrictor flow for symmetric bearing
configuration. A significant increase in cross-coupled stiffness coefficient (S. xz) 18
observed for asymmetric configuration for higher value restrictor flow 6(: . Further, it may

be noted that for constant restrictor flow the stiffness coefficient (S, ) decreases with



0.03 0.04 0.05 0.06 0.07 0.08
Q

Fig. 6.15: Variation of S,, with Q. for symmetric configuration
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Fig. 6.13: Variation of S,, with Q. for symmetric configuration
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Fig. 6.14: Variation of S,, with Q, for asymmetric configuration
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W, =1.0,Q=1.0,a, =0.25,1=1.0
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Fig. 6.16: Variation of S,, with Q. for asymmetric configuration
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Fig. 6.17: Variation of S,, with Q, for symmetric configuration
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Fig. 6.18: Variation of S,, with Q, for asymmetric configuration
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Fig. 6.19: Variation of S,, with Q, for symmetric configuration
W, =1.0,Q=1.0,a, =0.251=1.0 K =0.00
1.70 A
1.40 -
SZZ
1.10 A
K =0.75 S _
K =1.00
K =0.50
K =025
0.80 T T T T T
0.03 0.04 0.05 0.06 0.07 0.08 0.09
Q

Fig. 6.20: Variation of S,, with Q, for asymmetric configuration

increase in the non-linearity factor K of the lubricant for both symmetric and asymmetric

bearing configurations. An almost opposite trend is observed for S,, as shown in Fig.
6.17 and Fig. 6.18. It may be observed that the values of cross-coupled stiffness
coefficient (S, ) are generally remain negative. Fig 6.19 and Fig. 6.20 shows the

variation of S, with respect to restrictor flow Q. . The value of direct stiffness coefficient

(S,,) in vertical direction increases with Q, for symmetric bearing configuration. Non-
Newtonian behavior of the lubricants reduces the direct stiffness coefficient for a fixed

value of restrictor flow (jc . In case of asymmetric configuration there is steep rise in the

value of S,

of Newtonian lubricant for Q,>0.06. However, for non-Newtonian

lubricant, S,, decreases with increase in the Q, .
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DAMPING COEFFICIENTS (C,,,C,,,C,.C,)

The results of variation of damping coefficients (C,y,C,,,C,,C,,) Wwith restrictor

flowQ, for different values of K are presented in Figs. 6.21 through 6.26 for symmetric
and asymmetric configurations. In general the value of direct fluid-film damping
coefficient (C,, ) for Newtonian lubricant is higher than the non-Newtonian lubricant for

the given range of restrictor flow for symmetric and asymmetric configurations as shown

in Figs. 6.21 and 6.22.

10.50 {W, =1.0,Q=1.0,a, =0.254=1.0
’//— K =0.00
9.00 -
CXX
K =025
7.50 4
K =0.50
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6.00 T T T T T

0.03 0.04 0.05 0.06 0.07 0.08 0.09
Q
Fig. 6.21: Variation of C,, with Q, for symmetric configuration
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0.03 0.04 0.05 0.06 0.07 0.08 0.09
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Fig. 6.22: Variation of C,, with Q, for asymmetric configuration

The value of cross-coupled damping coefficients (C,, and C,,) are found to decrease

with increase in the value of restrictor flow 6C >(0.05 for symmetric configurations

operating with non-Newtonian lubricants while it increases for given range of restrictor
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flow for asymmetric configurations as depicted from Figs. 6.23 and 6.24. Further, for a

constant value of restrictor flow the wvalues of cross-coupled damping
coefficients C,, and C,, decreases with increase in the non-linearity factor K . Further, it
may be observed that the value of cross-coupled damping coefficients (C_IXZ andC. ) are

nearly equal and are very small and generally remain negative. The direct damping

coefficient C,, as shown in Fig. 6.25 and 6.26 shows a similar behavior as observed for

the case of Cy .
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Fig. 6.23: Variation of C,, C,, with Q, for symmetric configuration

-0.08 5 W, =1.0,Q=1.0,3, =0.254=1.0 K =0.00
K =025
K =0.50
K =0.75
-0.36 A _
K =1.00
lo
I
IO
0.64
-0.92 T T T T T

0.03 0.04 0.05 0.06 0.07 0.08 0.09
Q
Fig. 6.24: Variation of C,, C,, with Q. for asymmetric configuration
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Fig. 6.25: Variation of C,, with Q, for symmetric configuration
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Fig. 6.26: Variation of C,, with Q, for asymmetric configuration

STABILITY

PARAMETERS (@y,and M)

The variation of threshold speed and critical mass with restrictor flow( 60) is shown in

Fig. 6.27 through Fig. 6.30 for both the configurations. It may be observed that the value

of @y, for the symmetric bearing configuration gets reduced with increase in the non-
linearity factor (K) of the lubricant at higher value of restrictor flow ((jc) .For

asymmetric bearing configuration for given value of the restrictor flow( 60 ), the @y,

increases with increase in the non-linearity factor. It is observed from the Fig. 6.27 that

at lower fluid supply ((jC ), non-Newtonian behavior of the lubricant influences dynamic

forces in such a way that stability margin increases with non-linearity factor K . At higher
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60 change in dynamic forces results into lower stability margin for non-Newtonian
lubricant.

The critical mass as shown in Fig. 6.29 and 6.30 shows a similar behavior as observed for
the case ofwy,. For more accurate prediction of bearing system stability, the thermal

effects along with non-Newtonian behavior of the lubricant should be considered in the

analysis.
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Fig. 6.27: Variation of @, with Q. for symmetric configuration
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Fig. 6.28: Variation of @y, with Q, for asymmetric configuration
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Fig. 6.29: Variation of M, with Q, for symmetric configuration
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Fig. 6.30: Variation of M, with Q, for asymmetric configuration

6.2 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH ASPECT RATIO (2)

The variation of bearing performance characteristics against different values of aspect
ratio (A ) for symmetric hole-entry journal bearing configurations are shown in Figs. 6.31

through 6.42.

MINIMUM FLUID-FILM THICKNESS (h_. )

Fig 6.31 depicts that the minimum fluid-film thickness reduces when K increases for

fixed aspect ratio. For the given range of the aspect ratio the bearing operating with

Newtonian lubricant has higher value of ﬁmin as compared with the bearing operating
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with non-Newtonian lubricants. The maximum decrease in h_  is found to be of the

order of 32.9 % at 1=0.9, K =1.0 with respect to the Newtonian lubricant.

ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

Fig. 6.32 shows that the value of the attitude angle (¢ ) increases with increase in the
aspect ratio ( 4).The effect of the variation of viscosity on attitude angle (¢ ) is marginal
for the non-Newtonian behavior of the lubricants. From the Fig. 6.33 it can be observed
the effect of increase of aspect ratio is to reduce the eccentricity ratio (&) while for a

fixed value of the of 4, the eccentricity ratio (&) is enhanced due to the non-linear

behavior of the lubricant.
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Fig. 6.31: Variation of h_, with A for symmetric configuration
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Fig. 6.32: Variation of ¢ with A for symmetric configuration
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Fig. 6.33: Variation of ¢ with A for symmetric configuration

STIFFNESS COEFFICIENTS (Syy.Sys,S,4,S,)

The results of the variation of stiffness coefficients (S,,,S,,,S,,S,,) With restrictor

flow (jc for different values of non-linearity factor are presented in the Figs. 6.34 through

Fig. 6.37. The stiffness coefficient (S « ) Increases with increase of aspect ratio (A ). For

a given value of aspect ratio, S,, reduces with increase in the non-linear behavior of the

lubricant. The variation of cross-coupled stiffness coefficients (S,, andS,,) are

presented in Figs 6.35 through 6.36. The cross-coupled stiffness coefficient S,, increases

with increase in the value of aspect ratio. Further, it may be noted that for constant aspect

W, =1.0,Q=1.0,Q, =0.0647,a, =0.25 < - 000
4.00 -
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§XX K =025
K =050
2.20
K =075
K =1.00
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0.80 0.90 1.00 1.10 1.20 1.30 1.40
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Fig. 6.34: Variation of S,, with A for symmetric configuration
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Fig. 6.35: Variation of S,, with A for symmetric configuration
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Fig. 6.36: Variation of S,, with A for symmetric configuration

ratio, the stiffness coefficient (S, ) decreases with increase in the non-linearity factor K
of the lubricant. An opposite trend is observed forS,, . The magnitude of the stiffness
coefficient (S, ) is negative over the entire range of the aspect ratio. The direct stiffness

coefficient S,, as shown in Fig. 6.37 shows a similar behavior as observed for the case

of S,y .

DAMPING COEFFICIENTS (C,,,Cy,,C.C,)

The value of the direct fluid-film damping coefficients (C, andC,,) increases with

increase in aspect ratio as shown in Figs. 6.38 and 6.40. In general the value of direct

fluid-film damping coefficients (C, w and C. ,; ) for Newtonian lubricant is higher than
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Fig.6.37: Variation of S,, with A for symmetric configuration
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Fig. 6.39: Variation of C,, & C,, with A for symmetric configuration

126



20.00

W, =1.0,2=1.0,Q; =0.0647,&, =0.25 _
K =0.00

16.00 - _
K =025

K =0.50
K =075

12.00 - K =1.00

8.00 -

\

4.00 T T T T T
0.80 0.90 1.00 1.10 1.20 1.30 1.40
A

Fig. 6.40: Variation of C,, with A for symmetric configuration

the non-Newtonian for the given range of aspect ratio. The values of cross-coupled

damping coefficients (C_ZXZ and C. - ) are found to increase with aspect ratio A as depicted

from Fig. 6.39. Further, for a constant value of aspect ratio, the values of cross-coupled

damping coefficients C,, and C,, decreases with increase in the non-linearity factor K .
The percentage reduction of cross-coupled damping coefficients C,, and C,, at lower

value of aspect ratio is significant while it is marginal at higher values of aspect ratio.

STABILITY PARAMETERS (@, and M)

It may be observed from the Fig. 6.41 that the value of @y, gets reduced at the higher
value of aspect ratio with increase in the non-linear behavior of the lubricant. At lower
aspect ratio (4 ), non-Newtonian behavior of the lubricant influences dynamic forces in

such a way that stability margin increases for the higher value of non-linearity factor K .
At higher value of A change in dynamic forces results into lower stability margin for
non-Newtonian lubricants. The critical mass as shown in Fig. 6.42 shows a similar

behavior as observed for the case of @y, .

6.3 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH EXTERNAL LOAD (W,)

The variation of bearing performance characteristics for various values of external load

(W,) are shown in Tables 6.1 through 6.4 for hole-entry symmetric and asymmetric

journal bearing configuration. The values of inverse Peclet number ( ISE* =0.0855),
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Fig. 6.42: Variation of M, with A for symmetric configuration

[(e]

dissipation number (5e =0.13023 ),aspect ratio (A=1.0) and land width ratio

(a, =0.25), restrictor flow (@ =0.0647), speed parameter (2 =1.0) are taken as fixed.

STATIC PERFORMANCE CHARACTERISTICS

It is observed from the Tables 6.1 and 6.2 that for a constant external load, the h_,
reduces with increase in the non-linearity factor of the Iubricant for both configurations.

The maximum reduction of around 30% and 54% (at VVO=1.25) is observed for the

symmetric and asymmetric configuration respectively, when the bearing is operating with
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Table 6.1: Static performance characteristics at different values of external load (VVO) for

Symmetric Bearing Configuration

Static K W,
Characteristics 0.25 0.50 0.75 1.00 1.25
_ 0.00 0.95489 0.90996 0.86541 0.82143 0.77820
- 0.50 0.92213 0.84471 0.76806 0.69307 0.62024
1.00 0.90437 0.80949 0.71717 0.62807 0.54124
0.00 1.5528 1.5528 1.5528 1.5528 1.5528
6 0.50 1.5528 1.5528 1.5528 1.5528 1.5528
1.00 1.5528 1.5528 1.5528 1.5528 1.5528
P 0.00 61.19350 60.87620 60.65470 60.41440 60.13300
0.50 63.27430 62.96580 62.67090 62.29370 61.81900
1.00 63.53310 63.19420 62.79660 62.37620 61.98280
0.00 0.04512 0.09006 0.13460 0.17858 0.22181
&g 0.50 0.07802 0.15553 0.23223 0.30722 0.37999
1.00 0.09584 0.19084 0.28321 0.37227 0.45893
Table 6.2: Static performance characteristics at different values of external load (VVO) for
Asymmetric Bearing Configuration
Static K W,
Characteristics 0.25 0.50 0.75 1.00 1.25
. 0.00 0.97610 0.98374 0.94585 0.87287 0.78069
min 0.50 0.95444 0.93110 0.79422 0.61818 0.47219
1.00 0.91749 0.88408 0.68679 0.49375 0.36173
0.00 0.77640 0.77640 0.77640 0.77640 0.77640
6 0.50 0.77640 0.77640 0.77640 0.77640 0.77640
1.00 0.77640 0.77640 0.77640 0.77640 0.77640
0.00 81.39150 71.34900 | 67.77360 | 69.33080 | 65.83250
¢ 0.50 86.81920 71.64060 | 67.70920 | 65.05260 | 57.95910
1.00 95.99290 74.33900 | 67.67660 | 60.18760 | 52.99560
0.00 0.02283 0.01665 0.05468 0.12890 0.22052
&g 0.50 0.04563 0.07039 0.20929 0.38342 0.52809
1.00 0.08463 0.11975 0.31618 0.50626 0.64282

non-Newtonian lubricant with K =1.0 as compared to K =0.0. For a given value of load,

the value of attitude angle (¢ ) increases slightly with increase in the non-linearity factor

for symmetric bearing configuration. However, the increase in the value is significant at

the lower value of load for asymmetric bearing but at the higher value of the load attitude

angle decreases with increase in the non-Newtonian characteristics of the lubricant. It is

clear from the tables that with an increase in loadW,,, the journal center moves down for

both the configurations thereby increasing the eccentricity ratio. The value of the
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eccentricity ratio is less for the Newtonian lubricant for a given load for the symmetric

and asymmetric bearing configuration.

DYNAMIC PERFORMANCE CHARACTERISTICS

It can be observed from Tables 6.3 and 6.4 that at a constant load (W, ), the value of
direct fluid-film stiffness coefficient (S,, ) reduces with increase in non-linearity factor

K for symmetric and asymmetric bearing configurations.

Table 6.3: Dynamic performance characteristics at different values of external load (VVO) for

Symmetric Bearing Configuration.

_ W,

Dynamic K
Characteristics 0.25 0.50 0.75 1.00 1.25

_ 0.00 2.81571 2.84300 2.88946 2.95512 3.04065

S 0.50 1.52943 1.55470 1.59554 1.66075 1.75119

1.00 1.23398 1.26065 1.31650 1.39954 1.60356

_ 0.00 4.65309 4.65107 4.64834 4.64389 4.63741

Xz 0.50 2.74640 2.74489 2.73799 2.73230 2.72331

1.00 2.24418 2.24007 2.24247 2.24026 2.19579

B 0.00 -4.66638 | -4.70636 | -4.77429 | -4.87002 | -4.99439

x 0.50 -2.76016 | -2.79893 | -2.85961 | -2.95667 | -3.09033

1.00 -2.26272 | -2.30961 | -2.40374 | -2.53642 | -2.59615

_ 0.00 2.81963 2.85434 2.91334 2.99692 3.10613

2 0.50 1.53438 1.56697 1.61781 1.69945 1.81161

1.00 1.24138 1.27696 1.35031 1.45495 1.55288

. 0.00 9.53503 9.59482 9.69680 9.83968 | 10.02380

XX 0.50 6.87207 6.96634 7.12398 7.35015 7.64559

1.00 5.95363 6.07174 6.27703 6.56569 6.94143

. . 0.00 -0.00876 | -0.03560 | -0.08087 | -0.14513 | -0.22919

C.,=C, 0.50 -0.01199 | -0.04898 | -0.11267 | -0.20593 | -0.33260

1.00 -0.01444 | -0.05932 | -0.13759 | -0.25409 | -0.42299

. 0.00 9.53459 9.56319 9.61312 9.68352 9.77537

2 0.50 6.85732 6.88535 6.93182 7.00300 7.10118

1.00 5.93202 5.96587 6.03186 6.12805 6.26294

. 0.00 11.79750 | 11.94060 | 12.18420 | 12.52940 | 12.98030

M, 0.50 9.52297 9.74333 | 10.12590 | 10.67910 | 11.42380

1.00 8.60789 8.88080 9.35149 | 10.05600 | 11.41990

0.00 6.86951 4.88683 4.03058 3.53968 3.22246

CT%h 0.50 6.17186 4.41437 3.67439 3.26789 3.02309

1.00 5.86784 4.21445 3.53110 3.17113 3.01285
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Table 6.4: Dynamic performance characteristics at different values of external load (VVO) for

Asymmetric Bearing Configuration

Dynami < W,
ynamic K
Characteristics 0.25 0.50 0.75 1.00 1.25
_ 0.00 0.79371 0.82151 0.86084 1.42426 1.44359
XX 0.50 0.44906 0.47109 0.81583 0.98633 1.31910
1.00 0.36112 0.38388 0.71895 0.97833 1.30426
_ 0.00 3.34944 3.26822 3.19207 2.57114 2.39540
Xz 0.50 2.09151 2.01308 1.47635 1.35902 0.79474
1.00 1.72705 1.63868 1.13370 0.66330 0.59300
_ 0.00 -3.34140 | -3.36236 | -3.42416 | -2.77345| -2.63018
S, 0.50 -2.08458 | -2.08494 | -1.48685| -1.40109 | -1.71328
1.00 -1.72157 | -1.72618 | -1.07515| -1.35141 | -1.70311
_ 0.00 1.25884 1.28308 1.32675 0.96159 1.39938
7 0.50 0.69525 0.70006 0.56709 0.86855 1.30620
1.00 0.53784 0.56893 0.59632 0.97660 1.50982
- 0.00 6.78338 6.69509 6.69008 6.74831 6.89876
Cx 0.50 4.89979 4.84723 4.88860 5.18194 5.63025
1.00 4.23440 4.20761 4.34234 4.79549 5.27609
. . 0.00 -0.03572 | -0.05526 | -0.09141 | -0.15470 | -0.28939
w = Cy 0.50 -0.03160 | -0.06468 | -0.14404 | -0.35713 | -0.72545
1.00 -0.03111 | -0.07059 | -0.20883 | -0.53203 | -0.98923
_ 0.00 6.91977 6.89543 6.89445 6.90378 6.95649
. 0.50 5.00837 4.95498 4.89214 4.95038 5.27573
1.00 4.33071 4.26981 4.22655 4.46989 5.00055
o 0.00 4.31541 4.42604 4.61642 7.85094 | 10.77310
M, 0.50 3.22398 3.35084 7.57913 | 12.41720 | 26.74150
1.00 2.77338 3.02517 9.91819 | 22.65480 | 32.20740
0.00 4.15471 2.97525 2.48097 2.80195 2.93572
a_)[h 0.50 3.59109 2.58876 3.17892 3.52382 4.62530
1.00 3.33069 2.45974 3.63653 4.75973 5.07604

The decrease of viscosity due to increase of non-linearity factor K of lubricant reduces

the value of cross coupled fluid-film stiffness coefficient (S,,), while a reverse trend is
noticed for the cross-coupled coefficient (S,,).The values of direct stiffness coefficient
(S,,) at a constant load decreases with increase in the non-linearity factor K for
symmetric  bearing configuration while in case of asymmetric configuration, definite
pattern of variation of S. z has not been observed. The value of direct damping coefficient

(C,, ) at constant external load is observed to decrease with an increase in K for a

symmetric and asymmetric configurations. The percentage reduction is more for the
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symmetric bearing configurations for the given range of load. The cross-coupled damping
coefficients (C,, and C,,) decrease with an increase in external load for both
configurations. Further, it may be observed that the value of cross-coupled damping
coefficients (C_IXZ and C_IZX) are nearly equal and are very small in magnitude and
generally remain negative. At a constant external load, the value of direct damping
coefficient (C,,) is reduced with increase in the non-Newtonian characteristics of the

lubricant.
The dynamic coefficients are altered when variation of viscosity due to non-Newtonian
behavior of the lubricant is considered. Thus, it is expected that the stability margin will

vary with the variation in non-linearity factor. It is clear from the tables that for constant
load the value of M, and @y, get reduced with increase in the non-linearity factor for
symmetric bearing configuration. The reduction in the value of critical mass becomes less
at higher value of load. For the asymmetric bearing configuration the value of M, and
@y, get reduced with increase in the non-linearity factor for the lower values of given
load. The opposite trends are observed for the higher values of given load. So at the

higher value of load the stability margin increases with an increase in the value of K .

6.4 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH SPEED PARAMETER (Q)

Tables 6.5 through 6.8 show the variation of performance characteristics of hole-entry
hybrid journal bearing compensated with constant flow valve restrictor ,against different

values of speed parameter (Q).The results are presented for the values of inverse Peclet
number (56* =0.0855), dissipation number (D, =0.13023 ),constant restrictor flow

(Q; =0.0647), aspect ratio (A4=1.0), land width ratio (&, =0.25), external load

(W,=1.0) and these parameters remain fixed.

STATIC PERFORMANCE CHARACTERISTICS

The Tables 6.5 depicts that minimum fluid film thickness h,.. for Newtonian lubricant

increases slightly with increase in the speed parameter, while for non-Newtonian h_;,

decreases significantly with increase in the speed parameter for symmetric bearing

configuration. In case of the asymmetric bearing configuration it decreases with increase
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in the speed parameter for Newtonian and non-Newtonian lubricants. A maximum

reduction of around 28% and 47% is observed for symmetric and asymmetric

configuration respectively at Q=1.25, K =1.0 as compared with K =0.0.

Table 6.5: Static performance characteristics at different values of operating speed ( £2)
for Symmetric Bearing Configuration

Static K Q
Characteristics 0.25 0.50 0.75 1.00 1.25
_ 0.00 0.80267 0.81263 0.81829 0.82144 0.82515
min 0.50 0.75920 0.74048 0.71739 0.69307 0.67126
1.00 0.73183 0.69768 0.66290 0.62807 0.59217
0.00 1.5528 1.5528 1.5528 1.5528 1.5528
6 0.50 1.5528 1.5528 1.5528 1.5528 1.5528
1.00 1.5528 1.5528 1.5528 1.5528 1.5528
0.00 22.51820 | 40.37300 | 52.57180 | 60.41390 | 65.48410
@ 0.50 20.86940 | 39.66170 | 53.51530 | 62.29370 | 67.64000
1.00 20.12010 | 39.25210 | 53.46360 | 62.27620 | 67.12160
0.00 0.19895 0.19059 0.18317 0.17857 0.17571
& 0.50 0.24376 0.26339 0.28433 0.30722 0.33183
1.00 0.27205 0.30646 0.33918 0.37227 0.41116

Table 6.6: Static performance characteristics at different values of operating speed (£2)
for Asymmetric Bearing Configuration.

Static K Q
Characteristics 0.25 0.50 0.75 1.00 1.25
o 0.00 0.98588 0.95851 0.91219 0.87289 0.83879
min 0.50 0.96596 0.87669 0.76213 0.61818 0.54366
1.00 0.92946 0.82032 0.65305 0.49375 0.44495
0.00 0.7764 0.7764 0.7764 0.7764 0.7764
6 0.50 0.7764 0.7764 0.7764 0.7764 0.7764
1.00 0.7764 0.7764 0.7764 0.7764 0.7764
0.00 48.24090 | 59.66660 | 67.35300 | 69.33200 | 69.65670
¢ 0.50 47.55890 | 63.39510 | 66.27440 | 65.05260 | 64.05380
1.00 47.06390 | 63.33790 | 63.02740 | 60.18760 | 59.83060
0.00 0.01442 0.04149 0.08857 0.12888 0.16362
& 0.50 0.03483 0.12355 0.23939 0.38342 0.45759
1.00 0.07233 0.18014 0.34749 0.50626 0.55505

The attitude angle (¢ ) increases with increase in speed parameter for symmetric bearing

configuration operating with non-Newtonian lubricants. For a given value of the speed

parameter the attitude angle decreases with increase in the non-linearity factor in case of

asymmetric bearing configuration. The percentage decrease is more at the higher value

of speed parameter. It is clear from the Tables 6.5 and 6.6 that the eccentricity ratio (&)
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get enhanced with increase in the non-linearity factor at constant value of speed

parameter for both the configuration.

Table 6.7: Dynamic performance characteristics at different values of operating speed
(£2) for Symmetric Bearing Configuration.

Dynamic _ 0
Characteristics K 0.25 0.50 0.75 1.00 1.25
0.00 4.71796 416898 | 3.52559 | 2.95535 | 2.51061
S, 0.50 3.89259 3.06379 | 2.25472 | 1.66075 | 1.35939
1.00 3.50615 2.66030 | 1.91410 | 1.39954 | 1.17556
0.00 1.84613 3.27219 | 4.15758 | 4.64430 | 4.92360
S, 0.50 1.38685 2.31143 | 2.69220 | 2.73230 | 2.59407
1.00 1.18353 1.95052 | 2.23923 | 2.24026 | 2.08679
0.00 -2.06166 | -3.54574 | -4.40945 | -4.87041 | -5.13421
S, 0.50 -1.57765 | -2.56080 | -2.92723 | -2.95667 | -2.71893
1.00 -1.39047 | -2.23928 | -2.53640 | -2.53642 | -2.20993
_ 0.00 5.04107 433521 | 3.60311 | 2.99715 | 2.53809
“ 0.50 4.19531 3.21944 | 2.32670 | 1.69945 | 1.21434
1.00 3.84689 2.85443 | 2.01683 | 1.45495 | 1.07204
0.00 15.78630 | 13.94650 | 11.77240 | 9.84050 | 8.33525
C,, 0.50 14.32280 | 12.02890 | 9.47512 | 7.35015 | 5.80553
1.00 13.46580 | 11.08350 | 8.57615 | 6.56569 | 5.15168
0.00 -0.25890 | -0.28296 | -0.20862 | -0.14513 | -0.10601
C.. _ Cy 0.50 0.31761 | -0.39059 | -0.29608 | -0.20593 | -0.15512
1.00 -0.35924 | -0.46294 | -0.35786 | -0.25409 | -0.20659
0.00 16.31650 | 14.05040 | 11.67240 | 9.68434 | 8.17489
C, 0.50 14.94980 | 12.09620 | 9.21950 | 7.00300 | 5.44803
1.00 14.17400 | 11.15030 | 8.25228 | 6.12805 | 4.68937
0.00 332.11300 | 71.77550 | 26.69480 | 12.53030 | 6.80011
M, 0.50 399.22500 | 77.12040 | 25.33500 | 10.67910 | 5.75262
1.00 432.92000 | 77.87260 | 24.39210 | 10.05600 | 5.65373
0.00 18.22400 | 8.47203 | 5.16669 | 3.53982 | 2.60770
@, 0.50 19.98060 | 8.78182 | 5.03339 | 3.26789 | 2.39847
1.00 20.80670 | 8.82454 | 4.93884 | 3.17113 | 2.37775
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for Asymmetric Bearing Configuration

Table 6.8: Dynamic performance characteristics at different values of operating speed ( £2)

Dynamic K Q
Characteristics 0.25 0.50 0.75 1.00 1.25

_ 0.00 1.60586 1.33364 1.08200 1.42430 1.21874
XX 0.50 1.44752 1.03730 1.05923 0.98633 1.03674
1.00 1.34847 0.90944 1.01809 1.02647 1.09112
_ 0.00 1.80065 | 2.69430 | 2.99880 | 2.57127 | 2.59284
2 0.50 1.52995 2.05644 1.58863 1.35902 0.88510
1.00 1.36260 1.74868 1.22083 0.66330 0.72036
_ 0.00 -1.77305 | -2.85779 | -3.31797 | -2.77355 | -2.61811
Su 0.50 -1.53913 | -2.23429 | -1.74182 | -1.40109 | -1.49849
1.00 -1.41485 | -1.98484 | -1.41824 | -1.35141 | -1.47972
B 0.00 2.67048 2.18463 1.71889 0.96159 1.01788
2 0.50 2.32168 1.62689 0.94677 0.86855 0.86777
1.00 2.12998 1.41698 0.90148 0.97660 0.95083
o 0.00 14.57390 | 11.29260 8.55744 6.74861 5.72388
XX 0.50 13.78750 9.90407 6.88342 5.18194 4.49121
1.00 13.23710 9.16752 6.23606 4.79549 4.31807
. _ 0.00 -0.01094 | -0.05770 | -0.11691 | -0.15469 | -0.17156
C. =C, 0.50 -0.01516 | -0.10121 | -0.21607 | -0.35713 | -0.40874
1.00 -0.03197 | -0.14122 | -0.33721 | -0.53203 | -0.55489
. 0.00 14.66740 | 11.48730 8.75585 6.90407 5.82219
2 0.50 13.69370 9.89500 6.80400 4.95038 4.15418
1.00 13.03280 9.03489 6.00103 4.46989 3.90314
. 0.00 156.97800 | 30.27990 | 10.60850 7.85106 5.49569
M. 0.50 164.57400 | 30.94050 | 17.05360 | 12.41720 | 12.88440
1.00 169.30800 | 31.27700 | 20.58000 | 22.65480 | 15.02490
0.00 12.52910 5.50272 3.25706 2.80198 2.34429
a_)th 0.50 12.82860 5.56242 4.12961 3.52382 3.58950
1.00 13.01180 5.59258 4.53652 4.75973 3.87618

DYNAMIC PERFORMANCE CHARACTERISTICS

It can be observed from the Tables 6.7 and 6.8 that at a constant speed parameter

reduction in the value of Sx is noticed with increase in the non-linearity factor for

coefficient (S,, ) decreases with an increase in the non-linearity factor for the given value

of the speed parameter for both configurations.

The opposite trend is observed forS,,. The direct stiffness coefficient in vertical

direction §ZZ gets reduced with increase in speed parameter for both configurations.
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The value of direct damping coefficient (C,, ) at constant speed parameter is observed to
decrease with an increase in K for a symmetric and asymmetric configurations. The
percentage reduction is more for the symmetric configuration for given range of speed
parameter. The value of cross-coupled damping coefficients (C,, and C,, ) decreases with
increase in the non-linearity factor for a constant speed parameter for both configurations

A similar behavior is observed in case of C,, as observed forC,,. A maximum of

reduction of the order of 42.6% and 33% is observed at Q=1.25, K=1.0 as compared
with K =0.0 for symmetric and asymmetric configuration respectively.

The critical mass and threshold speed decreases with an increase in speed parameter. For
a given value of the speed parameter(2<1.0, the critical mass and stability margin
increases with increase in non-linearity factor while for Q> 1.0 opposite trend is
observed. The symmetric bearing configuration is more stable at lower value of speed
parameter. In case of the asymmetric bearing configuration the effect of the non-linear
behavior of the lubricant is to increase the critical mass and threshold speed for the given

range of the speed parameters.

6.5 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH LAND WIDTH RATIO (g,)

Tables 6.9 through 6.12 show the variation in performance characteristics of hole-entry

Jjournal bearing versus land width ratioa,. The results are presented for the values of

inverse Peclet number (F_’e* =0.0855), dissipation number (D, =0.13023), speed
parameter (£2=1.0), external load (VVO=1.0), aspect ratio (A =1.0), land width ratio

(@, =0.25) and constant restrictor flow (60 =0.0647).

STATIC PERFORMANCE CHARACTERISTICS

It can be noted from the Tables 6.9 and 6.10 that minimum fluid film thickness h_.
increases with increase in the in the land width ratio for both configurations. For a

constant land width ratio, h_ reduces with increase in the non-linearity factor K . The

n

maximum reduction of 33% and 50.8 %( at &,=0.10) is found for symmetric and

asymmetric bearing configuration respectively, when the bearing is operating with non-

Newtonian lubricant with K =1.0 as compared to K =0.0. As the constant flow restrictor
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Table 6.9: Static performance characteristics at different values of land width ratio (a,,)

for Symmetric Bearing Configuration

Static K a,
Characteristics 0.10 0.20 0.30 0.40
o 0.00 0.77416 0.81457 0.82538 0.82623
hmin 0.50 0.60810 0.68736 0.69640 0.69618
1.00 0.51813 0.61923 0.63164 0.63301
0.00 1.55280 1.55280 1.55280 1.55280
6 0.50 1.55280 1.55280 1.55280 1.55280
1.00 1.55280 1.55280 1.55280 1.55280
0.00 69.52650 | 63.28860 | 57.78820 | 52.48720
¢ 0.50 68.88480 | 65.33480 | 59.46180 | 53.62100
1.00 66.84020 | 65.07010 | 59.35900 | 53.34260
0.00 0.22912 0.18577 0.17473 0.17520
g 0.50 0.39686 0.31409 0.30360 0.30561
1.00 0.48551 0.38238 0.36837 0.36935

Table 6.10: Static performance characteristics at different values of land width ratio ( gb )

for Asymmetric Bearing Configuration.

Static K ab
Characteristics 0.10 0.20 0.30 0.40

o 0.00 0.70222 0.83579 0.89310 0.91013
min 0.50 0.44262 0.57394 0.65311 0.69570
1.00 0.34493 0.45459 0.52534 0.57028

0.00 0.77640 0.77640 0.77640 0.77640

6 0.50 0.77640 0.77640 0.77640 0.77640

1.00 0.77640 0.77640 0.77640 0.77640
0.00 67.33970 | 68.93620 | 69.33220 | 66.34330
¢ 0.50 61.42000 | 64.50900 | 64.61380 | 63.73830
1.00 58.03440 | 59.44600 | 60.90670 | 60.13830
0.00 0.30036 0.16631 0.10839 0.09045
& 0.50 0.55760 0.42750 0.34811 0.30501
1.00 0.65539 0.54543 0.47475 0.42973

is used so the rate of bearing flow remains constant. The attitude angle (¢ ) decreases
with increase in land width ratio (&,) for symmetric bearing configuration. In case of
asymmetric bearing configuration, for a given value of the land width ratio (@), the

attitude angle decreases with increase in the non-linearity factor. It is clear from the tables

that the eccentricity ratio (&) get enhanced with increase in the non-linearity factor at

constant value of at land width ratio (&,) for both the configuration.
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DYNAMIC PERFORMANCE CHARACTERISTICS

The direct fluid-film stiffness coefficientS,, increases with increase in @, as depicted
from Table 6.11 for symmetric journal bearing configuration. It is also observed that the
combined effect of non-Newtonian behavior of lubricants and thermal effects reduces the
bearing fluid-film stiffness coefficient ( S. « ) for a fixed value of land width ratio (&,).

Table 6.11: Dynamic performance characteristics at different values of land width ratio
(@,) for Symmetric Bearing Configuration.

Dynamic K a,
Characteristics 0.10 0.20 0.30 0.40
B 0.00 2.11336 | 2.58168 | 3.26062 | 3.69053
S 0.50 1.36954 | 1.45431| 1.83563 | 2.10773
1.00 1.29813 | 1.33485 | 154477 | 1.77998
B 0.00 3.86393 | 4.63150 | 4.58906 | 4.28072
‘2 0.50 229798 | 2.77458 | 2.66930 | 2.46452
1.00 152619 | 2.24178 | 2.18176 | 2.01192
3 0.00 -3.65170 | -4.85838 | -4.81827 | -4.52701
” 0.50 -2.05302 | -2.98747 | -2.90743 | -2.73845
1.00 -1.74932 | -2.40302 | -2.49486 | -2.36635
B 0.00 1.24379 | 261278 | 3.31344 | 3.77207
. 0.50 0.87557 | 1.47989 | 1.88842 | 2.19816
1.00 0.86320 | 1.19962 | 1.62086 | 1.90922
_ 0.00 9.50978 | 9.84498 | 9.70836 | 9.06170
o 0.50 759748 | 7.43385 | 7.20984 | 6.72720
1.00 7.08827 | 6.67721 | 6.42392 | 5.99086
- 0.00 -0.17668 | -0.14682 | -0.14458 | -0.14816
C.=C, 0.50 -0.28647 | -0.19690 | -0.21369 | -0.22973
1.00 -0.41128 | -0.24882 | -0.26490 | -0.28393
B 0.00 9.08569 | 9.63745 | 9.59065 | 9.00398
n 0.50 6.81320 | 7.01474 | 6.92314 | 6.54868
1.00 6.11744 | 6.14939 | 6.06022 | 5.76422
- 0.00 10.36560 | 10.94260 | 13.83220 | 15.69920
M. 0.50 12.10390 | 9.20704 | 11.94630 | 14.01390
1.00 17.41750 | 9.10754 | 11.26350 | 13.30690
0.00 3.21957 | 3.30797 | 3.71917 | 3.96222
W, 0.50 3.47908 | 3.03431 | 3.45634 | 3.74351
1.00 4.17344 | 3.01787 | 3.35612 | 3.64787
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Table 6.12: Dynamic performance characteristics at different values of land width ratio (a,)

for Asymmetric Bearing Configuration.

Dynami K a,
ynamic K
Characteristics 0.10 0.20 0.30 0.40
B 0.00 1.25621 | 1.21626 | 1.13985 | 1.08502
Sy 0.50 1.15197 | 1.01444 | 0.97934 | 1.09295
1.00 1.20396 | 1.06654 | 0.99714 | 1.04342
3 0.00 1.64057 | 2.45802 | 2.98803 | 2.89428
@ 0.50 0.89396 | 0.88821 | 1.32634 | 1.32341
1.00 0.72571 | 0.67618 | 0.70951 | 1.03453
3 0.00 -2.44563 | -2.45957 | -3.18342 | -3.21653
x 0.50 -1.68174 | -1.46477 | -1.34785 | -1.61292
1.00 -1.67625 | -1.42886 | -1.28999 | -1.29493
B 0.00 0.98075 | 1.08304 | 1.37420 | 1.72160
2 0.50 0.92346 | 0.89137 | 0.88493 | 0.83096
1.00 1.04030 | 0.99060 | 0.97182 | 0.91181
_ 0.00 6.93789 | 6.81388 | 6.63749 | 6.21862
" 0.50 5.95331 | 5.38546 | 4.99205 | 4.63610
1.00 5.67959 | 5.01356 | 4.61144 | 4.23718
L 0.00 -0.41973 | -0.20442 | -0.12457 | -0.08650
C.,=C, 0.50 -0.77433 | -0.44207 | -0.29663 | -0.21321
1.00 -0.99484 | -0.63667 | -0.45017 | -0.33701
B 0.00 6.75542 | 6.93735| 6.79299 | 6.35201
" 0.50 5.32673 | 5.06211 | 4.83500 | 4.54441
1.00 5.03095 | 4.62339 | 4.32861 | 4.04633
- 0.00 12.76580 | 8.99208 | 5.94989 | 5.99466
M. 0.50 20.48990 | 19.32280 | 12.53610 | 9.47085
1.00 23.29210 | 23.00880 | 20.59700 | 12.31340
0.00 3.57293 | 2.99868 | 2.43924 | 2.44840
Wy, 0.50 452659 | 4.39578 | 3.54065 | 3.07748
1.00 4.82622 | 4.79676 | 4.53841 | 3.50905

In case of the asymmetric configuration the pattern of variations of S, depends on @,
and K and also the interaction among these. A definite pattern has not been observed. It

may be noted that for constant land width ratio (@, ), the cross stiffness coefficient (S 2 )

decreases with increase in the non-linearity factor K of the lubricant for symmetric and
asymmetric bearing configuration. An opposite trend is observed for S, .The magnitude
of the stiffness coefficient (S, ) is negative over the entire range of the land width ratio
for both configurations. The increase in the non-Newtonian behavior of the lubricants
reduces the direct stiffness coefficientS,, for symmetric configuration and it is found to

increase with increase in land width ratio. For the asymmetric configuration the value of
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S,, increases with an increase in land width ratio for the Newtonian lubricant while the
opposite tends are observed for the non-Newtonian lubricants.

The value of direct damping coefficient (C,, ) at constant land width ratio is observed to

decrease with an increase in K for both configurations. The value of cross-coupled
coefficients C,, and C,, decreases with increase in the non-linearity factor for a constant
land width ratio for both configurations. It may be noted that cross-coupled damping

coefficients (C,, andC,,) are nearly equal and are very small and generally remain
negative. A similar behavior is observed for the case of C,, as observed forC,, . The
maximum reduction of around 36% (at & =0.40) in the value of C,, is found for both

configurations, when the bearing is operating with non-Newtonian lubricant with K=1.0

as compared to K =0.0. It is observed that the value of M, and @y, increases with

increase in the non-linearity factor K at the lowest value of land width ratio i.e & =0.1

but an opposite trend is observed for all higher values of land width ratio for the

symmetric bearing configuration. In case of asymmetric bearing configuration value of

the M, and @y, increases with increase in the non-linearity factor K for all given values

of land width ratio. A maximum increase of around 86% in threshold speed is observed

(at @ =0.3), when the bearing is operating with non-Newtonian lubricant with K=1.0 as

compared to K=0.0. So the asymmetric bearing configuration operating with non-
Newtonian lubricant is more stable for a given value of land width ratio as compared

while operating with Newtonian lubricants.
6.6 CLOSURE

The study of non-recessed hybrid journal bearing system has been carried out considering
the effects of viscosity variation due to temperature rise and non-Newtonian behavior of
the lubricant for hole-entry compensated with constant flow valve restrictors. The
computed results indicate that above two parameters affects quite significantly the static
and dynamic performance characteristics of non-recessed hybrid journal bearing system.
The results presented in chapter deals with the commonly used bearing configurations i.e.
symmetric and asymmetric. The study is expected to be quite useful from point of view of
bearing design, so as to accurately predict the performance of these classes of bearings.
Design of non-recessed symmetric hybrid journal bearing operating with non-Newtonian

lubricant considering thermal effect has been presented in Appendix-2.
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CHAPTER 7

PERFORMANCE OF HOLE-ENTRY BEARING WITH
VARIABLE VISCOSITY LUBRICANT: CAPILLARY
RESTRICTOR

This chapter aims to demonstrate the effect of variation of viscosity due to rise in
temperature and non-Newtonian behavior of the lubricants on the performance
characteristics of hole-entry hybrid journal bearing system (Fig.1.3) compensated with
capillary restrictor. The performance characteristics for capillary compensated bearing are

obtained for the values of restrictor design parameter (C, ) in the range of 0.05 to 0.25

and for inverse Peclet number (Ee* =0.0855), dissipation number (5e =0.13023).The

conditions of runs are mentioned at the top of every figure while in case of tables they are
given in the paragraph preceding the concerned table.

The performance characteristics of journal bearing system changes with alteration in
fluid-film pressure, thickness and temperature profile around the bearing. The variation of
the fluid-film pressure and temperature are presented in the following section in

circumferential direction for the various values non-linearity factor.

FLUID-FILM PRESSURE (p) DISTRIBUTIONS

The distribution of the fluid-film pressure along circumferential ( S =0.0) direction is
shown in Figs. 7.1 and 7.2 for symmetric and asymmetric bearing configurations
respectively. It is observed from Fig. 7.1 that pressure is maximum nearly at about
a=270° i.e. in the direction of external load for both Newtonian and non-Newtonian
lubricants. At any circumferential location, the pressure for bearing operating with the
Newtonian lubricants (RZO.O) is more as compared to non-Newtonian case. The
reduction in the pressure of the order of 16 % is observed for K =1.0 as compared with
Newtonian case (K =0.0) at a particular location i.e. «=270°. This is in consistent with
the earlier results of Boncompain and Frene 1979), Boncompain et al (1986) obtained for
plain hydrodynamic bearing. For asymmetric configuration, the magnitude of the fluid-
film pressure is less as compared to the pressure for symmetric bearing configuration.
The effect of the variation in viscosity on circumferentially pressure distribution between

a=30° to 150° is marginal for non-Newtonian lubricants.
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Fig. 7.1: Circumferential pressure distribution for symmetric configuration.
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Fig. 7.2: Circumferential pressure distribution for asymmetric configuration.
164 1W -1.0,0=1.0,C,, =0258, =0.251=1.0
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T, 1.56 1
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Fig. 7.3: Variation of mid-film temperature with « for symmetric configuration
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FLUID-FILM TEMPERATURE (T ) DISTRIBUTIONS

Plots of fluid-film temperature distribution along circumference at axial mid plane
(f=0.0) and across mid film (Z=0.5) for symmetric and asymmetric bearing
configurations are shown in Figs. 7.3 and 7.4. It is found that the temperature rise is more
for higher value of non-linearity factor K for both configurations. A total of about 8.5 %
change in temperature is observed along circumference at K =1.0 for symmetric bearing
configuration. The cyclic variation in temperature at axial mid plane is determined about
6.4% at K=1.0 for asymmetric bearing configurations. For the selected parameters a
temperature rise of about 1.6256 and 1.7515 is noted for symmetric and asymmetric
bearing configurations operating with non-Newtonian lubricant with K=1.0. For a
designer it becomes imperative to consider the thermal effects and non-Newtonian
behavior of the lubricants to predict the accurate performance of the bearing system. The
2-D temperature profile of symmetric and asymmetric bearing configurations with
Newtonian lubricant ( K=0.0.) and non-Newtonian lubricant (K =1.0) is shown in the

figs.7.5a through 7.6D.

1.74 W =1.0,0=1.0,C,, =025, =0.254=1.0

K =1.00

K =0.80 K =0.60

T, 1.69 -
1.64 -
1.59 : K =000 . . .
0 60 120 180 240 300 360

o/(degree)

Fig.7.4: Variation of mid-film temperature with « for asymmetric configuration
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In the preceding paragraphs it has been observed that the fluid-film pressure distribution
is affected due to the viscosity variation because of non-Newtonian behavior of the
lubricant and consideration of thermal effects. It is, therefore obvious that the
performance characteristics of the bearing will also be altered. The influence of variation
of viscosity on performance characteristics of hole-entry journal bearing is presented in

the following sub-sections.

7.1 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH RESTRICTOR DESIGN PARAMETER (c,,)

The variation of bearing performance characteristics against different values of restrictor

design parameter (C,) are shown in Figs. 7.7 through 7.23. The results are presented for

inverse Peclet number (Is(;k =0.0855), dissipation number (D, =0.13023), bearing

operating and geometric parameters as given in Table 1.1.

MINIMUM FLUID-FILM THICKNESS (h.. )

The minimum fluid-film thickness reduces with increase in K for a given value of
theC,, for both symmetric and asymmetric configurations as depicted in the Figs. 7.7 and
7.8 For given range of the restrictor design parameter the bearing with Newtonian

lubricant operates at higher value of h . as compared with the bearing with non-

Newtonian lubricants. Fig 7.8 reveals that a design value of ﬁmin for a journal bearing

system can be maintained even if the viscosity varies, by selection of the capillary
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restrictor of proper value of restrictor design parameter Cg,. It is clear from the plot that
along line ‘AD’, restrictor design parameter for the Newtonian lubricant is given by the
abscissa of point ‘B’ for h, ;. =0.72. In the case of non-Newtonian lubricant with K =0.25
restrictor design parameter increases by value ‘BC’ to maintain the same minimum fluid-

film thickness Therefore, the desired value of h_,, can be maintained by selecting

capillary restrictor of proper restrictor design parameterCy, .

0.80

W, =1.0,Q=1.0,a, =0.251=1.0

0.70 1

K =0.00

>

min

0.60 \ K=025
/—\ =0.50

0.50 T T T T T
0.00 0.05 0.10 0.15 0.20 0.25 0.30
Csz
Fig. 7.7: Variation of h,;, with Cg, for symmetric configuration
1.10
W, =1.0,Q=1.0,a, =0.25,1=1.0
K =0.00
0.90 K =025
K =0.50
K =0.75
K =1.00
A B C
_ 0.707 D
hmin
0.50 -
0.30 T T T T T
0.00 0.05 0.10 0.15 0.20 0.25 0.30
Csz

Fig. 7.8: Variation of h_.. with C,, for asymmetric configuration

BEARING FLOW (Q)

The bearing flow Q is the function of restrictor design parameter Cg, and thus, the

value the bearing flow (Q ) is found to increase with an increase of Cy,. When the
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viscosity decreases due to temperature rise and non-Newtonian behavior of the lubricant,
the value of the bearing flow Q is enhanced. Figs. 7.9 and 7.10 depicts that the value of
bearing flow is more for the non-Newtonian lubricants as compared with the Newtonian
lubricant for a given C,. When C,=0.25, the maximum increase in the bearing flow is
found of the order of 38.6 % and 26.8 % for symmetric and asymmetric bearing

configurations for non-Newtonian lubricant with K =1.0 as compared to the K =1.0.

3.30 —
W, =1.0,0=1.0,a, =0.25,4=1.0

K =1.00
K =0.75
K =0.50

2.70 4 -
K =0.25
K =0.00

2.10 A

Q
1.50 A
0.90 f T T T T
0.00 0.05 0.10 0.15 0.20 0.25 0.30
_ _ Co,
Fig. 7.9: Variation of Q with C,, for symmetric configuration
1.90 —— —
W, =1.0,Q=1.0,a, =0.25,1=1.0 K =1.00
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K =0.50
K =025

1.40 - K =0.00

Q
0.90 -
0.40 T T T T T
0.00 0.05 0.10 0.715 0.20 0.25 0.30

C52
Fig. 7.10: Variation of Q with C,, for asymmetric configuration

ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

Figs. 7.11 and 7.12 depicts that for the symmetric bearing configuration the combined

effect of increase of 652 and non-linearity factor K is to reduce the attitude angle (¢ ).
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In case of the asymmetric configuration for Newtonian lubricant there is steep fall in

attitude angle (¢ ) for restrictor design parameter C_352 >0.20. The value of attitude angle
(¢) is almost constant for the Non-Newtonian lubricants when 652 >0.20. For the

constant restrictor design parameter (652 ), the eccentricity ratio (&) increases due the

decrease in viscosity because of the non-Newtonian behavior of the lubricant for both

configurations as shown in Figs. 7.13 and 7.14.

W, =1.0,Q=1.0,a, =0.25,1=1.0
69
61
53
K =0.50
K =075
45 : : : . KoL
0.00 0.05 0.10 0.15 0.20 0.25 0.30
CSZ
Fig. 7.11: Variation of ¢ with C,, for symmetric configuration
80.00
W, =1.0,Q=1.0,a, =0.251=1.0
70.00 A K - 000
K =025
K =0.50
60.00 K=075
¢ K =1.00
50.00
40.00 T T T T T
0.00 0.05 0.10 0.15 0.20 0.25 0.30

Csz
Fig. 7.12: Variation of ¢ with C, for asymmetric configuration
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Fig. 7.13: Variation of ¢ with C, for symmetric configuration
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Fig. 7.14: Variation of ¢ with C, for asymmetric configuration

STIFENESS COEFFICIENTS (S, S,75S5,S5)

It is also observed from the Fig. 7.15 that the effect of non- Newtonian behavior of

lubricants is to reduce the bearing fluid-film stiffness coefficient ( S,y ) for a fixed value
of restrictor design parameter ( C, s2 )- The variation of cross-coupled stiffness coefficients
(S,, and S,, ) are presented in Figs 7.16 and Fig. 7.17. It may be noted that for constant
restrictor design parameter ( C, s> ), the stiffness coefficient (S, .. ) decreases with increase
in the non-linearity factor K of the lubricant. The value of the

C,=0.10 for the non-Newtonian lubricants. The value of direct stiffness coefficient

(S ;7 ) in vertical direction increases at a steep rate up to C_352 =0.10.
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Fig. 7.15: Variation of S,, with C,, for symmetric configuration
3.75 A _ W, =1.0,Q=1.0,a, =0.25,1=1.0

K =0.00

3.00 A

2.25 1

[92]]

>

S
~
1
S
v
&

1.50 T T T T
0.00 0.05 0.10 0.15 0.20 0.25 0.30

Cs2
Fig. 7.16: Variation of S,, with C, for symmetric configuration
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Fig. 7.17: Variation of S,, with C,, for symmetric configuration
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Fig. 7.18: Variation of S,, with C, for symmetric configuration

DAMPING COEFFICIENTS (C,,,C,,,C,.C,)

The combined effect of the increase of non-linearity factor

parameter C_Zsz is to reduce the value of direct fluid-film damping coefficient (C,,) as
observed from Fig. 7.19. For the constant value of restrictor design parameterCy,, the
values of cross-coupled damping coefficients C,, and C,, decreases with increase in the

non-linearity factor K . Further, it may be observed that the value of cross-coupled

damping coefficients (C,, and 62)() are nearly equal and are very small and generally

remain negative. The direct damping coefficient 622 as shown in Fig. 7.21 shows a

similar behavior as observed for the case of C,, .
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Fig. 7.19: Variation of C,, with C,, for symmetric configuration
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Fig. 7.20: Variation of C,, & C,, with C,, for symmetric configuration
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Fig. 7.21: Variation of C,, with C, for symmetric configuration

STABILITY PARAMETERS (M and@y,)

It may be observed from the Fig. 7.22 and Fig. 7.23 that the value of critical mass M
and threshold speed @y, remains constant for a particular value of the restrictor design
parameter i.e.Cg, = 0.10. So the stability of the bearing will not be affected due to the
variation in viscosity. For the higher values of the restrictor design parameter C_Zsz >0.10

the value of critical mass M, and threshold speed @y, of the symmetric bearing

configuration gets enhanced with increase in the non-linearity factor.
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7.2

The variation of bearing performance characteristics against different values of land

width ratio (@) are shown in Figs. 7.24 through 7.41. The results are presented for

inverse Peclet number (F_’e* =0.0855), dissipation number (D, =0.13023), bearing

W, =1.0,Q=1.0,a, =0.25,4=1.0

K =1.00

9.75 A K =075
K =0.50

8.50 A K =025

M,
7.25 K =0.00
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0.00 0.05 0.10 0.715 0.20 0.25 0.30
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Fig. 7.22: Variation of M, with C,, for symmetric configuration
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Fig. 7.23: Variation of @,, with C,, for symmetric configuration

VARIATION OF PERFORMANCE CHARACTERISTICS

WITH LAND WIDTH RATIO (g,)

operating and geometric parameters as given in Table 1.1.

MINIMUM FLUID-FILM THICKNESS (h.. )

Figs 7.24 depicts that the minimum fluid-film thickness reduces when K increases for

given value of land width ratio (&,). For the given range of the land width ratio the

bearing operating with Newtonian lubricant has higher value of ﬁmm as compared with
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the bearing with non-Newtonian lubricants. The maximum decrease in h_. is found to be

n

of the order of 25.5% at &,=0.1, K=1.0 with respect to the Newtonian lubricant.

BEARING FLOW (Q)

The bearing flow decreases with increase in the land width ratio (@,) as shown in Fig.
7.25. When the viscosity decreases due to temperature rise and non-Newtonian behavior
of the lubricant, the value of the bearing flow (Q ) get enhanced for the given land width
ratio (&,). At &,=0.4, the maximum percentage increase in the bearing flow is found of
the order of 40.7 % operating with non-Newtonian lubricant with K =1.0 as compared to
K =0.0.

0.80

W, =1.0,Q=1.0,C, =0.251=1.0
K =0.00

0.65 1
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0]
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Fig. 7.24: Variation of h;, with @, for symmetric configuration
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Fig. 7.25: Variation of Q with @, for symmetric configuration
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ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

The combined effect of increase of &, and non-linearity factor K is to reduce the attitude

angle (¢ ) as clear from Fig. 7.26. For the constant land width ratio (&), the eccentricity

ratio (& ) increases with increase in the non-linearity factor K of lubricant.

62.00 W, =1.0,0=1.0,C,, =0.254=1.0
55.00 4 \
¢ K =0.00
48.00 - K =025
K =0.50
K =075
K =1.00
41.00 T T T T
0.00 0.10 0.20 0.30 0.40 0.50
a,
Fig. 7.26: Variation of ¢ with @, for symmetric configuration
W, =1.0,Q=1.0,Cy, =0.251=1.0 K =1.00
0.59 -
0.47 A
&
0.35 -
0.23 T T T T
0.00 0.10 0.20 0.30 0.40 0.50

a,

Fig. 7.27: Variation of ¢ with &, for symmetric configuration

STIFFNESS COEFFICIENTS (Syy,Sys>S,4>S,)

The values of the direct fluid-film stiffness coefficients (S, andS, ) decrease with

increase in the land width ratio (@) for the Newtonian lubricant as observed from the

Figs. 7.28 and 7.31. For the non-Newtonian lubricants at @ =0.20 the value of S,, and

7z
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S,, is maximum. The combined effect of increase of &, and non-linearity factor K is to
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Fig. 7.28: Variation of S,, with &, for symmetric configuration
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Fig. 7.29: Variation of S,, with &, for symmetric configuration
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Fig. 7.30: Variation of S,, with @, for symmetric configuration
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Fig. 7.31: Variation of S,, with &, for symmetric configuration
reduce the cross-coupled stiffness coefficient S. «z -Further, it may be noted from the Fig.

7.29 that for constant land width ratio (&, ), the stiffness coefficient ( S .. ) decreases with

increase in the non-linearity factor K of the lubricant. An opposite trend is observed for

S, as shown in Fig. 7.30. The magnitude of the stiffness coefficient (S, ) is negative

over the entire range of the land width ratio.

DAMPING COEFFICIENTS (C,,,Cy,,C».C)

The magnitude of the direct fluid-film damping coefficients (GXX and 622) decreases with
increase in land width ratio (&, ) as observed from the Figs. 7.33 and 7.34. In general the
value of direct fluid-film damping coefficients (C,, andC,, ) for Newtonian lubricant is
higher than the non-Newtonian lubricant for all given range of land width ratio (@, ). The
Maximum reduction of the order of 58.3% and 56.6% is found in the value of C, and
C,, respectively due to the non-linear behavior of the lubricant at K=1.0 , & =0.10 as
compared to K =1.0. The value of cross-coupled damping coefficients (C,, and C,, ) are
found to increase with increase in the land width ratio (@,) as depicted from Fig. 7.33.

Further, for a constant value of land width ratio (@,), the values of cross-coupled

damping coefficients C,, and C,, decrease with increase in the non-linearity factor K .
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STABILITY PARAMETERS (M and @, )

The variation of critical mass and threshold speed with land width ratio (&) is shown in

Fig. 7.35 through Fig. 7.36. It may be observed that the critical mass and threshold speed
of the Newtonian lubricant is lower than the non-Newtonian lubricants for given range of

the land width ratio (&,). It is clear from the plots that the symmetric journal bearing

system is more stable at &,=0.10 while operating with lubricant with non-linearity factor

A

=1.0.
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Fig. 7.35: Variation of M, with &, for symmetric configuration
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Fig. 7.36: Variation of @,, with @, for symmetric configuration
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7.3 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH EXTERNAL LOAD (W,)

In this section performance characteristics are computed for capillary restrictor for
different values of external load (\ﬁo) for symmetric and asymmetric hole-entry journal
bearing configurations and tabulated in Tables 7.1 through 7.4 and discussed. The values
of inverse Peclet number (P, = 0.0855),dissipation number ( D, = 0.13023 ),aspect ratio
(A =1.0) and land width ratio (&, = 0.25),restrictor design parameter (C,,=0.25), speed

parameter (Q =1.0) are taken as fixed.

STATIC PERFORMANCE CHARACTERISTICS

It is clear from the Tables 7.1 and 7.2 that for a fixed value of external load, the

h,, reduces with increase in the non-linearity factor of the lubricant for both

configurations. The maximum reduction of around 28.4% and 35% (at W,=1.25) is
observed for the symmetric and asymmetric bearing configuration respectively, when the
bearing is operating with non-Newtonian lubricant with K =1.0 as compared to K =0.0.

The bearing flow (Q ) decreases with increase in the external load (W,) for both
configurations. When the viscosity decreases due to temperature rise and non-Newtonian
behavior of the lubricant, the value of the bearing flow (Q ) enhanced for the given

external load (VVO) for both configurations. For a given value of load, the attitude angle

Table 7.1: Static performance characteristics at different values of external load (\NO) for

Symmetric Bearing Configuration

Sta K W,
tatic K
Characteristics 0.25 0.50 0.75 1.00 1.25
_ 0.00 0.91616 0.83253 0.74921 0.66636 0.58419
min 0.50 0.89124 0.78308 0.67564 0.56890 0.46352
1.00 0.88056 0.76220 0.64575 0.53104 0.41855
0.00 2.22761 2.22370 2.21736 2.20911 2.19978
(j 0.50 2.84441 2.83649 2.82390 2.80871 2.79073
1.00 3.12258 3.11019 3.08772 3.06062 3.03011
0.00 56.69450 | 56.44590 | 56.50740 | 56.70680 | 57.04110
@ 0.50 49.17800 | 48.99880 | 49.11470 | 49.41160 | 49.90450
1.00 45.43960 | 45.28870 | 45.44540 | 45.84970 | 46.51600
0.00 0.08396 0.16776 0.25121 0.33414 0.41630
g 0.50 0.11066 0.22084 0.33010 0.43830 0.54460
1.00 0.12330 0.24564 0.36569 0.48323 0.59746
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Table 7.2: Static performance characteristics at different values of external load (VVO) for

Asymmetric Bearing Configuration

Stati _ W,
tatic K
Characteristics 0.25 0.50 0.75 1.00 1.25
_ 0.00 0.76948 0.91155 0.92417 0.98470 0.89613
min 0.50 0.76048 0.88739 0.91700 0.84366 0.70698
1.00 0.75957 0.84990 0.90010 0.76073 0.58289
0.00 1.56323 1.52493 1.48363 1.43923 1.39195
(j 0.50 1.85299 1.81493 1.77471 1.72918 1.67651
1.00 1.97104 1.93361 1.89076 1.83964 1.75496
0.00 73.37850 | 74.91770 | 78.86580 | 65.83680 | 69.75840
@ 0.50 71.36800 | 73.09670 | 62.56360 | 64.23340 | 67.07500
1.00 70.44920 | 72.61870 | 55.54880 | 63.36160 | 61.00400
0.00 0.23195 0.08988 0.07726 0.01559 0.10545
g 0.50 0.24095 0.11404 0.07903 0.15680 0.29539
1.00 0.24186 0.15153 0.08012 0.23973 0.41720

(¢ )decreases with increase in the non-linearity factor for symmetric and asymmetric

bearing configurations. The eccentricity ratio (&) increases with increase in the non-

linearity factor for constant load for both configurations.

DYNAMIC PERFORMANCE CHARACTERISTICS

It can be observed from the Tables 7.3 and 7.4 that direct fluid-film stiffness coefficient

(S,y) decreases with increase in the load for both configurations. At a constant load (W,),
the value of direct fluid-film stiffness coefficient S,, reduces with increase in non-linearity
factor K . The increase in non-linearity factor K of the lubricant reduces the value of S,, at

fixed value of external load. The value of cross-coupled stiffness coefficientS,, increases

with increase in the external load for the symmetric bearing configuration while it decreases

with increase in the load in case of asymmetric bearing configuration. A reverse trend is

noticed for the cross- coupled coefficient S,, for both configurations. The values of direct

stiffness coefficient (S,,) at a constant load decreases with increase in the non-linearity

factor K for both configurations.

The value of direct damping coefficient (C,, ) at a constant external load is observed to

decrease with an increase in K for both configurations. The value of Cy, increases with

increase in the load for symmetric bearing configuration while it decreases incase of
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Table 7.3: Dynamic performance characteristics at different values of external load (Vvo)

for symmetric bearing configuration

D . _ W,
ynamic K
Characteristics 0.25 0.50 0.75 1.00 1.25
0.00 1.78044 1.76232 1.73029 1.68138 1.61112
_XX 0.50 1.62032 1.60197 1.56860 1.51657 1.44545
1.00 1.55859 1.54158 1.51115 1.45830 1.38359
0.00 2.40260 2.41908 2.44783 2.49108 2.55167
S_XZ 0.50 1.61806 1.64170 1.68319 1.74216 1.82310
1.00 1.35569 1.38322 1.43656 1.51490 1.61857
0.00 -2.40172 | -2.41639 | -2.44188 | -2.48042 | -2.53579
S_ZX 0.50 -1.61686 | -1.63629 | -1.66877 | -1.71311 | -1.77771
1.00 -1.35646 | -1.38307 | -1.42904 | -1.48916 | -1.57030
0.00 1.78780 1.78899 1.79102 1.79419 1.79942
S_ZZ 0.50 1.62967 1.63555 1.64404 1.65248 1.66621
1.00 1.57054 1.58444 1.60717 1.62935 1.65533

0.00 4.91499 4.95678 5.03022 5.14214 5.30328

C, 0.50 3.99090 | 4.02887 | 4.09520 | 4.19458 | 4.33871
1.00 359879 | 3.64035 | 3.71449 | 3.82314 | 3.97832

000 | -0.00559 | -0.02308 | -0.05392 | -0.10099 | -0.16913

C,=C, 050 | -0.00729 | -0.02975 | -0.06876 | -0.12735 | -0.21116
1.00 | -0.00873 | -0.03539 | -0.08095 | -0.14820 | -0.24358

000 | 4.91447 | 493897 | 4.98136 | 5.04473 | 5.13290

C,, 0.50 3.99277 | 4.02386 | 4.07780 | 4.15722 | 4.26918
1.00 3.60196 | 3.64211 | 3.71388 | 3.81776 | 3.96154

0.00 7.46826 7.43681 7.38186 7.29926 7.18385

Mc 0.50 9.89763 9.76983 9.55335 9.26810 8.91540
1.00 11.02870 | 10.83390 | 10.48470 | 10.00950 | 9.46612
0.00 5.46563 3.85664 3.13728 2.70172 2.39731
CT)th 0.50 6.29208 4.42036 3.56900 3.04435 2.67063
1.00 6.64189 4.65487 3.73892 3.16379 2.75189

asymmetric bearing configuration. For a given value of the load, the cross-coupled
damping coefficients (C,, and C,,) decreases with an increase in non-linearity factor

for the symmetric bearing configuration while the values of the cross-coupled damping

coefficients increases with increase in the non-linearity factor in case of asymmetric

bearing configuration. For direct damping coefficient (C,, ), a similar type of trend is
observed as in case of direct damping coefficient (C,, ). From the variation of critical

mass ( I\WC )and threshold speed ( @y, )against external load (VV0 ), it is clear that the value
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Table 7.4: Dynamic performance characteristics at different values of external load (Vvo)

for asymmetric bearing configuration

Dvnam; — W,
ynamic K
Characteristics 0.25 0.50 0.75 1.00 1.25
0.00 1.30184 1.18258 1.06144 0.93274 0.78819
S_XX 0.50 0.90842 0.84153 0.76605 0.67890 0.63827
1.00 0.78868 0.73325 0.67002 0.59178 0.52320
0.00 3.31038 3.16475 3.04530 2.95223 2.88718
_xz 0.50 2.05658 1.93595 1.83338 1.75462 1.46963
1.00 1.68671 1.56345 1.46522 1.39092 1.02578
0.00 -2.72381 | -2.60278 | -2.52782 | -2.49683 | -2.50958
_zx 0.50 -1.67625 | -1.61839 | -1.60032 | -1.62864 | -1.43538
1.00 -1.36492 | -1.32595 | -1.34353 | -1.41224 | -1.00747
0.00 1.39462 1.37380 1.35720 1.34258 1.32786
_zz 0.50 1.12666 1.11448 1.10324 1.10230 0.92549
1.00 1.02879 1.01927 1.02330 1.03919 0.86611
0.00 6.88093 6.48175 6.20286 6.03898 5.99139
_xx 0.50 5.03084 470121 4.49522 4.41614 4.47347
1.00 4.35545 4.04599 3.88129 3.85812 3.95261
0.00 -0.46602 | -0.27918 | -0.12630 0.00028 0.10839
6)(2 = ézx 0.50 -0.25478 | -0.10975 | -0.00613 0.06407 0.10878
1.00 -0.19426 | -0.06446 0.01636 0.05802 0.04114
0.00 5.56196 5.37920 5.23255 5.12115 5.04503
_zz 0.50 421738 4.05670 3.92572 3.83089 3.77429
1.00 3.70845 3.54913 3.43010 3.35345 3.30492
0.00 5.80440 5.49747 5.18779 4.87137 453848
I\WC 0.50 6.38790 6.07037 5.74654 5.43928 5.08589
1.00 6.52227 6.20756 5.89062 5.61641 5.28260
0.00 4.81847 3.31586 2.63003 2.20712 1.90546
_th 0.50 5.05486 3.48435 2.76804 2.33223 2.30091
1.00 5.10773 3.52351 2.80253 2.36990 2.30435

of critical mass and threshold speed decreases with an increase in external load for both

configurations. For constant load, the value of M, and @y, get enhanced with increase in

the non-linearity factor for symmetric and asymmetric bearing configuration.
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7.4 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH SPEED PARAMETER (Q)

Tables 7.5 through 7.8 show the variation performance characteristics of hole-entry
journal bearing versus speed parameter ( Q). The results are presented for the values of
inverse Peclet number (5: =0.0855), dissipation number (D, =0.13023), constant
restrictor design parameter (Cg,=0.25), aspect ratio (A=1.0), land width ratio

(&, =0.25), external load (VV0 =1.0) and these parameters remain fixed.

STATIC PERFORMANCE CHARACTERISTICS

Tables 7.5 and 7.6 depicts that for a fixed value of constant speed parameter (Q>0.25),
the minimum fluid film thickness reduces with an increase in the non-linearity factor for
both configurations. A maximum reduction of around 23% and 29% (at Q=1.25, K
=1.0) is observed with respect K =0.0 for symmetric and asymmetric configuration
respectively. However, at lower speed i.e. at(2=0.25 the minimum fluid —film thickness
increases with increase in the non-linearity factor at a constant speed parameter.

The combined effect of the increase of speed parameter (Q2 ) and non-linearity factor is to
increase the value of bearing flow (Q) for symmetric and asymmetric bearing
configurations. The value of attitude angle (¢ ) increases with increase in speed parameter
for the symmetric bearing configuration. For a given value of the speed parameter, the
attitude angle (¢ ) decreases due to the temperature rise and the non-Newtonian behavior
of the Ilubricants. There is a decrease of 26.9% atQ=0.25 for the symmetric
configuration, when the bearing is operating with non-Newtonian lubricant with
K =1.0 as compared to K=0.0. It is clear from the tables that the eccentricity ratio (&)
get enhanced with increase in the non-linearity factor at a constant value of speed
parameter (Q>0.25) for both the configurations while the opposite trends are observed

when the bearing is operating with the speed parameter (2=0.25.

DYNAMIC PERFORMANCE CHARACTERISTICS

It can be observed that the Tables 7.7 and 7.8 that at a constant speed parameter

(Q>0.50), a reduction in the value of direct stiffness coefficients S,, and S,, is

noticed with increase in the non-linearity factor while for the lower values of the speed

parameter the opposite trends are noticed for symmetric bearing configuration.
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Table 7.5: Static performance characteristics at different values of operating speed ( £2) for
Symmetric Bearing Configuration

Static K Q
Characteristics 0.25 0.50 0.75 1.00 1.25

_ 0.00 0.40894 0.55366 0.62033 0.66636 0.69889
min 0.50 0.43566 0.51270 0.56152 0.56890 0.56902
1.00 0.45296 0.49566 0.52474 0.53104 0.53739
0.00 1.67306 1.80291 1.99551 2.20905 2.41854
6 0.50 1.88894 2.12418 2.45301 2.80871 3.14812
1.00 2.03040 2.31215 2.67941 3.06062 3.41065
0.00 30.10370 | 44.63520 | 52.19770 | 56.70610 | 59.69750
1/ 0.50 24.80780 | 37.98890 | 45.03910 | 49.41160 | 52.46250
1.00 22.01750 | 34.40140 | 41.35260 | 45.84970 | 49.10200
0.00 0.59106 0.46168 0.38305 0.33413 0.30111
& 0.50 0.56650 0.49229 0.45346 0.43830 0.43556
1.00 0.55214 0.50596 0.48505 0.48323 0.49117

Table 7.6: Static performance characteristics at different values of operating speed ( £2) for
Asymmetric Bearing Configuration.

Static K Q0
Characteristics 0.25 0.50 0.75 1.00 1.25

o 0.00 0.92965 0.96591 0.99005 0.98471 0.96735
hmin 0.50 0.97973 0.95636 0.90723 0.84366 0.78596
1.00 0.98500 0.91929 0.84284 0.76073 0.68624
. 0.00 1.04317 1.16088 1.30402 1.43913 1.55042
Q 0.50 1.12432 1.30786 1.52874 1.72918 1.88231
1.00 1.18236 1.39550 1.63598 1.83964 1.98064
0.00 53.99640 | 70.43270 | 103.87900 | 40.82310 | 57.75840
¢ 0.50 47.50730 | 57.22920 | 61.39550 | 64.23340 | 67.04020
1.00 52.12200 | 57.29060 | 60.69440 | 63.36160 | 65.20310
0.00 0.07072 0.03468 0.01025 0.01558 0.03267
& 0.50 0.02076 0.05367 0.09280 0.15680 0.21575
1.00 0.01514 0.08079 0.15718 0.23973 0.31515

In case of the asymmetric bearing configuration the value of the S,, and

with increase in the non-linearity factor for the given value of the speed parameter
(Q>0.25).The cross-coupled coefficient S,, decreases with an increase in the non-

linearity factor for the given value of the speed parameter for both symmetric and

asymmetric configurations. The value of S,, increases with increase in the speed

parameter for both configurations. The opposite trend is observed for cross-coupled
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coefficient S, . The values of cross-coupled coefficientS,, are small in magnitude and
generally remain negative.

The combined effect of increase of the speed parameter (Q2) and the non-linearity factor
is to reduce the value of direct damping coefficients C,, andC,, for symmetric and
asymmetric configurations. The combined effect of increase of the speed parameter Q
and the non-linearity factor is to increase the value of cross-coupled damping coefficients
C,, andC,, for symmetric bearing configuration. In case of asymmetric bearing
configuration, for a constant speed parameter, the value of cross-coupled damping

coefficients (C,, and C,, ) increases with increase in the non-linearity factor.

Table 7.7: Dynamic performance characteristics at different values of operating
speed (£2) for Symmetric Bearing Configuration

Dynamic K Q
Characteristics 0.25 0.50 0.75 1.00 1.25

0.00 1.34045 1.44839 1.57934 1.68136 1.75056

S_XX 0.50 1.51884 1.52850 1.54239 1.51657 1.45611
1.00 1.60968 1.56305 1.52473 1.45830 1.36997

0.00 1.07362 1.65039 2.11337 2.49116 2.80744

_XZ 0.50 0.94227 1.39838 1.63507 1.74216 1.77938
1.00 0.87522 1.28097 1.45758 1.51490 1.51817

0.00 -0.79831 | -1.51980 | -2.06273 | -2.48049 | -2.82027

_ZX 0.50 -0.66566 | -1.20459 | -1.53205 | -1.71311 | -1.81414
1.00 -0.59489 | -1.05955 | -1.33736 | -1.48916 | -1.57743

0.00 1.39050 1.59656 1.71437 1.79417 1.84557

_ZZ 0.50 1.45944 1.61237 1.66491 1.65248 1.59886
1.00 1.49360 1.62310 1.65896 1.62935 1.56253

0.00 7.30682 6.50223 5.75528 5.14228 4.65313

_XX 0.50 6.69738 5.81956 4.93938 4.19458 3.59623
1.00 6.36278 5.44430 455872 3.82314 3.24550

0.00 -0.69059 | -0.33368 | -0.17179 | -0.10099 | -0.06686

C_:XZ = C_:ZX 0.50 -0.44045 | -0.27289 | -0.17350 | -0.12735 | -0.10476
1.00 -0.33607 | -0.24688 | -0.18104 | -0.14820 | -0.13141

0.00 8.09951 6.50968 5.66014 5.04488 4.56876

_ZZ 0.50 7.48562 5.97842 4.94886 4.15722 3.54042
1.00 7.11606 5.66671 4.61870 3.81776 3.20802

0.00 94.33930 | 25.73630 | 12.31800 | 7.29916 4.82907

I\Wc 0.50 119.52800 | 32.48150 | 15.67000 | 9.26810 6.02927
1.00 136.34000 | 36.26160 | 17.22790 | 10.00950 | 6.38599

0.00 9.71283 5.07309 3.50970 2.70170 2.19751

_th 0.50 10.93290 5.69925 3.95853 3.04435 2.45546
1.00 11.67650 6.02177 4.15066 3.16379 2.52705
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From the variation of critical mass (M) and threshold speed (@y,) against speed

parameter (Q), it is clear that the value of critical mass and threshold speed decreases
with an increase in speed parameter for both configurations. For a given value of the
speed parameter, the values of stability margin and critical mass increases with increase
in the values of non-linearity factor for both symmetric and asymmetric bearing

configurations.

Table 7.8: Dynamic performance characteristics at different values of operating speed (£2)

for Asymmetric Bearing Configuration

Dynamic K Q0
Characteristics 0.25 0.50 0.75 1.00 1.25
B 0.00 0.99004 | 1.00276 | 0.97656 | 0.93277 | 0.88359
S 0.50 0.99235 | 0.92484 | 0.80668 | 0.67890 | 0.57208
1.00 0.99868 | 0.87731| 0.72868 | 0.59178 | 0.48725
3 0.00 1.39320 | 2.25865 | 2.71044 | 2.95275 | 3.13420
- 0.50 1.20551 | 1.75727 | 1.84300 | 1.75462 | 1.66713
1.00 1.08847 | 1.50904 | 1.51052 | 1.39092 | 1.11134
3 0.00 -1.06273 | -1.78527 | -2.21881 | -2.49719 | -2.72450
” 0.50 -0.93468 | -1.43011 | -1.59585 | -1.62864 | -1.65204
1.00 -0.85685 | -1.26578 | -1.38542 | -1.41224 | -1.10862
B 0.00 1.26637 | 1.31440 | 1.34184 | 1.34260 | 1.32727
. 0.50 1.34099 | 1.30934 | 1.22258 | 1.10230 | 0.99182
1.00 1.37776 | 1.29946 | 1.17590 | 1.03919 | 0.75475
_ 0.00 11.36950 | 9.21403 | 7.37529 | 6.04001 | 5.14610
x 0.50 10.65890 | 8.05399 | 5.88733 | 4.41614 | 3.51457
1.00 10.15870 | 7.39908 | 5.23804 | 3.85812 | 3.06476
L 0.00 0.01242 | 0.01083 | 0.03559 | 0.00280 | 0.01858
C.=C, 0.50 0.02210 | 0.04505 | 0.07391 | 0.05407 | 0.04714
1.00 0.02981 | 0.10221 | 0.09408 | 0.05802 | 0.05464
B 0.00 8.84735 | 7.36808 | 6.08677 | 5.12189 | 4.45431
" 0.50 8.31837 | 6.51817 | 4.95607 | 3.83090 | 3.10010
1.00 7.93541 | 6.02025 | 4.43669 | 3.35345 | 2.68565
o 0.00 79.17740 | 19.96520 | 8.84146 | 4.87147 | 3.02550
M. 0.50 96.11040 | 24.08740 | 10.37590 | 5.43928 | 3.19526
1.00 108.64900 | 26.44950 | 11.02510 | 5.61641 | 5.14422
0.00 8.80817 | 4.46825 | 297346 | 2.20714 | 1.73940
@, 0.50 9.80359 | 4.90789 | 3.22116 | 2.33223 | 1.78753
1.00 10.42350 | 5.14291 | 3.32041 | 2.36990 | 2.26809
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7.5 CLOSURE

The study of non-recessed hole-entry hybrid journal bearing system compensated with
capillary restrictors has been carried out considering the effects of viscosity variation due
to (a) temperature rise and (b) non-Newtonian behavior of the Iubricant. The computed
results indicate that the above two parameters affects quite significantly the static and
dynamic performance characteristics of non-recessed hybrid journal bearing system. The
results presented in chapter deals with the commonly used bearing configurations i.e.
symmetric and asymmetric. The study is expected to be quite useful from bearing design

point of view so as to accurately predict the performance of these classes of bearings.
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CHAPTER 8

PERFORMANCE OF HOLE-ENTRY BEARING WITH
VARIABLE VISCOSITY LUBRICANT: ORIFICE
RESTRICTOR

The effect of variation of viscosity due to rise in temperature and non-Newtonian
behavior of the lubricants on the performance characteristics of a orifice compensated
hole-entry hybrid journal bearing system (Fig. 1.3) is presented in this chapter. The
performance characteristics for orifice compensated bearing are obtained for the values of

restrictor design parameter (C,, ) in the range of 0.06 to 0.14 and for inverse Peclet

number ( Ee* =(0.0855), dissipation number (5e =0.13023).The conditions of runs are

mentioned at the top of every figure while in case of tables they are given in the
paragraph preceding the concerned table.

The pressure profile alters when the non-Newtonian lubricant with different values of
non-linearity factor is considered. It also depends on temperature distributions. The
variation of the fluid-film pressure and temperature is presented in the following section
in circumferential direction for the various values of non-linearity factor.

FLUID-FILM PRESSURE (p) DISTRIBUTIONS

The fluid-film pressure distribution along circumferential (£ =0.0) direction for
symmetric and asymmetric bearing configurations is shown in Figs. 8.1 and 8.2
respectively. It is observed from Fig. 8.1 that pressure is maximum nearly at about
a=270° i.e. in the direction of external load for both Newtonian and non-Newtonian
lubricants. The reduction in the pressure of the order of 20 % is observed for K=1.0 as
compared with Newtonian case (K =0.0) at a particular location i.e. «=270°. This is in
consistent with the earlier results of Boncompain and Frene (1979), Boncompain et al
(1986) obtained for plain hydrodynamic bearing. For asymmetric configuration, negative
pressures are obtained between a=30° to 90° for K >0.6 which is an indication of film
rupture and reformation at limits of . To handle the negative pressure and to establish
the extent of fluid-film, Reynold’s boundary conditions are employed as given by Eqn.
2.3b.The magnitude of the fluid-film pressure is less as compared to the pressure for

symmetric bearing configuration.
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0.34

W =1.0,Q=1.0,C,, =0.123, =0.254=1.0

0.14

0 60 120 180 240 300 360
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Fig. 8.1: Circumferential pressure distribution for symmetric configuration.
W, =1.0,Q=1.0,C,, =0.1233, =0.25,2=1.0
0.43 \
0.28 1 \
p
K =0.60
K =0.40
0.13
K =1.00
K =0.80
-0.02 : . . . .
0 60 120 180 240 300 360
o/(degree)
Fig.8.2: Circumferential pressure distribution for asymmetric configuration.
162 4 W =1.0,0=1.0,C;, =0.1238, =0.251=1.0
1.58 A1
Ty
1.54 -
1.50 . . . . .

0 60

120

180 240 300

o(degree)

360

Fig. 8.3: Variation of mid-film temperature with « for asymmetric configuration.
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FLUID-FILM TEMPERATURE (T, ) DISTRIBUTIONS

Plots of fluid-film temperature distribution along circumference at axial mid plane

(f=0.0) and across mid film (Z=0.5) for symmetric and asymmetric bearing

configurations are shown in Fig. 8.3 and 8.4. A temperature rise as high as up to 1.617

and 1.834 is noted for symmetric and asymmetric bearing configurations respectively

operating with non-Newtonian lubricant with K =1.0. It is found that the temperature rise

is more when the bearing is operating with the non-Newtonian lubricant with K=1.0. A
total of about 6.6 % change in temperature is observed along circumference at K =1.0 for
symmetric bearing configuration. The cyclic variation in temperature at axial mid plane is
determined about 8.5% at K =1.0 for asymmetric bearing configurations. . For a designer
it becomes imperative to consider the thermal effects and non-Newtonian behavior of the
lubricants to predict the accurate performance of the bearing system. The 2-D
temperature profile of symmetric and asymmetric bearing configuration with Newtonian
lubricant (K =0.0.) and non-Newtonian lubricant (K =1.0) is shown in the figs 8.5a

through 8.6b.

W, =1.0,Q=1.0,C, =0.123@, =0.25,4=1.0
1.82
1.75
Ty
1.68 /
K =0.00
1.61 T T T T T
0 60 120 180 240 300 360

o/(degree)
Fig. 8.4: Variation of mid-film temperature with « for asymmetric configuration.
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Fig.8.5a: 2-D Temperature profile for symmetric bearing configuration (K =0.0).
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Fig.8.5b: 2-D Temperature profile for symmetric bearing configuration (K =1.0)
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Fig.8.6a: 2-D Temperature profile for asymmetric bearing configuration (K =0.0).
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Fig.8.6b: 2-D Temperature profile for asymmetric bearing configuration (K =1.0).

8.1 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH RESTRICTOR DESIGN PARAMETER (c,,)

The variation of bearing performance characteristics against different values of restrictor
design parameter (C,, ) are shown in Figs. 8.7 through 8.14. The results are presented for

inverse Peclet number (F_’E;k =0.0855), dissipation number (5e =0.13023), bearing

operating and geometric parameters as given in Table 1.1.

MINIMUM ELUID-FILM THICKNESS (h,_, )

The minimum fluid-film thickness reduces with increase in K for a given value of
theC,, for both symmetric and asymmetric configurations as shown in Figs. 8.7 and 8.8.
it can be revealed that a design value of Hmm for a journal bearing system can be
maintained even if the viscosity vary due to thermal and non-Newtonian effects, by
selection of the orifice restrictor of proper restrictor design parameter(C,,).It is clear
from the plot that along line ‘AD’, restrictor design parameter for the Newtonian

lubricant is given by the abscissa of point ‘B’ for =0.79. In the case of non-

min
Newtonian lubricant with K =0.25, restrictor design parameter increases by value ‘BC” to
maintain the same minimum fluid-film thickness. Therefore, the desired value of h;,

can be maintained by selecting orifice restrictor of proper restrictor design parameterC, .
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W, =1.0,Q=1.0,a, =025 1=1.0
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K =0.00
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min K =025

0.65 - K =050
K =075
K =1.00
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0.04 0.06 0.08 0.10 0.12 0.14 0.16
Ce
Fig. 8.7: Variation of h,,, with C,, for symmetric configuration
1.00 +—
W, =1.0,Q=1.0,8, =0.251=1.0 _

K =0.00
K =025

0.804A B C D K =0.50
K =0.75

h.. K =1.00
0.60 -
0.40 : T T T T
0.04 0.06 0.08 0.10 0.12 0.14 0.16

CSZ
Fig. 8.8: Variation of h_,, with C,, for asymmetric configuration

BEARING FLOW (Q)

The value the bearing flow (Q ) is found to increase with an increase of Cg,. When the
non-linearity factor K of the lubricant increases, for a given value of restrictor design
parameter C_Jsz , the value of the bearing flow (Q ) get enhanced. Figs 8.9 and 8.10 depicts

that for a constant restrictor design parameter, the maximum increase in the bearing flow
is found of the order of 21.7 % andl11.2 % for symmetric and asymmetric bearing

configurations.
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Fig. 8.9: Variation of Q with C, for symmetric configuration
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1.40 4 K =1.00
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1.20 | K =0.00
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1.00 A
0.80 -
0.60 : T T T T
0.04 0.06 0.08 0.10 0.12 0.14 0.16
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Fig. 8.10: Variation of Q with C, for asymmetric configuration

ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

It can be observed from the Figs. 8.11 and 8.12 that the combined effect of increase of

652 and non-linearity factor K is to reduce the attitude angle (¢).In case of the

asymmetric bearing configuration, for Newtonian lubricant there is steep fall in attitude

angle (¢ ) for restrictor design parameter C, >0.10. For a fixed value of restrictor design

parameter (652 ), the eccentricity ratio (&) increases with increase in the non-linearity

factor for both configurations as shown in the Figs. 8.13 and 8.14.
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CSZ
Fig. 8.13: Variation of & with C,, for symmetric configuration
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Fig. 8.11: Variation of ¢ with C,, for symmetric configuration
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Fig. 8.12: Variation of ¢ with C,, for asymmetric configuration
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Fig. 8.14: Variation of & with C,, for asymmetric configuration

8.2 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH LAND WIDTH RATIO (g,)

Figs. 8.15 through 8.28 show the variation in static performance characteristics of hole-

entry journal bearing versus land width ratiod,. The results are presented for inverse

Peclet number ( 5: =(.0855), dissipation number ( 59 =0.13023), bearing operating and

geometric parameters as given in Table 1.1.

MINIMUM ELUID-FILM THICKNESS (h . )

For a fixed value of land width ratio, h

reduces with increase in the non-linearity

factor K for both configurations as shown in Figs. 8.15 and 8.22. The maximum
reduction of the order of 28.75% and 46.6% is found (atd, = 0.1) for symmetric and
asymmetric configurations respectively, when the bearing is operating with non-

Newtonian lubricant with K =1.0 as compared to K =0.0_

BEARING FLOW (Q)

It can be illustrated from Figs. 8.17 and 8.18 that the bearing flow decreases with increase

in the land width ratio @, for both configurations. When the non-linearity factor K of the

lubricant increases, the value of the bearing flow Q is enhanced for the given land width

ratio (q,).At a,=0.4, the maximum percentage increase in the bearing flow is found of

the order of 28.8 % and13.2% for the symmetric and asymmetric bearing configurations

operating with non-Newtonian lubricant with K =1.0 as compared to K =0.0.

177



W, =1.0,2=1.0,Cy, =0.1232=1.0
0.78
0.70
hmin K =0.00
0.62 K =025
K =0.50
K =075
054 : . . L
0.00 0.10 0.20 0.30 0.40 0.50
a,
Fig. 8.15: Variation of h,;, with &, for symmetric configuration
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Fig. 8.16: Variation of h,;, with @, for asymmetric configuration
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Fig. 8.17: Variation of Q with &, for symmetric configuration
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Fig. 8.20: Variation of ¢ with &, for asymmetric configuration

179

1.00 : : . St
0.00 0.10 0.20 0.30 0.40 0.50
&
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Fig. 8.19: Variation of ¢ with &, for symmetric configuration
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ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

For the symmetric bearing configuration the combined effect of increase of @, and non-

linearity factor K is to reduce the attitude angle (¢ ) as illustrated in the Fig. 8.19.In case
of the asymmetric bearing configuration(Fig. 8.20) for Newtonian lubricant there is steep
fall in attitude angle (¢ ) for given range of the land width ratio (@,). For the higher
values of the non-linearity parameter (i.e K =0.25, 0.5, 0.75, 1.0) the attitude angle (¢ )
increases with increase in the land width ratio (&,<0.30). For the constant land width
ratio (@, ), the eccentricity ratio (¢ ) increases due the decrease in viscosity because of the

non-Newtonian behavior of the lubricant for both configurations as shown in Figs. 8.21

and 8.22.

048 {7 _ —10C. = _
W, =1.0,0=1.0,C,, =0.123 A =1.0 100
K =0.75
0.41 oo
K =025
0.34 B
& K =0.00
0.27 - \/
0.20 T T T T
0.00 0.10 0.20 0.30 0.40 0.50

Fig. 8.21: Variation of ¢ with &, for symmetric configuration
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K =0.00
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Fig. 8.22: Variation of ¢ with &, for asymmetric configuration
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8.3 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH EXTERNAL LOAD (W,)

In this section the static performance characteristics computed for orifice restrictor for
different values of external load (W, ) for symmetric and asymmetric hole-entry journal

bearing configurations are tabulated in Tables 8.1 and 8.2 and discussed. The

representative values of the operating parameters and geometric parameter such as
inverse Peclet number (Ee* =0.0855), dissipation number (D, =0.13023), restrictor
design parameter (652 =0.123), aspect ratio (4 =1.0), land width ratio (&, =0.25) and

speed parameter (Q =1.0) are taken as fixed.

STATIC PERFORMANCE CHARACTERISTICS

It is clear from the Tables 8.1 and 8.2 that for a constant value of load, the h__reduces
with increase in the non-linearity factor of the lubricant for both configurations. The
maximum reduction of around 28.5% and 47.3% (at W, =1.25) in the value of h_ is

found for the symmetric and asymmetric configuration respectively, when the bearing is

operating with non-Newtonian lubricant with K =1.0 as compared to K =0.0.

Table 8.1: Static performance characteristics at different values of external load (V\_/O) for

symmetric bearing configuration

. —~ W,
Static K
Characteristics 0.25 0.50 0.75 1.00 1.25

o 0.00 0.94121 0.88238 0.82335 0.76397 0.70399

min 0.50 0.91176 0.82386 0.73701 0.65148 0.56719

1.00 0.89579 0.79310 0.69277 0.59628 0.50350

. 0.00 1.97047 1.96405 1.95299 1.93697 1.91527

Q 0.50 2.23616 2.23029 2.21937 2.20345 2.18206

1.00 2.33182 2.32431 2.31193 2.29331 2.26841

0.00 56.89410 | 56.61710 | 56.56920 | 56.60770 | 56.72580

¢ 0.50 54.32310 | 54.06640 | 53.95300 | 53.89450 | 53.90300

1.00 52.84300 | 52.55770 | 52.39110 | 52.25990 | 52.21170

0.00 0.05886 0.11781 0.17693 0.23640 0.29645

& 0.50 0.08865 0.17703 0.26437 0.35039 0.43513

1.00 0.10499 0.20857 0.30983 0.40725 0.50091

The bearing flow (Q ) decreases with increase in the external load (VVO) for symmetric

and asymmetric bearing configurations. When the decrease in the viscosity due to

temperature rise and non-Newtonian behavior of the lubricant is considered the value of
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the bearing flow Q is enhanced for the given external load (W,) for both configurations.
For a given value of load, the value of attitude angle (¢ ) decreases with increase in the
non-linearity factor for symmetric bearing configuration while opposite trends are
observed in case of asymmetric bearing configuration. For the symmetric bearing
configuration, the It is observed that with an increase in load W,, the journal center
moves down thereby increasing the eccentricity ratio (&). For constant load the
eccentricity ratio (&) increases with increase in the non-linearity factor for both
configurations.

Table 8.2: Static performance characteristics at different values of external load (\NO)

for asymmetric bearing configuration.

Stat < W,
tatic K
Characteristics 0.25 0.50 0.75 1.00 1.25
_ 0.00 0.88284 0.98530 0.97951 0.94244 0.86827
hmm 0.50 0.86287 0.97551 0.90085 0.77311 0.59320
1.00 0.83074 0.90844 0.83165 0.64528 0.45789
. 0.00 1.18575 1.16814 1.14795 1.12490 1.09863
Q 0.50 1.26696 1.25016 1.23116 1.20757 1.16207
1.00 1.29431 1.27805 1.25876 1.22433 1.16885
0.00 75.73840 | 78.32150 | 64.29880 | 63.56340 | 61.02440
¢ 0.50 76.96280 | 98.88010 | 65.73550 | 67.96550 | 61.27100
1.00 77.68830 | 99.12940 | 67.69290 | 72.72480 | 63.71200
0.00 0.11744 0.02353 0.02077 0.05768 0.13345
& 0.50 0.14071 0.02479 0.09968 0.22920 0.40693
1.00 0.16954 0.09346 0.16995 0.35517 0.54350

84  CLOSURE

The study of non-recessed hole-entry hybrid journal bearing system compensated with
orifice restrictors has been carried out considering the effects of viscosity variation due to
temperature rise and non-Newtonian behavior of the lubricant. The computed results
indicate that these two parameters affect quite significantly the performance
characteristics of non-recessed hybrid journal bearing system. The results for both
symmetric as well as asymmetric bearing configurations are presented. To predict the

performance of these classes of bearings accurately this study is expected to be quite

useful .
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CHAPTER 9

COMPARATIVE STUDY OF THE SLOT AND
HOLE-ENTRY BEARINGS

PART A

9.1a. PERFORMANCE OF SLOT-ENTRY HYBRID JOURNAL
BEARING WITH VARIABLE VISCOSITY LUBRICANT

The effect of variation of viscosity due to rise in temperature and non-Newtonian
behavior of the lubricants on the performance characteristics of slot-entry hybrid journal
bearing system is presented in this chapter. The performance characteristics are computed
for both symmetric (12 slots/row) and asymmetric (6 slots /row) configurations (Fig. 1.4).

The performance characteristics are computed for the values of concentric design

pressure ratio, ,6’* =0.5, slot width ratio, SWR=0.25 and for inverse Peclet number

( ﬁe* =0.0855), dissipation number ( 59 =0.13023).The conditions of runs are mentioned

at the top of every figure while in case of tables they are given in the paragraph preceding
the concerned table.

The performance characteristics of journal bearing system changes with alteration in
fluid-film pressure and temperature profile around the bearing. The variation of the fluid-
film pressure and temperature are presented in the following section in circumferential
direction for the various values non-linearity factor.

FLUID-FILM PRESSURE (p) DISTRIBUTIONS

The distribution of the fluid-film pressure along circumferential (£ =0.0) direction is
shown in Figs. 9.1a and 9.2a for symmetric and asymmetric bearing configurations
respectively. It is observed from Fig. 9.1a that pressure is maximum nearly at about
a=273.75° i.e. in the direction of external load for both Newtonian and non-Newtonian
lubricants. At any circumferential location, the pressure for bearing operating with the
Newtonian lubricants (R=0.0) is more as compared to non-Newtonian case. The
reduction in the pressure of the order of 20.3 % is observed for K =1.0 as compared with
Newtonian case (K =0.0) at a particular location i.e. &=270.75°. This is in consistent
with the earlier results of Boncompain and Frene 1979), Boncompain et al (1986)

obtained for plain hydrodynamic bearing. For asymmetric configuration, the magnitude
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of the fluid-film pressure is less as compared to the pressure for symmetric bearing

configuration. The 2-D pressure profile of symmetric and asymmetric bearing

0.51

W, =050,Q2=1.0, 8" =0.50,3, =0.25,1=1.0

0.41 1

0.11 . . . . .
0 60 120 180 240 300 360
o/(degree)

Fig. 9.1a: Circumferential pressure distribution for symmetric configuration.
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Fig. 9.2a: Circumferential pressure distribution for asymmetric configuration.
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Fig.9.3a: 2-D Pressure profile for symmetric bearing configuration (K =0.0)
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Fig.9.4a.1: 2-D Pressure profile for asymmetric bearing configuration (K =1.0)
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configuration with Newtonian lubricant (K =0.0) and non-Newtonian lubricant (K =0.0)

is shown in the figs.9.3a through 9.4a.1.

FLUID-FILM TEMPERATURE (T ) DISTRIBUTIONS

Plots of fluid-film temperature distribution along circumference at axial mid plane
(f=0.0) and across mid film (Z=0.5) for symmetric and asymmetric bearing
configurations are shown in Figs.9.5a and 9.6a. It is found that the temperature rise is
more for higher value of non-linearity factor K. A total of about 4.5 % change in
temperature is observed along circumference at K=1.0 for symmetric bearing
configuration. The cyclic variation in temperature at axial mid plane is determined about
6.5% at K =1.0 for asymmetric bearing configurations. For the selected parameters a rise
of temperature about 1.60688 and 1.82134 is noted for symmetric and asymmetric
bearing configurations operating with non-Newtonian lubricant with K=1.0. For a
designer it becomes imperative to consider the thermal effects and non-Newtonian
behavior of the lubricants to predict the accurate performance of the bearing system. The
2-D temperature profile of symmetric and asymmetric bearing configuration with
Newtonian lubricant (K =0.0) and non-Newtonian lubricant (K =0.0) is shown in the

figs.9.7a through 9.8a.
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Fig. 9.5a: Variation of mid-film temperature with « for symmetric configuration.
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Fig. 9.6a: Variation of mid-film temperature with « for asymmetric configuration.
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Fig.9.7a: 2-D Temperature profile for symmetric bearing configuration (K =0.0).
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Fig.9.7a.1: 2-D Temperature profile for symmetric bearing configuration (K =1.0).
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Fig.9.8a.1: 2-D Temperature profile for asymmetric bearing configuration (K =1.0)

9.1a.1 VARIATION OF PERFORMANCE CHARACTERISTICS
WITH EXTERNAL LOAD (W,)

The variation of bearing performance characteristics against different values of external

load (W,) are shown in Figs. 9.9a through 9.34a. The results are presented for inverse
Peclet number (5: =0.0855), dissipation number (5e =0.13023), concentric design

pressure ratio, ﬂ* =0.5, slot width ratio SWR=0.25, bearing operating and geometric

parameters as given in Table 1.1.
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MINIMUM FLUID-FILM THICKNESS (h.. )

From the Figs. 9.9a and 9.10a it can be observed that the combined effect of the increase

of the external load (VVO) and the non-linearity factor (K) is to reduce the value of

minimum fluid-film thickness (h_. ) for both configurations. The maximum reduction of

around 45.2% and 73.6% (at VVO=1.50) is observed for the symmetric and asymmetric
bearing configuration respectively, when the bearing is operating with non-Newtonian

lubricant with K =1.0 as compared to K = 0.0.

0=1.0,a, =0252=1.0,8"=0.5

0.82 A

_ 0.66 -
min K =0.00
K =025

h
0.50 A
K =0.50
K =075
0.34 : : : : K =100
0.25 0.50 075 1.00 1.25 1.50 1.75
W,

Fig. 9.9a: Variation of h;, with W, for symmetric configuration
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Fig. 9.10a: Variation of h_. with W, for asymmetric configuration
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BEARING FLOW (Q)

Figs. 9.11a and 9.12a depicts that the effect of increase of load on bearing flow (Q ) is
marginal for symmetric bearing configuration while for asymmetric bearing configuration
a significant decrease in bearing flow (Q ) is observed. For a constant value of load the

bearing flow increases due to the decrease in viscosity because of rise of temperature and

non-linear behavior of the lubricants. The maximum increase of around 18.3% and

11.5% (at W,=0.50) is observed for the symmetric and asymmetric bearing configuration

respectively, when the bearing is operating with non-Newtonian lubricant with K =1.0 as

compared to K =0.0.

155 10-1.0,3,=0251=1.0,8" =05

K
1.45 + —————__——-——-_—"‘————-~_§_§_§-§-§§-~§§§§ K =075
K =050

Q
K =025
1.35 4
1.25 £
0.25 0.50 0.75 1.00 1.25 1.50 1.75
W,

Fig. 9.11a: Variation of Q WithVV0 for symmetric configuration
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Q
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0.59 T T T T T
0.25 0.50 0.75 1.00 1.25 1.50 1.75
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Fig. 9.12a: Variation of Q with VVO for asymmetric configuration
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ATTITUDE ANGLE (¢) AND ECCENTRICITY RATIO (¢)

For a given value of load, the attitude angle (¢ ) decreases with increase in the non-
linearity factor of the lubricant for both configurations as shown in Figs.9.13a and 9.14a.
The maximum reduction of around 8.7% and 20% (at W,=1.50) is observed for the
symmetric and asymmetric bearing configuration respectively, when the bearing is
operating with non-Newtonian lubricant with K=1.0 as compared to K=0.0. The
combined effect of the increase of the external load (W, ) and the non-linearity factor (K)

is to increase the value of eccentricity ratio (&) for both configurations as depicted in the

Figs. 9.15a and 9.16a.
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Fig. 9.13a: Variation of ¢ with W, for symmetric configuration
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Fig. 9.14a: Variation of ¢ with W, for asymmetric configuration
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Fig. 9.15a: Variation of ¢ with W, for symmetric configuration
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Fig. 9.16a: Variation of ¢ with W, for asymmetric configuration

STIFFNESS COEFFICIENTS (Syy.Sys,S,4S,)

Referring to Figs. 9.17a through 9.24a, it is found that there is a steep rise in the value of

direct fluid-film stiffness coefficient S, at higher value of the load for the symmetric

bearing configuration. For a constant load, the value of S,, decreases with increase in the
non-linearity factor. In case of asymmetric bearing configuration direct fluid-film

stiffness coefficient S,, increases with increase in the external load. The effect of the

variation in the viscosity on S, is marginal for a given value of the load. The value of

S,; decreases with increase in the non-linearity factor of the lubricant for a given value

of the load. A reverse trend is observed for cross-coupled
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Fig. 9.18a: Variation of S,, with W, for asymmetric configuration
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Fig. 9.19a: Variation of S,, with W, for symmetric configuration
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Fig. 9.20a: Variation of S,, with VVO for asymmetric configuration
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Fig. 9.21a: Variation of S,, with VVO for symmetric configuration
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Fig. 9.22a: Variation of S,, with VVO for asymmetric configuration
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Fig. 9.23a: Variation of S,, with VVO for symmetric configuration
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Fig. 9.24a: Variation of S,, withW, for asymmetric configuration
coefficient S.  1n case of symmetric bearing configuration. For the asymmetric bearing
configuration a maximum increase of the order of 66.8% in the value of S, is found at

VVO=0.75, when the bearing is operating with non-Newtonian lubricant with K =1.0 as

compared to K =0.0.

The values of direct stiffness coefficient S,, at a constant load decreases with increase in

the non-linearity factor K for symmetric bearing configuration. For the asymmetric

bearing configuration the value of S, is constant at external load W,=0.75.
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DAMPING COEFFICIENTS (C,,,C,,,C,.C,)

The value of direct damping coefficient (C,, ) at constant external load is observed to

decrease with an increase in K for both bearing configurations as shown in Figs. 9.25a

and 9.26a. The combined effect of the increase of the external load (W, ) and the non-
linearity factor (K) is to reduce the value of cross-coupled damping coefficients (ze
andC. . ) for both configurations as depicted in the Figs. 9.27a and 9.28a. Further, it may

be observed that the value of cross-coupled damping coefficients (C,, andC,,) are

nearly equal and are very small in magnitude and generally remain negative.
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Fig. 9.25a: Variation of C,, with for W, symmetric configuration
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Fig. 9.26a: Variation of C,, with for VVO asymmetric configuration
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Fig. 9.29a: Variation of C,, WithVV0 for symmetric configuration
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Fig. 9.30a: Variation of C,, with W, for asymmetric configuration
For direct damping coefficient (C,,), a similar type of trend is observed as in case of
direct damping coefficient (EXX ). The maximum reduction of the order of 31.3% and
34.5% in the value of direct damping coefficient (C,, ) for the symmetric and asymmetric

bearing configuration respectively is found at VVO=O.50, when the bearing is operating

with non-Newtonian lubricant with K =1.0 as compared to K =0.0.

STABILITY PARAMETERS (M and @, )

It may be observed from Fig. 9.31a that the value of critical mass M, does not vary with
load at the lower values of the load while it increases at the higher value of load. In case
of asymmetric bearing configuration, critical mass I\WC increases with increase in the
external load (VVO). For the symmetric bearing configuration the threshold speed @y,

reduces with increase in the load also at the higher value of the load stability margin
increases with increase in the non-Newtonian behavior of the lubricant as shown in
Fig.9.33a. In case of asymmetric bearing configuration, for a given value of the load,

threshold speed @y, increases with increase in the non-linearity factor of the lubricant. At

W, =0.50, the value of the threshold speed @y, is constant.
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Fig. 9.33a: Variation of @,, with W, for symmetric configuration
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Fig. 9.34a: Variation of @, with W, for asymmetric configuration

9.1a.2 VARIATION OF PERFORMANCE CHARACTERISTICS WITH SPEED
PARAMETER (Q)

Tables 9.1a through Table 9.4a shows the variation in performance characteristics of slot-

entry hybrid journal bearing versus speed parameter ({2 ).In this section, the results are

presented for inverse Peclet number (Ee* =0.0855) and dissipation number

(5e =0.13023), concentric design pressure ratio, ﬁ* =(0.5, slot width ratio SWR=0.25,

aspect ratio (4 = 1.0), land width ratio (&, = 0.25) and external load (W,=1.0).

STATIC PERFORMANCE CHARACTERISTICS

It can be observed from the Tables 9.1a and 9.2a that the h decreases due to the

min
decreases in the viscosity for a given value of the speed parameter (Q) for both the
configurations. The maximum reduction of the order of around 30.4% and 54.2% is found

(at Q=1.25) for the symmetric and asymmetric bearing configuration respectively, when
the bearing is operating with non-Newtonian lubricant with K=1.0 as compared to
K =0.0. The combined effect of the increase of speed parameter (Q) and non-linearity
factor is to increase the value of bearing flow (Q ) for symmetric and asymmetric bearing
configurations. The value of attitude angle (¢ ) increases with increase in speed parameter

for the symmetric bearing configuration. For a given value of the speed parameter (Q2),

the attitude angle (¢ ) decreases due to the decrease in the viscosity of the lubricant
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Table 9.1a: Static performance characteristics at different values of operating speed (£2)
for Symmetric Bearing Configuration

Static K Q0
Characteristics 0.25 0.50 0.75 1.00 1.25

o 0.00 0.54807 0.66303 0.71817 0.74789 0.76562
min 0.50 0.51566 0.59956 0.62559 0.62557 0.61189
1.00 0.49398 0.56139 0.57519 0.56340 0.53282
. 0.00 0.99663 1.08258 1.18196 1.27505 1.35720
Q 0.50 1.04524 1.17180 1.31448 1.44425 1.55206
1.00 1.07913 1.22133 1.37374 1.50588 1.61112
0.00 41.24040 | 57.19970 | 64.61000 | 68.76540 | 71.41450
¢ 0.50 38.26380 | 54.41370 | 62.40470 | 67.07100 | 69.81240
1.00 36.45640 | 52.82130 | 61.09220 | 65.89000 | 68.15800
0.00 0.45601 0.33704 0.28187 0.25315 0.23660
& 0.50 0.48597 0.40061 0.37449 0.37513 0.39042
1.00 0.50667 0.43931 0.42521 0.43696 0.46868

Table 9.2a: Static performance characteristics at different values of operating speed (£2)
for Symmetric Bearing Configuration

Static K 2
Characteristics 0.25 0.50 0.75 1.00 1.25

_ 0.00 0.82452 | 0.84381 | 0.82510 | 0.78535| 0.75757
hmin 0.50 0.78698 | 0.77304 | 0.66431| 0.53261 | 0.44955
1.00 0.75665 | 0.71535 | 0.56055| 0.40897 | 0.34665
. 0.00 0.56766 | 0.62431 | 0.67564 | 0.70630 | 0.72547
Q 0.50 0.58526 | 0.66307 | 0.71633 | 0.73918 | 0.74754
1.00 0.59796 | 0.68061 | 0.72747 | 0.73912 | 0.74841
0.00 72.82310 | 79.53970 | 78.70840 | 76.06550 | 75.49520
¢ 0.50 69.98620 | 76.64260 | 72.13940 | 68.74220 | 65.62270
1.00 68.25390 | 73.43530 | 68.87410 | 62.96340 | 61.05870
0.00 0.17780 | 0.15721 | 0.17635| 0.21796 | 0.24661
€ 0.50 0.21436 | 0.23006 | 0.33948 | 0.46930 | 0.55080
1.00 0.24417 | 0.28892 | 0.44135| 0.59107 | 0.65398

because of the temperature rise and the non-Newtonian behavior of the lubricants for both

configurations. There is a decrease of 11.6% is found atQ2=0.25 for the symmetric
configuration, when the bearing is operating with non-Newtonian lubricant with K=1.0

as compared to K =0.0. The eccentricity ratio (&) get enhanced with increase in the non-

linearity factor at constant value of speed parameter for both the configuration.
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DYNAMIC PERFORMANCE CHARACTERISTICS

From the Tables 9.3a and 9.4a it is clear that at a constant speed parameter (Q),
reduction in the value of S, is noticed with increase in the non-linearity factor while for
the asymmetric bearing configuration opposite trends are observed for the higher value of
speed parameter (Q>0.25). The cross-coupled coefficient S,, decreases with an increase
in the non-linearity factor for the given value of the speed parameter () for both

configurations. The opposite trend is observed for cross-coupled coefficient S_zx. The
values of cross-coupled coefficientS,, are small in magnitude and generally remain

negative. The combined effect of the increase of speed parameter ({2) and the non-

linearity factor is to reduce the value of direct stiffness coefficient in vertical direction

S,, for the symmetric bearing configuration. In case of the asymmetric bearing

configuration the value of S,, reduces with increase in the non-linearity factor for

constant speed parameter (2 <0.50) while the opposite trends are observed for the higher
speed parameter (2 >0.50).

The combined effect of increase of the speed parameter (Q2) and the non-linearity factor
is to reduce the value of direct damping coefficients C,, andC,, for both configurations.
The maximum reduction of the order of around 32% and 20.9% in the value of direct

damping coefficients (C,, ) and of the order of around 36% and 30.6% in the value of

direct damping coefficients(C. ;7 ) 1s found (at 2 =1.25) for the symmetric and asymmetric
configuration respectively, when the bearing is operating with non-Newtonian lubricant
with K=1.0 as compared to K =0.0. The value of cross-coupled damping coefficients
C,, and C,, decreases with increase in the non-linearity factor for a given value of the
speed parameter Q for both the configurations.

From the variation of critical mass (I\WC) and threshold speed (@y,) against speed
parameter (Q), it is clear that the value of critical mass and threshold speed decreases
with an increase in speed parameter for both configurations. For a given value of the
speed parameter, the values of stability margin and critical mass increases with increase
in the values of non-linearity factor for both symmetric and asymmetric bearing
configurations. So from the stability point of view, the symmetric and asymmetric
bearing configurations are more stable while operating with the lubricant with higher

non-linearity factor at low speed parameter( Q).
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Table 9.3a:

Dynamic performance characteristics at different values of operating speed

(£2) for Symmetric Bearing Configuration

Dynamic K 2
Characteristics 0.25 0.50 0.75 1.00 1.25

_ 0.00 1.56133 1.55895 1.54750 1.49230 1.41866
- 0.50 1.49174 1.40552 1.25998 1.09393 1.07442
1.00 1.46087 1.31744 1.15068 1.04349 1.01367
_ 0.00 1.61579 2.54152 3.17960 3.59846 3.87438
Xz 0.50 1.44762 2.08331 2.34852 2.39083 2.27915
1.00 1.35928 1.87736 2.04854 2.01055 1.77274
_ 0.00 -1.49583 | -2.59750 | -3.28212 | -3.71928 | -4.00818
S, 0.50 -1.30772 | -2.12246 | -2.45462 | -2.53656 | -2.25789
1.00 -1.20322 | -1.92884 | -2.19644 | -2.17327 | -1.79002
_ 0.00 1.74279 1.73903 1.67670 1.59439 1.50597
. 0.50 1.67447 1.58077 1.38709 1.19325 0.95535
1.00 1.64439 1.52086 1.30799 1.07697 0.80351
. 0.00 12.27300 | 10.48180 8.81702 7.48946 6.45174
Cx 0.50 11.66250 9.54221 7.54946 5.98683 4.82998
1.00 11.23580 9.03180 7.00811 5.47808 4.38871
o o 0.00 -0.89744 | -0.34845| -0.16605 | -0.09508 | -0.06301
C.=C, 0.50 -0.90198 | -0.40772 | -0.21930 | -0.14140| -0.11054
1.00 -0.90776 | -0.45493 | -0.26406 | -0.18244 | -0.15861
. 0.00 12.46290 | 10.14110 8.51792 7.25414 6.26418
2 0.50 12.05410 9.22925 7.19510 5.65654 4.52240
1.00 11.75210 8.73509 6.61762 5.08751 4.00207
. 0.00 102.49400 | 26.56250 | 11.60300 6.26537 3.80574
M. 0.50 117.68200 | 29.74640 | 12.46850 6.38274 4.30112
1.00 125.54400 | 30.93450 | 12.66300 6.74088 5.29695
0.00 10.12390 5.15389 3.40632 2.50307 1.95083
a_)th 0.50 10.84810 5.45403 3.53107 2.52641 2.07392
1.00 11.20470 5.56187 3.55851 2.59632 2.30151
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for Symmetric Bearing Configuration

Table 9.4a: Dynamic performance characteristics at different values of operating speed ( £2)

Dynamic K 2
Characteristics 0.25 0.50 0.75 1.00 1.25

_ 0.00 0.72100 0.64451 0.80113 0.82803 0.92518
S 0.50 0.69246 0.78651 0.80269 0.86753 0.95108
1.00 0.66363 0.94120 0.81361 0.91238 0.99672
_ 0.00 1.65266 2.53645 2.24906 2.28564 2.12772
Xz 0.50 1.49699 1.84794 1.50080 1.02835 0.84240
1.00 1.39232 1.39737 1.02401 0.68128 0.69955
_ 0.00 -1.51048 | -2.36953 | -1.99056 | -1.81603 | -1.84937
S, 0.50 -1.38971 | -1.67240 | -1.21178 | -1.17320 | -1.39036
1.00 -1.31527 | -1.28199 | -1.05656 | -1.15579 | -1.30941
_ 0.00 1.19050 1.10032 0.63811 0.70692 0.72844
S, 0.50 1.15499 0.78877 0.66779 0.67782 0.76209
1.00 1.12851 0.60451 0.66864 0.80599 0.87558
o 0.00 13.63380 | 10.48620 7.90695 6.31102 5.42928
Cx 0.50 13.22850 9.46530 6.75878 5.24605 4.48248
1.00 12.91800 8.94785 6.37601 4.90450 4.29698
o . 0.00 0.22762 0.13641 0.09304 0.07177 0.01867
C, =C, 0.50 0.22356 0.12070 0.07115 0.05282 0.01545
1.00 0.22198 0.11189 0.05593 0.03965 0.01419
. 0.00 11.65860 9.26673 7.12250 5.70099 4.88047
2 0.50 11.19680 8.23968 5.82411 4.35693 3.61485
1.00 10.84280 7.66394 5.29243 3.94816 3.38560
. 0.00 63.31260 | 14.43570 | 10.50390 7.05529 5.54934
M, 0.50 68.79750 | 19.83850 | 15.84570 | 14.52050 | 12.45400
1.00 72.12240 | 29.51570 | 23.00110 | 20.47590 | 14.08440
0.00 7.95692 3.79943 3.24097 2.65618 2.35571
a_)th 0.50 8.29443 4.45404 3.98067 3.81057 3.52904
1.00 8.49249 5.43284 4.79597 4.52504 3.75290

9.2a CLOSURE

The study of non-recessed slot-entry hybrid journal bearing system has been
carried out considering the effect of viscosity variation due to temperature rise and non-
Newtonian behavior of the lubricant. The computed results indicate that these two
parameters influence the static and dynamic performance characteristics quite
significantly. The results presented in chapter deals with the commonly used bearing
configurations i.e. symmetric and asymmetric. The computed results are expected to be

useful for the slot-entry bearing design.
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PART B

9.1b COMPARISON OF PERFORMANCE CHARACTERISTICS

The comparison between the performance characteristics of the non-recessed hybrid
journal bearings compensated with constant flow valve, capillary and orifice restrictors
along with slot-entry journal bearing has been presented in this chapter. This would help
the designer to select a particular bearing configuration in conjunction with a suitable
compensating device to obtain the improved performance. The numerically computed
results are compared for the bearings compensated with different restrictors having

operating and geometric parameters as shown in Table 1.1 The value of concentric design

pressure ratio ( ﬂ*) is taken as 0.5 for all bearings. The slot width ratio (SWR) for the

slot-entry journal bearing is taken as 0.25. The performance characteristics are plotted for
both symmetric and asymmetric configuration for direct comparison in terms of bar
charts as shown in the Figs. 9.1b through 9.12b. The performance characteristics are

drawn for thermohydrostatic cases with lubricant having non-linearity

factor K = 0.0,0.5,1.0.

MINIMUM FLUID-FILM THICKNESS (h,;,,)

The comparison of value of minimum fluid-film thickness of the non-recessed hybrid
journal bearing configurations compensated with different flow control devices is shown

in the Figs. 9.1b and 9.2b. It is observed from Fig. 9.1b that for symmetric bearing

Wy =1.0,Q=10,8" =0.50,8, =0.254=1.0 B crv cap B ori sLoT
0.80 —
=
0.70 - E
hmin E
0.60 - —
0.50 = L

THS(K-0.0) THS (K -05)

Fig. 9.1b: Comparison ofh,;,: Symmetric configurations
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configuration, constant flow valve compensated bearing shows maximum value of

minimum fluid-film thickness (h,,;,) while the capillary compensated bearing shows the

lower value of h,, for both Newtonian and non-Newtonian lubricant. For symmetric
bearing configurations the following trend is observed:

Nsin [orv > Misin [or1 > i [sLoT > Piin lcap

In the case of asymmetric bearing configuration, following trend is observed for all

values of the non-linearity factor of the lubricant.

Ninin lcap > imin lort > Pmin IsLoT > Nmin lcrv

BEARING FLOW (Q)

The Figs. 9.3b and 9.4b show the variation of bearing flow requirement Q of all the non-

recessed journal bearings studied. It is clear from the figures that flow requirement of
symmetric non-recessed journal bearing is found to be more as compared to similar
asymmetric configuration. The bearing flow is largest for capillary compensated journal
bearing for all values of the non-linearity factor for both configurations. Following trends

are observed for symmetric and asymmetric configurations.

Q lcap>Q IsLot > Q lori > Q Icry

ECCENTRICITY RATIO (¢)

It is observed from Fig. 9.5b that for symmetric bearing configuration, constant flow
valve compensated bearing shows minimum value eccentricity ratio (&) while the
capillary compensated bearing shows the maximum value of eccentricity ratio(s) for
both Newtonian and non-Newtonian lubricant. For symmetric bearing configurations the

following trend is observed:

€ keap> € kLot > € bori > € kerv

In the case of asymmetric bearing configuration Fig. 9.6b, following trend is observed for

all values of the non-linearity factor of the lubricant.

€lrv > € kLot > € bori > € loap
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Fig. 9.6b: Comparison of & : Asymmetric configurations

STIFFNESS COEFFICIENTS (Syy.Sy,S,-S,)

From the Tables 9.1b and 9.2b it may be noted that the value of direct fluid-film stiffness
coefficient S « 18 largest for constant flow valve compensated symmetric and asymmetric
bearing configurations for all values of the non-linearity factor of the lubricant. In
general, the value of S, is seen to follow a definite pattern.

Swx Icrv > Sux lori > Sxx lcap™ S Istor Symmetric configuration

Swx Icrv > Sux lort > Six IsLot > S lcap Asymmetric configuration

It is noticed that the values of cross-coupled coefficient S,, are more for symmetric

bearing configuration as compared with asymmetric configuration. For symmetric and

asymmetric configurations, constant flow valve compensated bearing shows the largest
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value ofS,, for Newtonian and non-Newtonian lubricant. For asymmetric bearing

configurations no definite pattern is observed while for symmetric bearing configuration

the following trend is observed for all values of the non-linearity factor of the lubricant.

Sz lcrv>Sxz lori > S Isot > Sie leap Symmetric configuration

The values of cross-coupled coefficient S,, are negative for both configurations. For

symmetric and asymmetric configurations, constant flow valve compensated bearing

shows the smallest value of S,, for all values of the non-linearity factor. For both the

configurations, following trend is observed for all values of the non-linearity factor of the

lubricant.
S ~ kepy < S ~ bori < S ~ Lot < S ~ kap Symmetric and Asymmetric configurations.
It may be observed that values of direct stiffness coefficient in vertical direction (S, ) are

more in the case of symmetric configurations than that of values of S. ;; provided by

corresponding asymmetric configurations irrespective of type of compensating element

used. It is further observed that for the same geometric and operating parameters, the

value of S. ,; 18 largest for constant flow valve compensated bearings followed by orifice,
capillary compensated and slot-entry bearings. For S,, following pattern is observed:

S, lcrv > Sy lort =S lcap™ Sy Isior Symmetric and Asymmetric configurations

DAMPING COEFFICIENTS (C,,,Cy;,C».C)

It can be observed from Tables 9.1b and 9.2b that constant flow valve compensated
bearing provides largest value of direct damping coefficient C,, as compared to other
compensated bearings for symmetric and asymmetric configurations, when the bearing is

operating with both Newtonian and non-Newtonian lubricant. The following pattern is

observed for all values of non-linearity factor of the lubricant:

Cyy lcev > Cox lor1 > Cux lsLoT > Cux lcap Symmetric and Asymmetric configurations

The values of the cross-coupled coefficient, C,, ~ C,,, indicates that these coefficients

are found to be smallest for constant flow valve compensated bearing configurations for
all values of the non-linearity factor of the lubricant. For cross-coupled damping
coefficients following patterns are obtained for symmetric and asymmetric

configurations.
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Table 9.1b: Comparison of Stiffness and Damping Coefficients: Symmetric

Configuration.
Dynamic K Restrictors

Characteristics CFV CAP ORI SLOT
0.00 1.9568 1.6628 1.8340 1.4923

_XX 0.50 1.2281 1.1867 1.1916 1.0939
1.00 1.3037 1.0689 1.1213 1.0435

0.00 4.4846 3.3952 3.9378 3.5985

S,, 0.50 2.7392 2.2918 | 25625 | 2.3908
1.00 2.0641 1.9490 2.1167 2.0106

0.00 -4.7157 -3.4996 -4.0572 -3.7193

_zx 0.50 -2.7773 -2.4334 -2.7164 -2.5366
1.00 -2.2505 -2.1512 -2.2379 -2.1733

0.00 1.9787 1.7278 1.8821 1.5944

_ZZ 0.50 1.2807 1.2540 1.2704 1.1933
1.00 1.2003 1.1565 1.1778 1.0770

0.00 9.5901 7.1493 8.3164 7.4895

_XX 0.50 7.3318 5.7743 6.5810 5.9868
1.00 6.6749 5.28225 5.9830 5.4781

0.00 -0.1427 -0.0922 -0.0709 -0.0951

C,=C, 0.50 -0.1851 | -0.1382 | -0.1261 | -0.1414
1.00 -0.2585 -0.17753 -0.1740 -0.1824

0.00 9.3085 6.9817 8.0593 7.2542

_Zz 0.50 6.8240 5.5248 6.2022 5.6565
1.00 6.0131 4.98321 5.5188 5.0875

Cxz #Cuxlori >Cyxz # Cox lcap >Cxz ® Copx Istor >Cxz ® Ciux Icrv
(Symmetric configuration)
Cyxz ®Cax lcap>Cxz # Cox IsLor >Cxz ® Cox lori >Cxz ® Cox lcry

(Asymmetric configuration)

The values of direct damping coefficient C,, shows similar behavior for both
configurations as observed for the case of C,, and is given as.

Cs lerv>Co lorI > Cs IsLor>Cpz [cap Symmetric  and  Asymmetric
configurations
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Table 9.2b: Comparison of Stiffness and Damping Coefficients: Asymmetric

Configuration
Dynamic 73 Restrictors
Characteristics CFV CAP ORI SLOT

0.00 1.1923 1.0167 1.0431 1.0280

S_XX 0.50 1.0766 0.8289 0.9574 0.8675
1.00 1.1317 0.8877 1.0011 0.9124

0.00 2.9374 2.2562 2.2830 2.2856

S, 0.50 1.0543 1.0261 | 0.8583 | 1.0384
1.00 0.6937 0.6497 0.6776 0.6813

0.00 -2.2345 -1.7721 -2.1439 -1.8160

_ZX 0.50 -1.5768 -1.1416 -1.3436 -1.1732
1.00 -1.5584 -1.1100 -1.3154 -1.1558

0.00 0.9512 0.7147 0.8571 0.7069

_ZZ 0.50 0.8969 0.6894 0.7953 0.6778
1.00 1.0071 0.8137 0.8879 0.8060

0.00 6.7412 6.1510 6.3953 6.3110

C. 0.50 55986 | 4.8372 | 5.2907 | 5.2461
1.00 5.2888 4.4630 4.9409 4.9045

0.00 -0.3048 0.0183 -0.1031 0.0078

C,=C, 0.50 -0.6112 | -0.1314 | -0.3339 | -0.1528
1.00 -0.8311 -0.2808 -0.5155 -0.3396

0.00 6.6942 5.6934 6.1456 5.7010

C, 0.50 51314 | 4.2492 | 4.6516 | 4.3569
1.00 4.7683 3.8566 4.2654 3.9482

STABILITY PARAMETERS (M, and @y,)

The bearing stability margin in terms of critical mass (I\WC) and threshold speed ( @y, )

computed for different non-recessed compensated bearings are presented in Figs. 9.7b
through 9.10b. The comparative study of all the bearing configurations shows that for all
values of non-linearity factor (IZ=0.0,0.5,1.0) of the lubricant, the constant flow valve
compensated bearing provides largest value of stability margin for symmetric and
asymmetric configurations. It is clear from the Figs. 9.8b and 9.10b that the stability
margin of all non-recessed compensated bearings of asymmetric configurations increases

with increase in the non-linear behavior of the lubricant. The following trend is seen for

the stability margin for symmetric and asymmetric bearing configurations:

For Symmetric Bearing configuration
M /@ [ery > M @ lopi > M | @y eap>M ¢ | @, lopor
For Asymmetric Bearing configuration

M /@ Icpv > M | @y g > M/ @y lsor >M ¢/ @y, |ear
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Fig. 9.10b: Comparison of @, : Asymmetric configurations

FLUID-FILM TEMPERATURE (T; ) DISTRIBUTIONS

The comparison of value of maximum temperature rise of mid-film of the non-recessed
hybrid journal bearing configurations compensated with different flow control devices is

shown in the Figs. 9.11b and 9.12b. It is observed from Fig. 9.11b that for symmetric
bearing configurations operating with the Newtonian lubricant( K =0.0), slot-entry

bearing shows largest value of maximum temperature rise of the fluid-film ('rf_max ),

while operating with the non-Newtonian lubricant( K =0.5,1.0), the constant flow valve

compensated bearing shows largest value of maximum temperature rise of the fluid-film

('rffmax). For symmetric bearing configurations the following trend is observed for

Newtonian and non-Newtonian lubricant.

Tf—max |SLOT >Tf —max ICFV >Tf—max ICAP >Tf —max IORI Newtonian Lubricant ( K:O'O)

Tt max kerv =T max lort > Tt —max keap > Tt _max kLot Non-Newtonian Lubricant

(K=0.5,1.0)
From the Fig. 9.12b it is clear that the maximum temperature rise of the fluid-film is

found in the constant flow valve compensated bearings operating with Newtonian and
non-Newtonian lubricant. Following trend is observed for asymmetric bearing

configuration operating with Newtonian and non-Newtonian lubricant.

Tf—max ICFV >Tf—max IORI >Tf—max |SLOT >Tf—max ICAP Newtonian Lubricant ( K =0.0)

Tt max krv > Tt -max lori > Tt _max kap > Tt _max ksLor  Non-Newtonian Lubricant
(K=0.5, 1.0)
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It may be observed that the value of the temperature rise increases with increase the non-
linearity factor of the lubricant for the non-recessed hybrid journal bearing configurations

compensated with different flow control devices.

168 1 W, =1.0.0=10.5" =050.8, =025 2=10 g crv CAP [ ORI SLOT
Tt e N = gf"
= Eg
1.62 E E%
= =
= Eé
= =

THS(K=0.0) THS(K=0.5 THS(K=1.0

Fig. 9.11b: Comparison of Maximum Temperature of Mid-Film: Symmetric configurations

1.98 -
W, =1.0,Q=1.0,4" =0.50,a, =0254=1.0 B crv [ cAp [ ORI SLOT
1.92 { = =
Tt -max — —
186 { = =

THS(K=0.0) THS(K=0.5) THS(K=1.0)

Fig. 9.12b: Comparison of Maximum Temperature of Mid-Film: Asymmetric configurations

9.2b CLOSURE

The comparison between the performance characteristics of the non-recessed hybrid
journal bearings compensated with constant flow valve, capillary and orifice restrictors
along with slot-entry journal bearing has been presented in this chapter. This would help
the designer to select a particular bearing configuration in conjunction with a suitable
compensating device to obtain the improved performance. In general, it has been found
that a constant flow valve compensated non-recessed symmetric hybrid journal bearing
gives superior performance from the point of view of minimum fluid-film thickness and

stability parameters.
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CHAPTER 10

CONCLUSIONS AND FUTURE SCOPE

10.1 CONCLUSIONS

This chapter summarizes the important results as discussed in chapter 4 to chapter 9.

Some of the conclusions drawn from the research work are:

1. When the influence of viscosity variation due to temperature rise and non-
Newtonian behavior of the lubricant is considered, it is observed that pressure
distribution and fluid-film thickness profiles get affected. These alter the static and
dynamic performance characteristics of the non-recessed hybrid journal bearings.

2. The viscosity of the lubricant decreases due to the rise in temperature and increases
in the non-linearity factor K of the lubricant. In general, the effect of the decrease in

the viscosity of the lubricant is to reduce the minimum fluid-film thickness (h,, )

for the bearing with the given operating and geometric parameters. Such reduction

in the value of hy,, should be accounted while designing a bearing to maintain a

safe design value of hy;, .

3. Itis found that there is an increase in the oil requirement for a hybrid journal bearing
with the specified operating and geometric parameters, when the viscosity of the
lubricant decreases due to the rise in temperature and non-Newtonian behavior of
the lubricant. In case of capillary, orifice compensated bearings and slot-entry

journal bearings, the percentage increase in the value of Q is observed to be of the

order of 38.5%, 18.4% and 18.1% respectively for symmetric configuration and of
the order of 27.8%, 8.8% and 4.6% respectively for asymmetric configuration
operating with non-Newtonian lubricant having K =1.0 as compared to K =0.0 at
W,=1.0, =10, a,=0.25and 1=1.0.

4. If a non-recessed journal bearing system operates at low operating speeds, the
velocity gradient between bearing bush and journal remains less. The heat generated
due to viscous friction at lower velocity gradient is small for the same value of
inverse Peclet number and dissipation number. This results in less increase in
temperature of fluid-film and hence the change in bearing performance

characteristics is less at low operating speeds. However, at high operating speeds,
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the temperature rise is substantial to make significant variation in performance
characteristics.

It is found that there is decrease in the viscosity of the lubricant due to rise in
temperature and increases in the non-linearity factor K of the lubricant. The effect
of the decrease in the viscosity of the lubricant is to enhance eccentricity ratio (&) of
constant flow valve, capillary, orifice compensated journal bearings and slot-entry
journal bearings (symmetric /asymmetric configuration) with the specified operating
and geometric parameters. It is imperative for the bearing designer to account this
increase in eccentricity ratio (&) while designing a bearing.

It is found that there is decrease in the value of direct damping coefficients
(C,, and C,, ) for constant flow valve, capillary compensated hole-entry hybrid
journal bearings and slot-entry hybrid journal bearings (symmetric /asymmetric
configuration) with the specified operating and geometric parameters, when the
viscosity of the lubricant decreases due to the rise in temperature and non-
Newtonian behavior of the lubricant. This is quite important from bearing designer’s
viewpoint.

For a constant flow valve and capillary compensated hole-entry hybrid journal
bearing (symmetric/asymmetric configuration)with the specified operating and
geometric parameter, the value of direct fluid-film stiffness coefficients in vertical
direction (S,, and S,,) is found to decrease due to the decrease in viscosity
because of non-Newtonian behavior of the lubricant and rise in temperature for the
bearing. This is quite important for bearing design.

A comparative assessment of the non-recessed hybrid journal bearing system
performance for all the compensated bearings is carried out for the same bearing
operating and geometric parameters i.e. W,=1.0, Q=1.0, 1=1.0, a,=0.25 and for
the same lubricant (P,"and D,) and same configuration (symmetric). In general, a
constant flow valve compensated non-recessed hybrid journal bearing gives superior
performance from the point of view of i, Syy /72 Cux/zz: Mcand @y, .

It is found that there is decrease in the value of direct fluid-film stiffness coefficient
(S,,) for slot-entry hybrid journal bearings (symmetric configuration) with the

specified operating and geometric parameters, when the viscosity of the lubricant
decreases due to the rise in temperature and non-Newtonian behavior of the

lubricant. This is quite important for bearing design.
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10.

11.

12.

13.

14.

The results of constant flow valve compensated non-recessed hybrid journal bearing
reveal that the value of h.;, gets reduced and thus making the journal to run at

higher eccentricity ratio (&) when the viscosity of the lubricant decreases due to the

temperature rise and non- Newtonian behavior of the lubricant. The reduction in the
value of hy,;, can however, be compensated by selecting a proper value of restrictor
flow Q.

The stability of a constant flow valve compensated non-recessed journal bearing
system (symmetric) is found to decline for a constant restrictor flow(Q,)when the
effect of variation of viscosity caused due to temperature rise and non-Newtonian
behavior of the lubricant is accounted for a given value. The loss in stability margin
can be regained by selecting proper value of restrictor flow Q. .

For a constant flow valve compensated non-recessed hybrid journal bearing, it is

observed that to maintain a desired value of W, for a required value of h.;,, a

designer needs to make a proper selection of the parameters I3e* and D, (Lubricant
type), non-linearity factor K and bearing configuration (symmetric/asymmetric).
Similarly, a designer can choose above mentioned parameters to get the desired

value of critical mass (M.) for a required value of minimum fluid-film

thickness hppip, -

For a capillary compensated hole-entry  journal bearing  system

(symmetric/asymmetric configurations), the value of minimum fluid-film thickness
(hnin) reduces due to the decrease in viscosity because of consideration of thermal
effects and the non-Newtonian behavior of the lubricant. This reduction in the value

of h.i, may be compensated to maintain the designed value of h.;, by taking
suitable values of restrictor design parameter (C, ). Therefore, a judicious selection
of the value of restrictor design parameter (C,,) is essential to maintain a required

fluid-film thickness between journal and bearing.
The variation in viscosity due to temperature rise and non-Newtonian behavior of
the lubricant do not effect the stability margin of capillary compensated hole-entry

hybrid journal bearing (symmetric configuration) operating with restrictor design

parameter (C,,=0.10).
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15.

16.

17.

18.

The results of orifice compensated non-recessed hybrid journal bearing indicate that
the value of h;,gets reduced and thus making the journal to run at higher

eccentricity ratio (&) when the viscosity of the lubricant decreases due to the

temperature rise and non- Newtonian behavior of the lubricant. This reduction in the

value of h,,;, can however, be compensated by selecting a proper value of restrictor
design parameter (Cy,).

In the case of slot-entry hybrid journal bearing system, the static and dynamic
performance characteristics due to viscosity variation with temperature rise of the
lubricant film and non-Newtonian behavior of the lubricant, vary in a similar pattern

as observed for the case of capillary compensated hole-entry journal bearing system.

Further, a reduction in the values of h.,;, is observed to be of the order of as high as
73.6% at W,=1.5 (non-linearity factor K=1.0) for an asymmetric bearing

configuration.
The stability margin of slot-entry hybrid journal bearing (symmetric/asymmetric
configuration) increases with viscosity variation because of temperature rise and

non-Newtonian behavior of the lubricant. The maximum percentage increase in the

value of M, is found to be of the order of 66.9% and 82.8% for symmetric and
asymmetric bearing configuration respectively at W,=1.5, when the bearing is

operating with non-Newtonian lubricant with K =1.0 as compared to the K =1.0. A
bearing designer needs to consider these effects, in order to maintain a safe stability
margin for a slot-entry journal bearing system.

The blockage of holes during operation will not be the likely cause for the imminent
failure of a well designed non-recessed hole-entry hybrid journal bearing. The
bearing configuration with plugged holes provides sufficient fluid film thickness and
low power requirement as less lubricant is required to be pumped in the bearing. The
increase in the direct stiffness coefficients and decrease in the whirl frequency ratio
make the bearing system more stable. Moreover, the load carrying capacity of the

bearing also increases due to the plugging of the holes.
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10.2 FUTURE SCOPE

The present work involves the study of thermal effects in non-recessed hybrid journal
bearing operating with non-Newtonian lubricants. However, there are certain limitations
based on few assumptions considered for the analysis. In the present work the effect of
flexibility of the bearing shell has not been considered. Moreover, a skyline matrix
approach to store the finite element matrices would reduce requirements and the process
time for the analysis. Thus it is needed to include this capability in order for the program
to be more effective.
Since this thesis has not resolved all issues about hybrid journal bearing design, there are
a few important tasks to consider for the future. Further investigations may be carried out
considering the following additional parameters to get more real and accurate results:

1. Elastic and thermal deformation of the bearing shell

2. Misalignment of the journal in the bearing

3. Surface roughness of the bearing in transverse and longitudinal direction

4. Fluid film inertia effects

5. Micro-polar fluid, Ferro-fluid, Cryogenic fluid as lubricants
A “Thermoelastohydrostatic performance of non-recessed misaligned journal bearings
with non-Newtonian lubricants considering the effect of surface roughness” could be a

topic for further research.
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APPENDIX-1

Table A 1.1: Bearing Geometric and Operating Parameters

Bearing Type

Bearing Geometric Parameter Symbol Hybrid dHydro_— Unit
ynamic

Journal Radius R; 50 50 mm
Bush External Radius R, 55 100 mm
Radial Clearance c 0.05 0.145 mm
Bearing Length L 100 80 mm
Bush Thickness t, 5 mm
Land Width Ratio a,/L 0.25 - —
Lubricant Characteristics
Specific Heat C, 2000 2000 | J.kgt.K*?
Density 2y 860 860 kg. m?
Thermal Conductivity K 0.125 0.13 W.mt. K?
Viscosity ( at 40 degree Celsius) Lot 0.02636 0.0277 Pa. s
Operating Parameters
Journal Speed N 2500 2000 rpm
External Load W, 22.4 1to 10 kN
Supply Pressure P 8.96x10° | 70x10° N. m?
Supply Temperature T 40 40 °C
Ambient Temperature T, 40 40 oc
Other Parameters
Convection Heat Tr_ansfer Coefficient hy 50 80 W.om?2 K2
between bush and air
Thermal Conductivity of Bush Ky, 50 250 W.m*. K*
Thermal Conductivity of air K, 0.025 0025 | wW.m! K*?
Density of the air Pa 1.3 1.3 kg. m*
Specific heat of air Cpa 1005 1005 J. kgt K?
Viscosity of air Ha 0.002 0.002 Pa.s
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APPENDIX-2

DESIGN OF
NON-RECESSED HYBRIDJOURNABEARING
OPERATING WITH NON-NEWTONIAN LUBRICANT
CONSIDERING THERMAL EFFECT

To design the non-recessed hybrid journal bearing the detailed consideration is to be

given to the design parameters i.e. land width ratio(&,), aspect ratio(A), radial
clearance(C ), supply pressure( p,), restrictor design parameter( C_Zsz ), restrictor flow( QC ),
Viscosity of the lubricant( z), the ratio of the friction power(H;) to the pumping
power( H ) dissipated as heat through the bearing and the maximum rotational speed(N )

at which the bearing operates. The correct selection of the relevant parameters is essential
in bearing design to achieve high load carrying capacity, high stiffness, moderate flow-
rate and low total power dissipation.

In the previous chapters, the complete design data have been presented for the
different configurations of the non-recessed hybrid journal bearings operating with non-
Newtonian lubricant. This data enables the designer to achieve a suitable bearing design.
The basic design procedure is illustrated by the following design example.

EXAMPLE
Design a hole-entry hybrid journal bearing which meets the following specifications.

Load 22.4 kN

Rotational Speed 3450 rpm
Supply Pressure 8.96 MN/m”
Journal Radius 50 mm
Radial Clearance 0.05 mm
Supply temperature 40°C

The suitable mineral oil (SAE 32) with kinematic viscosity index of 95 has been selected
for the lubrication of the high speed bearing.
The viscosity of the lubricant at 40° C g, = 0.025 N-sec/m’

The value of the external load (VVO) and the speed parameter (Q) is calculated as under.
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_ 224000
(0.05)* x8.96x10°

Q= a)J(luerz/Czps)

_ 27x3450(  0.025x(50)° 10
60 (0.05)* x8.96x10° )

W, = (W,/p.R3)

Q

Consider a symmetric non-recessed hybrid journal bearing compensated with constant
flow valve and operating with non-Newtonian lubricant having non-linearity factor K
=1.0 with geometric parameter L/D=1.0, a, /L=0.10 and restrictor flow Q,=0.0647

For a bearing operating with W,=1.0, Q=1.0, L/D=1.0and a, /L=0.10, the average mid

film temperature can be obtained from the Fig. A 2.1

A=1.0,8, =0.10,Q, =0.0647,K =1.0
Q=125
61.00 A __//
2=1.00
54.00 A
T, Q=075
47.00 -
2=050
02=025
40.00 T T T T T
0.00 0.25 0.50 0.75 1.00 1.25 1.50

W,

Fig. A 2.1 Mid-Film Temperature

Mid film temperature T¢= 56.6°C
The viscosity of the lubricant at 56.6°C can be calculated by using temperature-viscosity
relation given in section 2.1.4 of chapter 2. Viscosity of the lubricant at 56.6°C is 0.0125

N-sec/m”.

For the above conditions the performance characteristics can be obtained from the Table

6.9 and 6.11. Static and Dynamic performance characteristics corresponding to land width

ratio @,=0.10 and non-linearity factor K =1.0 are as under.

240



STATIC CHARACTERISTICS DYNAMIC CHARACTERISTICS

h,,=0.51813 S,.=1.29813
B S, =0.86320
Q=1.55280 _

C, = 7.08827
$= 66.84020 C,=6.11744

M,=17.41750
£=0.48551

@, = 4.17344

The performance characteristics in the dimensional form can be obtained as under.
Minimum fluid-film thickness h , =h_. xc=0.51813x0.05x10” m

=2.59066 x10”°m
Flow rate through the bearing

Q = (1, /¢°ps)Q

1.5528=Q 2'225 -
(0.05x107)" x8.96x10

= Q =6.9565% 107 m*/sec
Pumping Power H,=Qx p, =6.9565x 107 x 8.96x10°W
H, =6233W
Friction Power H, = M
2
H, = 0.0125(7 x 0.1x0.1)(« :0.1 x57.5)" | _ 4946.4 W
2.59066x10

H
Power Ratio K = —— = 494635 _ 7.9

H 623.30

P
It has been shown by Rowe and Koshal (1980) that the recommended range for the
power ratio (K) in case of the hybrid journal bearing is 3 < K <9. As the power ratio

in the above designed bearing is 7.9, so the bearing is efficient on load/power basis.
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STABILITY OF JOURNAL BEARING SYSTEM

Threshold Speed of the journal is given by

@D = a)th
th ,—g I
1
w0, = 4.17344(L1_3j2 — 1848.60 rad/s
0.05x10
Rotational speed of the journal is given by
o, =220 _ 361 3 radss
As @; <@, , So the journal bearing system is stable.

Direct stiffness coefficients (S, & S,,) can be obtained as

S_xx = Sxx = 2
pst

1.29813= S

0.05x107
8.96x10° x (0.05)°

= S, =581.6 MN/m
Similarly,
0.05x107°
“8.96x10° x (0.05)

0.86320= S

= 5, =386.7MN/m
Direct damping coefficients (C, & C,,) can be obtained as

3
C_:xx :Cxx( ¢ 4}
/uer

(0.05%107)°
0.025x (0.05)"

7.08827 = CXX(

= C, = 8.8 MN.s/m
Similarly

-3\3
6.11744=c, | 005x107) )4
0.025x (0.05)

= C, = 7.6 MN.s/m
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APPENDIX-3

(&)

DESCRITIZATION AND DYNAMIC MODELING

Fig.1: Lubricant flow field discretization using 4-noded quadrilateral isoparametric elements

for finite element formulation of Reynolds’ equation

Total number of elements = 48; Total number of nodes = 60; Nodes per element = 4

9 14 19 24 29 34 39 44 49 54 59
7 11 15 15 23 27 31 35 39 43 47
8 13 18 23 28 33 38 43 48 53 58 3
6 10 14 18 22 26 30 34 38 42 46
7 12 17 22 27 32 37 42 47 52 57 2
5 9 13 17 21 25 29 33 37 41 45
6 11 16 21 26 31 36 41 46 51 56 1
4 8 12 16 20 24 28 32 36 40 44
5 10 15 20 25 30 35 40 45 50 55 0




vve

134 13 144 149 154 159 164 168 174 178
ES 59 63 67 71 75 79 83 87 91 95
e i e = w6 e 12 i 422 Film Journal Interaction
safil ssfil 62y e6/1 70/ 1 74 1178 [} 82 [} sefi} S0/} 94 113 118
132 ER 142 147 152 157 162 167 172 177 122
53/ 11 5711161 651169 77/ 77 31/ 85 ss/ 97/
151 A 141 145 pR:SF 156 161 166 i71 176 171
3| 135 40 Ha5| 150 = 16 &S| 170 75 Hz0]
[ 7 7| B 88 1 o5 10a 1059 134 119 1p4
{3 7 7 1 i__J__i/ 1f3 1l 1 {3 1} 143
/ / / j Mid Film
2 7 7 8] B 9, 9 192l 1 143 147! 182
L 7 5 5 g! o g/ 141 1l 141l 1/ 171
5/ i 7] J B ] g 10l 175! 1j0l 1£ 130
4 E; it 1 2 g 3 3 an 42 5 * 4
S 1 15iriag il 23y 2 31 / 3500139011 45111 a7
B 1 1i 24 2 4 4 5 5 E
2 6 14 Ay 18 22010 26 1Y 30 1Y 34| 38 42| | i 46 53 58
2 7 1 1 2 z 9 3 4 4 2 2 d Film Bush Interface
1 5 9 13 17 21 25 29 33 37 41 45
1 5 1 1 I 2z 3 El 4 41 5 5 il
0 | 4 8 120/ 16| 20| 24| 28| 32| 36 || a0 | aa . g
- = 20 25 S0 35 40 35 50 5 0
Enlarged View of an element

Fluid Film
Fig. 2: Fluid film domain discretization using 8-noded hexahedral isoparametric elements

for finite element formulation of 3D energy equation
Total number of elements = 96; Total number of nodes = 180; Nodes per element = 8
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Fig. 3: Bush discretization using 8-noded hexahedral isoparametric elements
for finite element formulation of 3D heat conduction equation

Total number of elements = 96; Total number of nodes = 180; Nodes per element = 8
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APPENDIX-4

FINITE ELEMENT FORMULATION OF REYNOLD’S
EQUATION

The Reynold’s equation in non-dimensional form is

o (hsF %j d [h , éﬁj Qli{l_ijﬁ}Pi ...B2.2
da oa) op 0B da Fo ot

The expression for fluid film thickness is given as under
h=1-X,cosa-Z,sina ...B2.3

So, the Reynold’s equation in non-dimensional form becomes

@(hsF ‘%] 6 h3 |: 65 _Qi 1—25 —)?jcosa—ZTjsina ...B2.4
oa oa) OB 0P oa Fo

Using Orthogonality condition of Galerkin’s method, we have:

>l ap h°F, ap _ol 1B + X, cosa+Z sina N dadf =0
A a i 5/3 208 oa|” F

PART -1 PART -2

PART -3

...B2.5
Where, n. = Total no. of elementsandi=1,2,3 ...... n (no. of nodes per element)

Part wise integration of PART-1 of equation B2.5

”aa(thijdad,B thadeﬁ J'J'hFapaa dadp Or

2 [°E op Ndads = [B'F, PN o7 —ﬂh E PN s
re e * 3a o

7eaCZ Vol

Similarly, Part wise integration of PART-2 of equation B2.5

0 op op oN
”aﬁ(hFa;deadﬂ th de thapaﬂdadﬁOr

op 8p 8p8N
”aﬂ[h F, aﬁjN dadf = jh F, ﬁl N.AT jjh F, : 36 op “idadp

Part wise integration of PART-3of equation B2.5
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j_!Q{%(l %} }N dodf = jQ(l—FJhN dp - HQ[l—%Jh%dadﬁ or,
{jQ{%(l J }N dad = jg(l_:]hl\lmre ”Q(l—%] %dadﬂ

Where, |, and |, are direction cosines.

T ||,:r||

0

Substituting these values in equation B2.5, the equation becomes as below:

s [j[h 3 a'Dl LR 9P ]N s jj{ ( op N, +€@%J}dadﬂ
AR B > 50 0o | 208 0

_ I_Q(l ]hN,lldre + ”Q{l—i—]h%dadﬂat [[X,cosaNdadB + [[Z, sinaNidad,b’} =0
o 2 28

0
- [—s(—apaN, —apeN,
h|F L F L gadp |=
21” {2601605 zaﬂaﬁj}aﬁ}
SN P T £ op |, [N.dre
=[N o F, 208 ¥

F, }-oN, 7 7 i
”Q(]__F:ljhadadﬂJrng cosaNidadﬂ+7{£Z,- sinoN;dadf3 ...B2.6

0

Re

The equation B2.6 is written in matrix form

2FrPr)- 2oy ey X, Ry f 2 R, f] B2.7
Where,
_ _[_ 6N.ON; _ oN. ON;
I:ije =] ha{Fz N, : +F, N, J}dQe ...B2.7a
o° da da B op
Qf = ‘35@—9 “hR |1+[53ﬁ2@j|2 N,dr® ...B2.7b
e da o 0
RS = 1- 5 N e ...B2.7¢
el Ry oa
R,.* = IN;cosa d@° ...B2.7d
J o°
= [N, sina dQ° ...B2.7e
_Qe

248



After assembling the contribution of all elements, the global system equation is written as

FlfPl=R}+a R+ X, R+, R} ..B238
Where,

[F] = assembled Fluidity Matrix,

{p}  =nodal pressure Vector,

{6} = nodal Flow Vector,

{R,, } =column Vectors due to hydrodynamic terms and
{ﬁx } {ﬁz } = global right hand side vector due to journal center velocities.

The global system equation B2.8 in the expanded form is given as under:

F11 FlZ Flj Fln El 61 RHl Rle RZjl
'Eil 'Eiz I?ij I?in Pi 6. ﬁHi _ Rin _ RZji
K kK SV T (PR (PA L [.B29
Fi Fi Fj Fin | | P; Q; Ry Xij 2
_Enl lEnZ lEnJ _nn_ En 6n ﬁHn ijn RZjn
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